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Notice No. 2 should read Notice No. 3. 

700 should read 770. 

oil slurries should read ore slurries. 
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was eventually shown only as a slide during the presentation 
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ANCHORING AND MOORING 


by A. K. BUCKLE 


During the last decade there has been a whole series of 
changes in the field of anchoring and mooring that have 
affected not only the Society’s Rules, but the whole attitude 
to the subject by the shipping and ocean engineering industries. 
This has resulted in a considerable number of enquiries being 
received in London H.Q., many of which were similar to one 
another, and this paper is written in the hope that it will help 
the Author’s colleagues by supplying the background to the 
Society’s present rules and practices. 

It is not meant to be a replacement for Mr. Heck’s paper 
(1)*, which approached the subject from quite a different 
viewpoint. 


High Holding Power Anchors 


The first big change to appear was in anchor design. This 
seems to have originated among the yachting fraternity as an 
attempt to minimise weight on racing craft. It was put on a 
scientific basis by the old British Air Ministry who wanted 
good moorings for flying boats, then by the Admiralty, and 
finally by the Merchant Navy. There was, however, consider- 
able interchange of ideas throughout and no one group 
dominated development, or were completely excluded from it 
at any time: at least not until flying boats ceased to be made 
in the U.K. for military purposes. 

The effects of this research were quite dramatic. In par- 
ticular : — 

(a) The weight of an anchor was shown to be, of itself, of 
little importance, in most types of bottom, in regard to 
the determination of anchor holding power. The critical 
factor was found to be fluke area. Weight did affect the 
issue indirectly, however, because large anchors with high 
holding powers needed to be correspondingly strong; and 
strength, in practice, means weight; bearing in mind the 
limitations on anchor shapes. 

(b) In addition to their area the angle of the flukes relative 
to the horizontal (taking account of the mechanics of the 
bottom soil and of the angle of pull applied by the 
anchor cable) was proved to be of major importance. The 
practical snag here was that any given ship had to be 
able to anchor in all types of holding ground, from fine 
silt to slab rock, and no one design was good (let alone 
ideal) for all conditions. 

(c) Some anchor designs were found to be unstable in service. 
Either they would “walk” on the tips of their flukes, 
instead of burying properly, or else they would bury 
initially and then trip and re-emerge instead of digging 
well into the bottom. 

(d) The weight of the anchor chain per unit length was found 
to be of little importance, but the length of chain was 
critical. Few h.h.p. anchors were able to develop their 
full holding power if the length of chain was less than six 
times the water depth (spoken of as a “scope of 6”) many 
anchors needed a scope of ten as a minimum. This was 
not popular with yachtsmen who like to use a scope of as 
little as three in crowded harbours. In such conditions the 
old Fisherman’s anchor can often prove to be the best 
type. 


* Numbers in brackets refer to the bibliography. 


In spite of the problems encountered, several new designs 
of anchor proved so successful that the Classification Societies 
agreed to permit a 25 per cent weight reduction from their 
normal rule requirements where these designs were fitted. A 
greater reduction was considered, but was decided against 
because absolute weight was critical when anchoring on fla‘ 
slab rock and other similarly hard surfaces. Some Societies 
allowed considerably greater reductions for restricted service 
vessels when it was known that they would only be operating 
in areas with good holding ground throughout their routes. 


Approved Designs 


Lloyd’s Register deals with high holding power anchors 
intended for yachts and ships differently from one another. 
Yacht anchors are approved on the basis of tests which may 
be carried out on models in test tanks. 

In contrast it is necessary to test full size anchors in a 
variety of actual sea beds if recognition as a “high holding 
power anchor” is desired for ship’s anchors. The requirements 
are derived directly from the recommendations of the I.A.C.S. 
Working Party on anchoring and mooring. 

These were first agreed at the June 1969 meeting of the 
working party and were issued by L.R. as SHIP letter No. 77, 
dated 23rd July, 1969. At the July 1970 meeting of the work- 
ing party it was further agreed that at least two sizes of 
anchor should be tested and that the largest should be not less 
than yy of the weight of the largest anchor for which Class 
approval is sought by the manufacturer. 

Fig. 1 shows a plot of holding power against drag of some 
well-designed high holding power anchors and also of a 
traditional type of stockless anchor of about the same weight 
(in fact it was 12 per cent heavier). The greatly superior 
relative performance of the h.h.p. anchor designs in this type 
of bottom (mixed clay, sand and gravel) is typical for the 
majority of good holding grounds. 

Attention is drawn to the I.A.C.S. Working Party’s men- 
tion of the need for comparative tests. This is because the 
existing equipment rules for ships are based on experience, 
and absolute values of the holding powers for ordinary stock- 
less anchors with weights above 2,000 kgs. are not known and 
attempts to extrapolate values for full size anchors from 
model tests have been rather controversial. 

It has been claimed that holding powers can be extrapolated 
on the basis of : — 

(a) Fluke area alone. 
(b) Fluke area x absolute depth of burial. 
(c) Fluke area x a fluke aspect ratio factor. 

All three claims are backed up by experimental results. It 
would seem to the Author that the apparent contradictions 
arise from variations in testing techniques. 

The Classification Societies unified anchors on the basis of 
weight and not fluke area, so, assuming that all anchors are 
geometrically similar, one would expect theory (a) above, 
to predict that holding power would vary as (weight):, that 
theory (b) would predict that for an anchor buried to a depth 
equal to its own width, holding power would vary directly as 
weight and that theory (c) would predict that the holding 
power would vary directly with weight in all cases. 
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In practice anchors are not geometrically similar. This is be- 
cause the design tends to be based on a constant design stress 
modified somewhat to give easy fabrication at minimum cost. 
The result is that the figures available in Head Office seem 
to show the ratio varying from a little less than (weight) * 
for small anchors to a little less than weight, direct, for 
larger ones. Where, however, comparisons between different 
designs have been made at identical weights, the ratio of hold- 
ing powers between the designs stayed more or less constant 
up to weights of about 1,500 kgs., and it is on the strength of 
this that the Societies, including Lloyd’s Register, accept h.h.p. 
anchors on the basis of comparative results rather than on 
absolute values. 

Testing anchors with weights in excess of about 1,500 kgs. 
becomes extremely expensive because it necessitates hiring a 
large tug in order to obtain the necessary bollard pull, and 
having got that, one has still to pay for the equipment needed 
to handle the anchor at the start and end of the experiment: 
Tugs just are not built with large cranes fitted to their sterns 
and drilling rig supply vessels are not usually available. 

In view of the methods employed, and the rule requirement 
that h.h.p. anchors should have at least twice the holding 
power of ordinary standard stockless anchors in order to get 
a 25 per cent weight reduction, it is not necessary to take 
holding power readings with absolute accuracy. It is sufficient 
to note the tug’s propeller r.p.m. readings and use these in 
conjunction with the curve of “bollard pulls against revs” 
derived during the vessels trials. Alternatively, a dynamometer 
can be used. For small anchors it is sometimes possible to 
attach the cable to a tractor, on shore, and so dispense with the 
use of a tug. The Admiralty undertook many tests at Ferry 
Bridge, Weymouth, using this method (2). 

By allowing extrapolation of size up to ten times the weight 
of the largest anchor tested it is possible to cover for ships up 
to about 200,000 tonnes dwt. on the basis of test samples not 
exceeding 1,500 kgs., which seems to the Author to be a 
reasonable compromise. 

At the time of writing 15 designs have been accepted by 
The Society as high holding power anchors. These are: — 


For Ships 
AC 14 
Danforth crown stock 
Danforth Mk III 
Meon Mark 3 
Stokes 
(formerly D.J.3) 


D’Hone 


U.S. Navy L.W.T. Meon Mark 7 
Byers h.h.p. Vicinay G.S. 
COR 


Some are shown in approximate outline in Fig. 2. 


Before leaving the subject of h.h.p. anchors mention should 
be made of a few design features that should be checked 
when a new proposal is submitted for consideration. These 
are: (i) How easily can stones, etc., become wedged between 
the stock and the flukes so preventing the flukes from taking 
up their proper angle? On some early designs this proved to 
be a troublesome problem. (ii) If the ship swings at anchor 
will the stock bend, transeversely, before the anchor breaks 
free and rotates into its new alignment? More than one 
designer has overlooked this possibility, and bending does 
occur if the stock is not strong enough. A proposal was made, 


For Yachts 


All approved for ships 


Danforth Mk VII 
(up to 130 lb.) 

K.L.I. Holdfast 
(up to 60 Ib.) 


"2 


about two years ago, to require a prototype test to determine 
whether the stock had adequate transverse strength on each 
new design, but this was turned down as impractical and 
reliance is placed on experience and common sense which 
seems better than an excess of bureaucracy. 


Determination of Equipment Numeral 


One should never underestimate the Victorians. They seem 
to have thought of almost everything first even if their tech- 
nology was unable to put their thoughts into economic prac- 
tice. A case in point occurs here. In 1857 a certain Mr. Napier, 
in a contribution to Mr. T. Dunn’s I.C.E. paper (3) quoted 
chain diameters for steam ships as being derived from the 


formula 4 / A. 
In 1965 A.B.S., B.V., G.L., L.R., N.K.K. N.V. and R.I.Na. * 
unified their requirements for anchors and cables on a basis of 


diameter x constant = \ ‘/\i+Factor for windage giving chain 
diameters for U,quality chain very close toly/A for small 


ships and |!, a/ A\ for large ones. Large ships, of coursg 
didn’t exist in 1857. 

In between times the Societies had, for many years, based 
their requirements on other criteria such as the volume or 
lateral area of the ship concerned: and had done so because 
these other criteria worked in practice. A major requirement 
with which the I.A.C.S. working party on anchoring and 
mooring felt bound to comply was, therefore, that the unified 
requirements should not result in anchors and cables markedly 
different from those specified under the Societies’ old rules. 
This requirement was underlined when comparisons showed 
that, despite their different approaches, the old rules gave a 
surprisingly small scatter of values; in general not greater than 
2 grades for most types of ship. 

The central feature of the unified rules is the concept that 
when a ship swings at anchor it will tend to head into wind 
and tide so that an actual or idealised cross-sectional area, 
including superstructures, was the reality on which the Equip- 
ment numeral should be based. 


Miscellaneous 

Matrosov 

(for hydrofoil craft) 
D’Hone (for 2 trawlers 

as a special case) 
A new, as yet unnamed, 

Italian design is currently 

being considered 


This was done and values for the constants were chosen to 
give a balance between windage and tidal current forces which 
was calculated to be correct in practice. Two snags immedi- 
ately appeared. The first was that aerodynamic frictional drag 
depends on the length as well as cross-sectional area of an 
object. Omitting to include this gave E.N. values a little too 
small for passenger ships and a little too big for tankers. This 
was put right by adding a third term to the formula for 


deriving E.N.; the term that eventually appeared as ral in 


metric values. 


* Subsequently joined by R.S. & P.R. 


Meon Mk 3 Meon Mk7 Stokes 
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Some recent anchor designs. (The table anchor is used by dredgers, etc., and has to be laid by means of wires 
attached to the two upper eye plates.) 


The second snag was more of a problem. It was found that 
windage was the dominant term in practice. This meant that if 
the formula was to truly reflect reality the equipment would 
have to be based on the light displacement of the ship, not its 
load displacement. At the design stage, however, and in fact 
during construction, only the load displacement is sufficiently 
“fixed” to be used as a base for an enforceable Classification 
Rule. After some thought the constants were revised to give a 
swing of roughly 12 per cent from the h x B term to the A? 
term. 

This had the result that a change in draught on any given 
ship now hardly affects the derived value of E.N., but that 
any change that does occur will be such as to increase E.N. 
values marginally with increased displacement. 

It is the Anthor’s view that this change, although made for 
administrative reasons, does in fact reflect reality better, 
because the earlier proposal made no allowance for wave 
induced snatch loads which do occur and are independent of 
superstructure size (20). 

Since the basic formula for deriving E.N. was unified, a 
number of queries have arisen. Two were of some importance 
and were: — 


(a) How to handle camber when the cambers on several 
superimposed tiers differed from one another. 

For example, if the upper deck on a passenger ship had 
parabolic camber while that on the superstructure decks 
was straight, then any change in the width of a house 
would result in a change in “h” if h was measured, as 
originally agreed, at the outside of the house. It was, 
therefore, agreed to measure “h” on the ship’s centreline, 
and this amendment appeared in Notice No. 2 of the 
Society’s 1971 Rules. 

The second query was one of interpreting the definition 
of the area “A”. 

It has been agreed that where a bulwark, etc., has an 
upper edge that is not parallel to the deck then the 
portion of that bulwark to be included in “A” is the 
mean of the height, measured from the deck, x _ the 
length of that portion of the bulwark having a height 
greater than 1,5 metres. This is illustrated in Fig. 3. 


(b) 


Area included in A 


Fic. 3 


Area of bulwarks included in Equipment Numeral calcu- 

lations. (The same principle applies when determining 

widths of screens in way of bridge fronts and swimming 
pools, etc.) 


The exemption of items having a width of less than B/4 
only applies to erections, etc., above the upper deck. 
Those parts of the main hull near the waterline at the 
ends of the vessel where the hull width is locally less than 
B/4 must be included in “A”. 


an 


Deck cargoes, including containers are not included in 
area “A”. 


Choosing the Chain and Anchor Sizes 


Having unified the formula for deriving E.N., the Societies’ 
next decision was whether or not to continue the practice of 
publishing tables of equipment requirements in discrete steps 
or to opt, instead, for a set of formule giving infinite choice. 

The infinite choice would, however, only apply to the steel 
rolling mill. The chain maker would be limited to the sizes 
of wire and bar that the mills were willing to supply, and the 
ship owner, in turn, would be forced to accept whatever sizes 
of chain the chain maker produced. 

As discrete steps in chain size were inevitable, discussions 
were held with various interested bodies to decide what they 
should be. These discussions proceeded extremely well and the 
1.A.C.S. working party went ahead on the basis that it had 
been agreed that the Societies were free to select the chain 
sizes most suitable to them provided the total number of sizes 
in the range 12,5 mm. to 118 mm. did not exceed 50. 

I.S.0. were to be left to define the actual link sizes, i.e. 
shape and tolerances. At that time it was hoped that the 
Societies would find it possible to select chain sizes on the 
basis of a preferred number series (4). (See Appendix 1.) 

Unfortunately, in developing the equipment table, several 

snags immediately appeared : — 
(a) No preferred number series gave suitable increments over 
the whole range of sizes required. The R20 series was 
suitable for the smallest chains but for the larger chains 
it would be necessary to have used an R120 series had 
one officially existed, which it didn’t. To use one single 
series would have resulted either in increments much too 
great for the largest chains (15 to 20 mm. jumps) or else 
much too little for the smallest ones (as little as + mm. 
increment in diameter). To make abitrary changes from 
one series to another would mean that the equipment 
number ranges, anchor sizes, etc., would have eratic 
increments between one grade and the next at the change- 
over points. 
For metallurgical and availability reasons the three grades 
of steel which could be selected for chain (called U1, U2 
and U3 in L.R.’s Ruies but having different letters but 
the the same numbers in the rules of certain other 
Societies) had mechanical properties which required that 
the ratio of chain diameters for any particular E.N. should 
be 1:13 to 1 which was close to, but not coincident with, 
the R20 increment factor of 1:12, and the proposed ratio 
of enlarged link to common link of 1°10 (Dee shackles 
still being quite common for moorings at that time). 

(c) Chains are mostly made by flash welding pre-bent round 
bar. The forming process results in a reduction in bar 
diameter at the ends of the links of approximately 24 
per cent. 

If the stock bar, rolled by the steel works, was to pre- 
ferred number diameters, and as anticipated ISO/TC 17 
subsequently agreed that they should be) then is was 
impossible for the chain derived from these bars to be 
preferred sizes also. 

Because of these snags it was, rather reluctantly, decided 
that only about half the tabular chain sizes could be 
made to coincide with the preferred series sizes and the 
remainder had to be fitted in as well as possible to give 
acceptable increments for the equipment table as a whole 
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It was, of course, agreed that unification should be on the 
basis of metric values, British values being rounded off 
from these subsequently. 
Having drawn up the chain diameter table, it was com- 
pared with existing rules and related back to the unified 
equipment numerals to give as good a match as possible. 
The formula for doing so being: d=K,\/EN where 
K,=1-'75 for grade U, chain, 1-552 for U, and 1-375 
for grade U, chain. 
Giving priority to the Grade U1 values the above formula 
was used to obtain the mid point of the range of E.N. 
values for each chain diameter, the limits of the range 
were then easily chosen to give reasonably round figures 
throughout. 
Tentative, provisional recommendations have been made by 
the I.A.C.S. Working Party for extending the equipment table 
up to an E.N. value of 16000 as follows: — 


Chain 
No. of Anchor Chain Dia. 
E.N. Anchors Weight Length U3(mm) 
(Kg) (M) 

9 400—10,000 51 29,000 770 132 
10,000— 10,700 5) 31,000 770 137 
10,700—11,500 3 33,000 770 142 
11,500—12,400 3 35,500 770 147 
12,400—13,400 3 38,500 770 152 
13,400—14,600 3 42,000 700 ils37/ 
14,600—16,000 3 46,000 770 162 


As these are subject to amendment, should experience or 
new developments make it desirable, L.R. have not included 
them in Table D 34.1 but they can be used by any designer 
considering the construction of very large ships. 

Anchor weights were unified without much trouble as soon 
as it was realised that the then existing values coincided very 
closely (except for the ABS rules) with “weight” in kg=3 E.N. 
One couldn’t get much simpler than that. 

Anchor proof loads were unified on the basis of a faired 
curve through the mean of the various Societies’ earlier 
requirements for anchor weights up to 31,000 kg. 

The testing of larger anchors is now being discussed. 

Proof and breaking strength tests for stud link cables were 
derived from the formula: — 


Test load=K.,, d?(44—- 08d) kg. 


where K,=0°7, 1-0, 1-4 and 2:0 in turn as one moved up 
from the U1 grade proof load to the U3 grade breaking load 
requirement, and d=chain nominal diameter, in mm. 

The formula itself was semi-empirical and allowed for the 
known difficulty in maintaining the full U.T.S. and weld effi- 
ciency as the diameter of the material increased. 

Since they were first published there has been some round- 
ing off of the original tabular values of test loads for chains 
and those now in the Rules (1971 Notice 3), coincide with 
those in the 1967 U.K. Anchors and Chain Cables Act (13) 
and can probably be regarded as having become fully stabi- 
lized. 

At the time the new tables were formulated, factors of 
safety of the chain against breaking when the anchors were 
about to drag were calculated (5). The Author has now recal- 
culated these on the basis of more up to date knowledge of 
h.h.p. anchor holding powers and the results appear as Fig. 5. 
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Factor of safety against Rule breaking strength of chain 
cable attached to high holding power anchors in good 
holding ground. 


Several series of investigations into anchor chain failures 
have been undertaken by the Society over the years with grati- 
fying consistent results (21). In the 24 years ending 30th June, 
1960, of 6,500 ships using wrought iron or mild steel chain 
111 suffered some failure. Of 4,300 ships using special quality 
chain (equivalent to the current U2 grade), 52 suffered failure. 
Of these failures 58 per cent occurred within 274 m. of the 
anchor and 71 per cent within 55 m. of the anchor At the end 
of 1963 the incidence of failure was running at 1°45 per cent 
for tankers and 1°53 per cent for dry cargo ships. 

Results for ships built using the unified equipment rules 
(L.R. classed vessels only) up to the end of 1970 were: — 


Grade of Cable 


1 Ul U2 U3 
Number of failures 4 5 94 1 
Total of ship years 287 | 861 | 6165 159 


It should be remembered that as each ship carries two anchors 
the rate of failure on the basis of “‘Chain years” will be half 
that shown, which is based on “Ship years”. 

The incidence of failure may seem high when related to the 
theoretical factors of safety, but several reasonable explana- 
tions are available: — 


(a) In some harbours it is common practice for ships to use 
their anchors for manceuvring. In one port where I 
worked there was a sand bank in the middle of the 
harbour and ships wishing to transfer from one side to the 
other of the river had to run at about 2 or 3 knots (for 
steerage reasons) over a current that could run at 44 
knots. At the end of the sand bank it was necessary to 


drop anchor and swing about it through almost 120°. 
The shock loads were, of course, significant. 

(b) Windlasses have surprisingly high kinetic energies when 
in motion and if the anchor is housed up solid at any- 
thing but extremely slow speeds the shock loads in the 
chain are extremely high, and occur in the first 274 m. 
next to the anchor. 

(c) One series of failures in a certain Middle East port ended 
suddenly after a chain was found sawn half way through 
—apparently by a skin diver! 
When sudden loads are applied to an elastic medium a 
shock wave is induced. In the case of a chain this will 
pass down the chain to the anchor and then be reflected 
back. At a point one half wave length from the anchor 
the effect will be that a double stress increment will occur 
which in certain cases may induce low cycle fatigue 
failures. 

Rule Chain Weight 

L.S.O. will shortly publish a standard for anchor chain I:nk 

proportions and tolerances based on the current draft (31). 

When this appears it is anticipated that the Society will com- 

ply with the I.A.C.S. recommendation to require rule chains 

to comply with the I.S.O. tolerances and the existing tables of 
minimum weights will then cease to be mandatory although 


they will probably be retained as “typical values” for the 
convenience of industry. 


(d) 


Length of Chains—U.K. Anchors and Chain Cables Act 1967 


On 19th October, 1970, the new U.K. Anchor and Chain 
Cables Act 1967 came into force. The text of the act and 
related Rules were circulated to the Society’s outports with 
SHIP Letter No. 82, dated 14th October, 1970 (13). 

One question of interpretation has proved to be of some 
importance and that related to the Regulations 1970 No. 1453, 
paragraph 7(4)(b) which reads “where a complete cable is not 
exactly divisible into lengths of 27,5 m., the piece remaining 
shall be treated as a length, except where such a piece remain- 
ing comprises less than two complete links it may be included 
in the previous length”. 

It has been the normal practice in L.R. to include the con- 
necting shackles in the chain lengths. This is obvious if one 
compares the British & Metric requirements for chain cable 
lengths in Table D 34.1 of the Ship Rules and is specifically 
stated in Table P 8.3 where weights include shackles. If, how- 
ever, the shackle is included in the chain length, then under 
the Chain Cable Act it could sometimes happen that the 
length of chain would exceed 27,5 m. by two complete links 
or more and thereby become subject to additional test samp- 
ling. 

The shackles should not therefore be included in the chain 
length when they are measured for the purpose of deciding 
how many breaking test samples are to be taken under the 
U.K. Anchors and Chain Cables Act 1967, but they may 
continue to be included for the purpose of computing total 
lengths and weights for classification purposes. For the pur- 
pose of the Act requirements the measurement of length 
should be made on the chain “as presented” for testing, i.e. 
before proof loading. 


Tow Lines 


Tow lines are a controversial matter. It is not even agreed 
universally whether a ship should carry a tow line in order 
that it may be in a position to render assistance to other 


vessels in distress or in order that it may itself be towed if it 
has a machinery failure. 

The strength values agreed for unification purposes are 
therefore a compromise and the fact that they happen to be 
approximately equal to 40 per cent of the Rule minimum 
breaking load for the U2 chain cable suitable for the same 
E.N. value is purely coincidental. The Society did make a 
mathematical check to see if the values seemed reasonable 
and, in fact, good correlation was achieved with strengths 
predicted as necessary by statistical theory assuming both the 
towing and towed vessel to have the same E.N. and to be 
operating at 3 knots in a fully formed Beaufort 9 sea with the 
full length of tow line steamed and the steering gear of the 
towed vessel in working order. 

Values for five particular tankers being : — 


U2 Chain Strength 


Deadweight (Tonnes) Tow Line Strength 


10,900 2°24 
50,000 233 
110,000 2°81 
220,000 2°48 
500,000 2°56 


While the discrepancy in strength between the anchor chain 
and tow line on a given ship may cause surprise, it should be 
remembered that 

(i) the tow line has very much more elasticity than the 
anchor chain, 

(ii) that the maximum load that can act on a tow line is 
determined by the smaller of the two vessels connected, 
and in no case is one end of the tow line attached rigidly 
to a fixed point, 

(iii) a tow line is very much of a temporary expedient as com- 
mercial salvage tugs always carry their own lines. 

Because of the various controversies and also because it is 
said to be statistically probable that if a large vessel is 
involved in a towing operation the other ship will be relatively 
small* it was agreed to exempt large ships from the need to 
carry tow lines. The exemption did not, however, satisfy 
everyone involved and as a result the I.A.C.S. agreement 
included the option for the constituent Societies to make addi- 
tional exemptions if they saw fit. L.R. exercised this option 
earlier this year and no ship over 90 m. in length is now 
required to carry a tow line as a Classification item. 


Mooring Lines 


Mooring line requirements are even more difficult to regu- 
late than tow lines and the Societies have therefore laid down 
absolute minima only. Actual ships will normally carry moor- 
ing line in excess of this minima, e.g. one large tanker com- 
pany usually supplies its ships with roughly twice as many 
ropes as Table D 34.1 specifies and each rope is roughly twice 
the rule strength and up to one and a half times the rule 
length (see also Appendix 3). 

The problems arising in specifying mooring ropes are com- 
plex because so many factors can occur on certain ships 
and/or in certain ports. A few of them are as follows: — 

(a) In some ports it is common for ships to berth without the 
use of tugs by stopping 200 m. or more clear of the quay, 
running a line ashore fore and aft and then winching 


* The Author understands, however, that it is the policy of certain oil com- 
ponies to operate their large ships in pairs not more than 48 hours sailing 
lime apart so as to avoid salvage claims from third parties 


themselves alongside. This manceuvre requires the use of 
very long lines. 

(b) Some ports, like Montreal, can have berths where ships 
have to contend with drifting ice flows at certain times 
of the year. This requires extra strong moorings. 

(c) Some berths are in very exposed positions where it would 
no longer be reasonable to assume that a ship is protected, 
by the quay wall and dock side buildings, from the full 
force of offshore winds. A tanker finger berth at an oil 
terminal, for example, may offer virtually no protection 
at all. 

(d) Some berths are exposed to significant wave action. At 
such berths the number and strength of mooring lines 
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Fender impacts and rope snatch loads on a moored ship 
in resonant conditions. (Note that the vertical scale for 
the ropes is about seven times that for the fender 


impacts.) 
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Impact energies on harbour fenders. 


cannot be scientifically decided unless full information is 
also available regarding the fendering used. If the com- 
bination of fenders and mooring ropes is incorrect then 
resonance can occur which can break the moorings. 
When trouble does occur, the cause, more often than not, 
is that too many mooring lines with too great a spring 
constant were used (6). 


(ec) Some harbours are unfortunate enough to suffer from 
seiches, i.e. the water in the harbour flows from one end 
to the other and back in a resonant manner rather as 
water sometimes does in a domestic bath. The activating 
force is usually supplied by long ocean swells that come 
in through the harbour entrance. 

At one time Cape Town was notorious for this sort of 
trouble and there are also certain ports in the U.S.A., 
India and elsewhere which are similarly unfortunate. 

In such ports any ship moored at a node in the water 
movement system will be subjected to high longitudinal 
forces of regular frequency. 

Unsuitable moorings can result in the natural frequency 
of ship motions coinciding with the external impulses, 
and here again the cure may well be to fit less, slacker, 
mooring lines than is normal, always provided that there 
is room for the ship to surge, that the resulting noise is 
acceptable to the crew, and that the motion neither makes 
cargo handling dangerous nor wrecks the fendering (7). 


(f) The fitting of automatic mooring winches is becoming 

more common as ship sizes increase. These winches are 
expensive and most shipyards are tending to fit as few 
as possible, this being achieved by the use of mooring 
lines with breaking strengths up to three or four times as 
great as the classification minimum, which they sometimes 
offer as being equivalent to two or more “Rule” lines 
each. 
Another effect of using this type of winch is that it is no 
longer possible to put out a mooring line ‘‘on the bight” 
and so get, effectively, twice the Rule holding ability. This 
means that consideration can be given to shorter but 
stronger lines as being equivalent to the Rule requirement 
in certain cases. For use as a “first line ashore”, however, 
a long line will be required and a vessel will need to carry 
at least three such lines in most cases. 


The Classification Societies have co-operated with I.S.O. on 
standards for shipping ropes and a new L.S.O. draft for “steel 
wire ropes for general purposes” (8), which includes shipping, 
has just been published. 

The main difference between the new and old standards for 
wire ropes for shipping purposes relates to calculated mini- 
mum rope strengths. 

The wires, from which a rope is to be made, have to have 
an ultimate tensile stress within a specified range, generally 
20 kg./mm.*; e.g. 140 to 160 or 160 to 180 kg./mm.*. 

This means that the average strength of the wires used in 
any given rope is almost certain to be more than the permitted 
minimum. The normal assumption made up to now has been 
that it would be about 5 kg./mm.* above the minimum. It 
followed that in calculating the minimum allowable strength 
of the rope as a whole the U.T.S. used in the formula would 
be 145 or 165 kg./mm.? for the above wire strength ranges. 
In the new standard this is not the case. The minimum per- 
mitted values are inserted in the formule, so that there is 
about 5 kg./mm.2 in hand which can be used by the wire 
manufacturer as a sort of insurance against latent defects. 


While the Society was not too happy about this, it was 
agreed to accept it as otherwise shipping ropes would have 
had to continue to be specified in a different standard from 
engineering ropes. With all the problems this has caused up 
to now on cargo gear, that was not wanted. 

The I.S.O. draft includes three grades of galvanizing instead 
of the two shown in the Society’s Rules. This was done at the 
request of certain Common Market countries with consider- 
able inland waterways trade and seems to the Author to be 
of little technical consequence as the weight of metal deposited 
falls within the range already accepted for seagoing ships. 

It will be noted that the I.S.0. draft does not allow for 
quality A galvanizing for 180 grade wire and in fact attaining 
high strengths in galvanized wires is rather a problem as the 
galvanizing process tends to induce hydrogen embrittlement 
into the wire surface. 

So far as fibre ropes are concerned the only outstanding 
point is in defining the equivalence of natural and synthetic 
fibre ropes. I.A.C.S. have asked I.S.O. to consider this question 
as a matter of urgency, and, once again, co-operation is excel- 
lent at this time, with Classification Society personnel being 
nominated to attend the relevant I.S.0. Committees (see also 
Appendix 3). 

Fibre ropes, however, have never been as tightly controlled 
as wire ropes and the I.A.C.S. working party agreements 
hardly mention them. This doesn’t mean that they have not 
been subject to development. In fact development here has 
been extremely great and the Socity has had to amend the 
Rules recently to allow for this. It is now possible, for 
instance, to buy ropes made with one synthetic material for 
the majority of a strand and a second material, with different 
properties (e.g. better wear resistance), as the outer layer of 
fibre. The old bar on mixed materials has therefore been 
deleted from Chapter P of the Rules, but this does not mean 
that any odd fibres that may be mixed together will be auto- 
matically acceptable, and the majority of shipping ropes are 
still made of only one type of fibre throughout. 

Some fibre ropes are so large that they can no longer be 
tested in the traditional manner on any existing machines and 
the Society has had discussions with rope makers and resin 
manufacturers in an effort to develop new techniques, and 
research work is progressing. 

Following the premature failure of a number of lifeboat 
falls some years ago, due to ultra-violet degradation of the 
polymers, there was an immediate ban on synthetic fibres for 
such purposes while research on prevention went ahead. This 
research has now borne fruit and synthetic rope materials can 
now be guaranteed as effectively U.V. inhibited. A draft British 
standard has been prepared outlining tests but the Society is. 
at present, satisfied that it is sufficient for its Surveyors to 
sight a certificate issued by the fibre manufacturer stating that 
the fibre has been U.V. inhibited (wording with a similar 
meaning also being acceptable). 

As the processes can result in a change of colour in the 
rope (although they need not do so as there are several 
alternative additives) this must be borne in mind when a 
rope’s material has to be identified, i.e. not all ropes of the 
same colour are made from the same fibre material. Among 
the commonly used fibres the ones most needing protection 
are the polypropylenes. 


Fishing Vessels 


At the time of writing I.M.C.O. are proposing to include 
requirements for anchors and chain cables into their fishing 
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vessel safety recommendations. The I.A.C.S. working party on 
mooring and anchoring are in close contact with the I.M.C.O. 
Committee concerned and co-operation is good. 

It is expected, however, that it will take the usual longish 
time before any agreed requirements are ready for publication 
and it is not thought wise that any forecasts of detailed results 
should be made at this time. In the broadest of terms, how- 
ever, the Author thinks it possible that any new requirements 
will be similar to those for cargo ships but probably with 
rather heavier anchors for trawlers likely to operate in the 
Atlantic north of, say, the 62nd parallel, or in similar rough 
weather areas, and with reduced requirements for small vessels 
operating in semi-sheltered areas. 


Dredgers and Vessels for Inland Waters 


The publication by the Society in 1970, of the Rules for 
vessels for inland waters, followed in the spring of 1971 by 
rules for dredgers, etc., operating in protected waters, means 
that local plan approval offices and outport surveyors are now 
in a less flexible but stronger position than hitherto regarding 
the equipment items on such ships. 

It should be remembered, however, that the “equivalence 
clause” in the Rules does allow the use of reasonable discretion 
so long as safety and efficiency are not impaired. 

The dredger and hopper barge rules are based directly on 
the I.A.C.S. unified equipment requirements (although I.A.C.S. 
have not yet unified dredger equipment as such) and the rules 
for inland waterway service, although not obviously derived 
from the I.A.C.S. values are intended to give parallel results 
after allowing for the lack of ocean swell and large waves. 
Where the speed of a river exceeds 3-75 knots the anchor weight 

river speed | =“ 

2272 
and the anchor cables chosen on the basis of the increased 
anchor weight. If barges of quite different proportions to 
typical Rhine barges are used, alternative equipment proposals 
may perhaps be acceptable, to the owner’s advantage. 


should, in general, be increased in the ratio | 


Single Point Moorings 


The ever increasing drafts of tankers combined with the 
exploitation of diamond beds, iron sand deposits and oil fields, 
both offshore and on coastal areas with very shallow water 
for miles out to sea, have resulted in a search for a cheap, 
reliable method of loading and unloading crude and fuel oils 
and oil slurries. 

This can generally be most easily done by means of a sea 
bed pipe line running out to a single point mooring. A single 
point mooring being one to which the ship moors by a single 
line* in such a manner that it is free to swing with wind and 
tide through 360° and more. This means that the mooring 
must be designed with some form of turntable or swivel, so 
arranged that neither the mooring line nor the pipelines 
become twisted or entangled as the ship rotates around the 
mooring point. Where, as sometimes occurs, up to three 
grades of oil may be pumped at one time the swivel arrange- 
ment incorporated for the pipelines must be arranged with 
the pipes concentric with one another. 

While consideration has been given to arranging tankers 
with pipe connections on the centreline at the bow or stern, it 
has been found to be cheaper to make no special modifica- 
tions to the ships but rather to rely on a suitable length of 


* Which may, in fact, consist of several ropes attached to approximately the 
same point on the ship at one end and the “‘mooring’’ at the other 


FIG. 7 


Square link mooring chain. 


(Photo ient by 


Messrs. Norbrit-Pickering Ltd.) 


floating pipeline to connect the mooring swivel to the ship’s 
manifolds, with non-return valves incorporated to prevent 
spillage if a failure of the pipe occurs. 

The following arrangements are known to the Author to 
have been proposed and/or installed : — 

(i) a fixed platform with the mooring line and pipe line 
swivels incorporated as a single unit above sea level (Fig. 
8(a)). 
a doughnut shaped buoy, generally about 100 to 150 
tonnes in weight, moored by up to eight anchors, with 
the swivels mounted on top of the buoy (Fig. 8(b)). 
A drum-shaped buoy connected to a swivel, at sea bed 
level, by a rigid arm (Fig. 8(c)), or by a single chain. 
An oscillating platform with the swivels mounted at its 
upper end (Fig. 8(d)). 
A semi-submerged buoy, with the swivels mounted on 
top, moored by a number of concrete blocks (Fig. 8(e)). 


(ii) 


(iii) 
(iv) 
(v) 


A semi-submerged buoy semi-rigidly fixed to a mooring 
annulus on the sea bed by a large number of cables in 
the form of a double helix. 
(In this case the swivels were arranged above sea level 
on a lattice supported platform (Fig. 8(f)). 

Irrespective of the design used certain problems must be 
overcome. These are: — 


(vi) 


(a) Wind and current forces must be resisted. These forces 
are easily calculated to a degree of accuracy sufficient for 
mooring design, and present no problem. 


Rotating component _ 


Shock absorber — 


; Floating pipeline 
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(b) The effect of ocean swell and wind generated waves must 


(c) 


Floating pipeline to ship 


be resisted. The forces involved can be very high if an 
attempt is made either to hold the ship completely 
stationary or if the system as a whole has a resonant 
frequency in the range that the waves can excite. The 
first of these loadings is induced by the orbital motion 
of the water in the waves and could, in the sort of condi- 
tions in which some of these moorings are used, be as 
high as 10 per cent of the ship’s displacement. If, on the 
other hand, the ship is completely free to move with the 
waves then this particular load is zero. In practice a 
compromise must be chosen and a value of 0:1 per cent 
of displacement is a common design value although up 
to 0-5 per cent has been used. 

The problem is that if the mooring lines are made too 
long the ship may start to yaw or “fishtail” and additional 
high snatch loads can result. 

The question of resonance is much more complex as the 
reactions are non-linear in nature. The Author is not 
aware of a rigorous mathematical treatment having yet 
been published and so far as he knows all current calcula- 
tions use constants derived either from model tests or full 
scale trials and these, unfortunately, seem to give a scatter 
of roughly + 50 per cent about a mean value, depending 
on their source. 


The third problem is energy absorption. Once it is 
accepted that the mooring line must carry a significantly 
high load, arrangements must be made to apply this 
gradually and that implies high energies. 
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Diagramatic sketches of six types of single point moorings. (The most common type is 8(b) and the biggest variety 
in design seems to be in type 8(e).) 
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The figures seem to run close to those due to ship impacts 
with harbour fenders (28) and can be as high as 3,000 
tonne m. for a large tanker. If higher mooring line loads 
are allowed, then the energy requirement will probably 
increase considerably, and one buoy, designed but not 
yet built, can handle 1,000 tons loads and 6,500 tonne 
metres of energy. The two most common ways of absorb- 
ing energy are (i) by fitting suitably long nylon mooring 
lines, and (ii) by increasing the submergence of the buoys 
as the horizontal load increases, but one design of sub- 
merged buoy raises weights within the buoy instead. 
In addition to handling snatch loads the moorings must 
be able to resist impacts in the event of the ship over- 
riding the buoy when, for instance, the tide turns on a 
windless day. Luckily such impact energies are generally 
small and quite simple fendering will normally suffice. 
(d) Means must be supplied to enable the ship’s mooring line 
to be attached to the mooring swivel or, very commonly, 
for a mooring line which is permanently attached to the 
swivel to be picked up by the ship. In general, it is 
understood, it is this which limits mooring operations on 
single point moorings more than any other criteria. 
The operation normally requires the use of a motor 
launch to carry a messenger line from the ship to the 
mooring or vice versa, so some form of landing platform 
suitable for use in rough weather is generally needed. 


In addition to the general problems there are several 
specialist ones. These are: — 


(a) Chain cable wear. This can occur extremely fast in the 
length of chain that rises and falls due to tide and swell 
acting on a floating buoy, but even submerged buoys can 
be affected by heavy swells such as occur off S.W. Africa. 
It is not unknown for wear down to exceed 15 mm. in 
six months in bad areas. 
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(b) While there are a number of specially designed mooring 
anchors such as the Admiralty AM12 it is often danger- 
ous, or too expensive, to lay them in exposed sca areas 
and recourse is therefore made to ship type high holding 
power anchors which can be merely dropped into posi- 
tion. Certain of the oscillating platforms, etc., cannot be 
anchored and in these cases their foundations must be 
fixed to the sea bed by piles. In some areas piles are used 
instead of anchors for mooring buoys and experiments 
have been undertaken, mainly in the U.S.A., with a view 
to developing means of driving both anchors and small 
piles into the sea bed by means of a single explosion, 
reacting against a cone or flat plate arranged to give high 
water resistance (9). 

(c) Where a buoy is attached to a sea bed swivel, of a goose- 

neck type, by means of a rigid arm, the length of arm 

must be long enough to ensure that the angle between the 
arm and the sea bed remains small or any torsional forces 
acting on the buoy will induce very high transverse bend- 
ing moments in the arm. The maths are the same as for 
a derrick boom. 


With the boom topped ¢° to the horizontal assume zero 
friction in the gooseneck and an imposed torque T. Let the 
resultant bending moment at the boom heel=M. 

The horizontal component of the torque=T sin @ and this 
will cause the gooseneck to rotate through some angle @ until 
equilibrium is reached when T sin @=M cos @ cos 6 

or M=T tan @ sec 6 


, =+ torsion deflection 
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Input torque = T 


Induced bending moment = M 


__# Rotation 


Fic. 9 


Boom subjected to torsion. 


In practice, however, @ is very small so sec @~1°'0 and 
M-~T tan 4 from which it can be seen that as @ approaches 
90° M approaches infinity for any finite value of T. 

In practice, also, M never equals infinity because when §=90° 
it is impossible to apply a torque to a friction free gooseneck; 
and deflections of the boom also affect the result—the maxi- 
mum applicable value of M (at which @=90°) is in fact 
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for a boom of constant cross section 

where /=the length of the boom 
I=the cross-sectional inertia of the boom 
E=Young’s modulus of the boom material 
#=boom elevation in degrees 


These moments can be sufficiently high in large moorings 
to make it economically worthwhile to arrange an additional 
degree of freedom in the bottom swivel arrangement such that 
torsional forces will not be resisted by reactions in the arm 
even though this may require a somewhat increased buoy 
diameter for stability reasons. 

Because of the size and complexity of these moorings, the 
Society has agreed that they can be classed, and in fact several 
buoys have now been built under survey and _ classed 
“Al Mooring Buoy” for restricted service the area of installa- 
tion being specified. 


Multipoint Moorings 


The Society has been involved in multipoint moorings both 
for shipping (to prevent vessels from swinging in very confined 
waters), and for drilling rigs (to restrict the total horizontal 
movement of the derrick and drill string drive relative to the 
sea bed. Control of the vertical movements is achieved by 
other means). 


In the case of ordinary ship moorings there is little differ 
ence in approach between single and multipoint moorings 
except that the total loadings on multipoint moorings tend to 


be considerably higher for similar wind conditions, especially 
drill 


absolute movement results in high wave orbital loadings in 


with a beam wind. For rigs, etc., the need to restrict 


exposed off shore locations, and also means that the mooring 
lines must be set up with a considerable initial tension. Figures 
have been published (10) showing that snatch loads of 465,000 


lb. have been recorded in one of the nine anchor cables on 
the “Sedco 135-F”. The anchors in this case being 30,000 Ib. 
h.h.p. anchors designed for a nominal continuous (i.e. non 


snatch) loading of 350,000 Ib. in 35 ft. seas, 65 m.p.h. winds 
and with initial setting up tensions in the cables of 120,000 to 
126,000 Ib. each. This particular rig used chain cables with, 
the Author understands, welded studs, although most drilling 
rigs use wire cables, and nylon has been proposed (29). The 
Sedco 135-F also mentioned that it took approxi 
mately 24 hours to lay the nine anchors used, and 12 hours 
to recover them when the drilling of a particular hole was 


complete. 


report on 


When wire rope cables are used it is recommended that they 
should be of parallel lay construction as cables of crosslay 
construction are subject to a considerably higher risk of 
fatigue failure in this type of service. Care should also be 
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taken with the design of the fairleads as wire ropes can be 
damaged if the sheave housings are arranged in a manner 
which allows the cable to be nipped or trapped in Vee notches 
or bent around sharp edges during anchor laying operations, 
irrespective of whether such mishaps can occur once every 
thing is fully set up. 

A number of computer programs have been written for 
various aspects of drill rig mooring but here again the Author 
is not aware of one that is independent of model or full scale 
test results for some of its input; in particular, with regard to 
cable vibrations. Purely mathematical programs are, however, 
very useful for preliminary design work. 


Quality Control 


Quality control of drill rig mooring components needs to be 
strict. On one rig (not to L.R. Class) more than half the 
anchors fractured within 12 months. The failures were attri 
buted in each case to porosity in the castings. 

Special care has to be taken when thick plates are subjected 
to high tensile loads across their axis of rolling. If the steel 
contained impurities at the time of rolling, these will have 
introduced planes of weakness into the plate and lamellar 
tearing can then occur in service (see Fig. 10). While this 
photo is of a sample taken from a bulk carrier similar damage 
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Lamellar tearing. 


can easily occur where mooring sheave swivels, etc., are 
attached to drill rig legs (33). 

Special care has also to be taken with the flash butt welds 
on U3 chain or cracking can occur In way of the weld behind 
the end of the stud (see Fig. 11). This cracking cannot be seen 
during normal chain inspections and one chain (not on an 
L.R. ship) with a high percentage of such cracks is known to 
have successfully withstood the Rule proof load twice (i.e. 
initially and at the first special survey). While it is not con- 
sidered that ultrasonic testing, to detect this fault is needed 
for ship anchor cables, owners may well feel it desirable to 
specify ultrasonic or similar testing for drill rigs where failure 
of the mooring can be much more catastrophic. 


Fic. 11 


Cracking behind the stud of a chain cable link. 


While welded studs are not recommended for ship use (34) 
some drill rig owners have found welding to be desirable in 
exposed areas to prevent studs falling out after several months 
of service in rough seas. 

Wire ropes used for drill rig mooring are often fitted with 
socket type end fittings. Both the design and techniques used 
are important here. In particular 


(1) The socketing material must be at the proper temperature 
and be properly poured or it will either fail to bond 
effectively or will affect the temper of the rope wires. 


(ii) The socket and wire must be properly cleaned and the 
socketing material must be checked as complying with its 
specification. 

(iii) The socket must be exactly aligned with the wire when 
pouring takes place. 

(iv) The rope just clear of the socket must be fully lubricated 
and protected against both corrosion and electrolysis. 


(v) The socket design must be such as to avoid stress concen- 
trations at the point where the rope enters it. In particular 
there should be no sharp edges and the taper of the 
socket should be such as to avo.d teo sudden a change of 
strength and stiffness at the furthest point to which the 
socketing material penetrates, and at the points where the 
lugs fair into the cone. 


Sinkers 


It is sometimes suggested that a length of chain should be 
fitted between the anchor and the wire rope in order to “weigh 
down” the rope. In fact the chain, when required, is fitted 
purely to take the wear arising from movements of the cable 
on the sea bed. If additional weight is needed it is much better 
to have it in the anchor head and if additional elasticity is 
required it is better to obtain it by increasing the length of 
cable. If, as sometimes occurs, a concrete or iron sinker is 
attached to a mooring cable at part length, its effectiveness as 
an energy absorbing device improves as it is positioned nearer 
to a point in the chain at a distance from the mooring buoy 
equal to the water depth (see Fig. 8), but here again, in the 
Author’s view, it is better to concentrate all the weight in the 
anchors, provided there is enough sea room to allow for 
suitably long cables. The benefits of using sinkers are, how- 
ever, (a) that it is possible to use a reduced size of chain 
between the sinker and the anchor, and (b) that laying the 
mooring can be easier and cheaper if no one component is of 
excessive weight. This last consideration sometimes results in 
each mooring point being fitted with two anchors of medium 
weight rather than one large one, when tanker terminals are 
being laid out, although it is not normally done for mobile 
drill rigs which have supply ships available specially fitted up 
for laying the big anchors at sea. The size of anchors now 
handled by these specialised vessels has increased in the last 
few years from 15 tonnes to 40 tonnes and may well increase 
further. 

The main anchor designs now being specified for high loads 
seem to be Danforth GS, Stato, Stayryt and Vicinay Offdrill, 
though there may be other popular designs of which the 
Author is not aware. For lighter loads there are very many 
designs and systems available (30), but the Society has little 
or no experience with some of them. 

Most of the big anchors are arranged with means of vary 
ing the fluke angle, relative to the shank, from about 33° (for 
sand) to about 50° (for soft mud). 


Mooring Winches 


Ships are being increasingly fitted with specialised mooring 
winches. These winches store the mooring lines either on their 
main the of fibre 
powered reels directly associated with the winch. When the 


winch barrel or else, in case rope, on 


rope is stored on the barrel it can either be arranged that the 
rope is reeled in a limited number of layers or else an addi 


tional flange is fitted to the barrel so as to divide it into two 
sections (see Fig. 12). 
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Split barrel mooring winch under test. 


One section is used for storing all that length of rope that 
can be reeled in without significant tension. When the slack is 
almost all taken up the rope is slipped through a slot in the 
flange and the, up till now, empty section of the barrel is 
used for hauling in the tensioned rope. By this means it is 
possible to store considerably more rope on a given set of 
barrel dimensions. 

Where fibre rope is used, e.g. for first line ashore purposes, 
the winch can be fitted with twin drums each of which has 
three or more parallel grooves. By winding the rope round 
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Fibre rope handling gear. 


FIG. 


the two drums, a tension can be applied without either (a) the 
tension remaining in the portion of rope stored on the reel, 
or (b) any slipping of the rope occurring on the drums (see 
Fig. 13). 

[here are several variations of the rope reeling gear in use 
but these are all covered, to some extent, by patents. 

Winches can be designed to operate only under manual 
control or else they can be fitted with automatic controls. 


Safety 

There is some difference of view on safety considerations 
where winches are concerned. 

One view, held by the Author, is that a mooring rope is the 
cheapest component of a mooring system and that the system 
should be so designed that the rope will fail first. The other 
view is that the winch should be arranged in such a manner 
that the brake will slip and allow the rope to pay out before 
its breaking load is reached. The Author agrees, that, with the 
high elasticity of modern synthetic fibre ropes, a rope will whip 
back viciously if it breaks, and can kill anyone in its way 
(several people have been killed this way), but it is not felt 
that this should result in a swing to the other extreme at 
which the winch brakes are set so feebly that after the ship 
has drifted away and been wrecked the ropes will be in good 


condition for use on a replacement vessel! This isn’t so 
unlikely as it sounds. Several vessels have done just that and 
many oil terminals now ban the use of automatic mooring 
winches because there have been some (the Author knows of 
two) cases of polution due to oil lines parting as the ships 
drifted clear of the wharf. 

Lloyd’s Register have therefore proposed to both I.A.C.S. 
and I.S.O. that all mooring winches be designed on the same 
basis as traditional bollards, i.e. that they must be capable 
of holding the mooring line up to the full minimum breaking 
load required by the Classification Society Rules for the ship 
concerned. (It is already an I.A.C.S. working party recom- 
mendation.) 

It seems likely that this will now become an international 
requirement, although there is some debate as to whether the 
winch brakes should be based on the Rule minimum strength, 
the nominal strength of the ropes actually fitted or the actual 
strength (including allowances for splices, etc.) of the ropes 
actually fitted. The difference between the first and third of 
these alternatives is not generally very great as actual ropes 
generally have “as tested” strengths in excess of the Rule 
minima by a percentage at least sufficient to cover for losses 
(generally between 10 per cent and 30 per cent) due to splices, 
and to passing over fairleads, etc. 

If the brakes are based on the nominal strengths “as fitted 
then this will be an even more stringent requirement than L.R. 
first proposed. 

This rule would apply to all winches where the mooring line 
was stored on the winch barrel. As stated before, it is as yet 
only a recommendation but the Author thinks it likely that it 
will become a requirement, for new winches, by the middle of 
1973. 

In addition to the requirement for brakes, which apply to 
all mooring winches, the render loads of automatic winches 
are of interest to the Societies. Automatic winches are designed 
such that when they are hauling in the mooring lines and the 
line tension increases, a point is reached where the winch 
stalls. If the ship then tries to drift away from the quay the 
rope tension will continue to rise. At some preset tension value 
the winch will start to pay out line and will continue to do 
so until the tension falls to a value equal to, or slightly below, 
the stall load. 

If the ship now drifts towards the quay the rope tension 
will continue to decrease until some present “recovery”* load 
is reached at which point the winch will start to reel in the 
mooring line, and will continue to do so until the stall load 
is again reached. The reason for the range of tensions where 
no movement occurs is partly that without it the winch would 
be in continual motion causing excessive wear in the ropes, 
and partly that friction within the winch makes some lag 
almost inevitable. 

The Classification Societies Working Party on mooring and 
anchoring have recommended that the rendering load be 
limited to a range of 1-05 up to 1°5 times the hauling load of 
the winch, and that the hauling load be such as to give a 
factor of safety in the range of 3 to 4:5 on the rule breaking 
strength of the mooring line. 

Lloyd’s Register’s interpretation of this being that the hauling 
load is the maximum rope tension measured at the drum exit 
when the winch is hauling in, under manual control, at design 
speed, with the rope on the drum in single layer. 


* On many designs the stalling and recovery loads coincide 


However, pending full agrement with I.S.0., Lloyd’s Register 
have not yet acted on the I.A.C.S. Working Party recom- 
mendation. 

Just how large the range of tensions between “render” and 
“recovery” should be depends on the use to which the winch 
will be put. For use with breast lines the ratio should be small 
with both values set as high as the controls will permit, but 
for use in conjunction with springs (i.e. the ropes which control 
the ship’s motion in the fore and aft direction) the render load 
should be set high and the recovery load quite low (12). The 
reason for this is that springs work against one another so that 
if “hunting” is to be avoided the absolute dfference between 
the render and recovery loads of the winch must exceed the 
sum of the recovery load of the opposing winches and any 
normal dynamic loads acting on the system, e.g. a 200,000 
tonne dwt. vessel in a deep water berth liable to be affected 
by ocean swell could be subjected to loads in the order of 150 
tonnes perpendicular to the quayside and 200 tonnes parallel 
to the quay. 

Assume a winch having a hauling load capacity of 30 tons 
if it were friction free. Assume also that there is in fact 10 per 
cent friction. We then find that we would get a rendering load 
of 30 x 1-1=33 tons and a recovery load of 30 x 0°9=27 tons 
giving a difference of 6 tons. To withstand a 200 tonne load- 
ing we would need 200 6=34 (to the nearest whole number 
above) winches at each end of the ship, i.e. a total of 68. This 
is quite impracticable! By increasing the internal friction 
artifically to, say 70 per cent we get revised values of render 
and recovery loads of 51 tonnes and 9 tonnes giving a differ- 


200 
ence of 42 tonnes, so that now only > winches will be 


required at each end of the vessel to control the springs. 
Taken overall the Author considers that, in general, springs 
should not be controlled by automatic winches. In the case of 
the breast lines the full hauling load can be utilised in each 
case so only 150+33=5 winches would be needed in all for 
this purpose, say two at each end and one amidships, and if a 
gust did blow the ship off the fenders, there would be a total 
of 5 x 27=135 tons recovery tension available to pull the vessel 
back again during the subsequent lull. Statistical data on tran- 
sient wind forces during stormy weather indicates that the 
recovery load should be at least 60 per cent of the render load 
if a reasonable chance of the ship hauling itself back alongside, 
after blowing clear, is to exist. 

If the control of the winch was achieved by means of load 
switches instead of by the internal friction, then it would be 
possible in the example quoted above to set the render loads 
of the breast lines to 51 tonnes (the same as for the springs) 
and still retain the 27 ton recovery tension, thus getting the 
best of both worlds. But such systems are relatively expensive 
and therefore seldom used. 


Windlasses 


A number of Societies already have specific rules for the 
performance of windlasses and negotiations are currently in 
progress between these Societies to unify their requirements. 
Lloyd’s Register and I.S.0./TC8/SC10 have indicated that 
when unification is reached among the actively interested 
parties then they will seriously consider accepting the unified 
rules also. It is hoped that the I.A.C.S. Working Party will 
reach agreement by Christmas 1971 and that these will be 
ready for consideration by L.R.’s Technical Committee and 
1.8.0./TC8/SC10 in May 1972, In the meantime if London 


H.Q. is asked for advice regarding windlasses, it is the normal 
practice to refer the enquirer to the S.N.A.M.E. publication 
on the subject (15). 
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Preferred Numbers 

Preferred numbers are the conventionally rounded off term 
values of geometrical series, including the integral powers of 
10 and having as ratios the following factors :— 


5 10 20 40 80 
J / / / and / 
10 N10 A 10 AW 10 N 10 
The series of preferred numbers being unlimited in both 
directions, the values of the terms in other decimal ranges are 
obtained by multiplying the values in the 1 to 10 range, by 
positive or negative integral powers of 10. 


BASIC SERIES OF PREFERRED NUMBERS 


RS R10 R20 R40 
1:00 1-00 1-00 1-00 
1:06 

1:12 iS 

1:18 

125 135 Ie25 

1S? 

1°40 1-40 

1-50 

1-60 1-60 1-60 1-60 
1-70 

1-80 1°80 

1°90 

2°00 2°00 2°00 

Ze 

2°24 2°24 

2°36 

2:50 2°50 2°50 2°50 
2°65 

2°80 2°80 

3-00 


BASIC SERIES OF PREFERRED NUMBERS (cont.) 


RS R10 R20 R40 
3°15 rhea Fa Fa) 
303) 
ar55 3-55 
Soha 
4:00 4°00 4°00 4:00 
4°25 
4°50 4°50 
4°75 
5-00 5:00 5-00 
230 
5-60 5:60 
6°00 
6°30 6°30 6°30 6°30 
6°70 
40) 7:10 
7°50 
8-00 8-00 8-00 
8-50 
9-00 9-00 
9°50 
10° 


— ee 


ee 


00 10-00 10°00 10-00 


EXCEPTIONAL R80 SERIES 


00 1-80 3-15 5-60 
03 1-85 3-25 5-80 
06 1-90 3°35 6-00 
09 1-95 3°45 6-15 
12 2:00 3°55 6°30 
15 2-06 3-65 6°50 
18 2°12 3°75 6°70 
22 2:18 3°87 6-90 
25 2:24 4-00 7-10 
28 2:30 4-12 7:30 
32 2:36 4:25 7:50 
36 2-43 4°37 7:75 
40 2:50 4°50 8-00 
45 2:58 4-62 8-25 
50 2:65 4°75 8°50 
55 2:72 4°87 8-75 
60 2-80 5-00 9-00 
65 2:90 5-15 9-25 
70 3-00 5:30 9-50 
75 3-07 5-45 9°75 
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Catenary Formule 


The basis formule derived in any typical text book (14) are 
as follows: — 


' T=Wy, T=H sec §, cae and s=a sinh tus 
WwW a 
where s=length of chain between point A and P 
H=horizontal force acting at point A 
W =weight of chain, in water, per unit length 
x=horizontal distance separating O and N 
a=height of “A” above the mathematical base line 
T=tension in the chain at point P. 
We add a new term d=depth of water=y—a 
and get T=W (d+a) 


H 
To w( d+— )=n +Wd 
W 


also from the diagram of forces (Ws)?=T*—H? 


If an anchor is laid out with sufficient chain so that some lies 
on the sea bed then H=F-+f (I—s) (iii) 
where F=anchor drag force 

1=total length of chain paid out 

f=coefficient of friction between chain and sea bed 

(generally -50<f<°65) 

Then T=F+f (l—s)+Wd (iv) 
substituting (ill) into (ii) we get 
2dF ri 2dfl 2dfs 
WwW W WwW 


s? 
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i.e. 
Nee 2af 2df \ 2 2dF  2df] 
s=——+ & )ia(e —— 
pa! WwW 
en 2 (v) 
Solving for (v) and inserting the value into (iv), we can 


determine the maximum tension occurring in the cable under 
static conditions. (The small error due to lack of buoyancy 
on the chain between the sea surface and hawse pipe being 
ignored.) 


x 
It is sometimes suggested that the basic formula y=a cosh — 
a 


should be simplified by taking only the first two terms of the 


Wx? 
cosh series to give y=a+—— 
2H 


This should not be done for anchor cables as their curvature 
is too great. In particular the simplified formula results in an 
equation for chain length s= / x?+-d? which is the Pythagoras 
value for a triangle with straight sides. 

Wexs 
> Soden wt bobs 
12H? 


, 


Adding a third term from the series gives =, / 


which is more accurate, but not worth the effort when “trig’ 
tables are available. 
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NOTES ON MAN MADE FIBRE ROPES 
1. The main types of man made fibre now in use for ships 
ropes on Classed ships are: — 
(a) Polyamide (Nylon, Perlon, Capron, etc.) 
(b) Polyester (Terylene, Dacron, etc.) 


\ Polypropylene, (Ulstron, Formula §, etc.) 
| Polyethylene (Polythene, Courlene, Dry- 
lene, etc.) 

(d) Polyvynal Alcohol Derivatives (Kuralon, Tanikalon, 

etc.) 
The materials are not defined exactly by their names, 
e.g. Terylene 300 has a tenacity of about 4,5 g./Denir and 
Terylene 650 of about 6 g./Denir. 


(c) Polyolefin 


There are two main grades of roping Nylon, Grades 6 
and 66. These are sub-divided into several types. Among 
these types some tenacities are as follows: — 

Nylon 267 and Nylon 202 of about 7 g./Denir, Nylon 
242 of about 8,8 g./Denir and Nylon 266 and Nylon 
707 of about 8,85 g./Denir and Nylon 100 about 2 

g./ Denir. 

Note.—The Denir of a filament is the weight in grammes 

of 9000 m. of fibre. 


The fibre can be prepared in several ways : — 


(a) Multifilament (i.e. continuous extrusions of less than 
0,05 mm. dia. The size is quoted in S.I. units in Tex 
where 1 Tex=9 Denir). 


(b) Monofilament (continuous extrusions with diameters 
greater than 0,05 mm. The most common diameters 
are in the range 0,13 mm. to 0,4 mm., but the Author 
has seen a rope sample using filaments of 4,00 mm. 


in its construction). 


5. 


6. 


(c) Spun Staple (where the extruded filaments are cut 
into pieces of several centimetres long and then spun 
into yarn in the same way as cotton Is treated). 
Fibrillated Film (where the material is_ initially 
formed of flat thin ribbon-like material which is 
then twisted into yarns). 


(d) 


Ropes are made from monofilaments or from fibres 
(which are spun from filaments, staple or fibrillated film). 
The fibres may either be twisted together to form a strand 
or, sometimes, they are spun into a pick and the picks are 
used to make the strand. Strands can be twisted together 
(three form a hawser laid rope and four a shroud laid 
rope) or they can be plaited (generally eight strands are 
woven together, in pairs, to give a rope of roughly square 
cross-section), or they may be braided (a large number 
of strands being interwoven to give a rope in the form 
of a hollow tube, sometimes two or more concentric 
layers of braiding may be used, each layer being 
effectively separate from the others). Braided ropes are 
strongest relative to their size and weight, but are more 
expensive to manufacture. They can be made with break- 
ing strengths of 400 tonnes or more. 


(Braidline rope photo donated by British Ropes Ltd.) 
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Braided rope. 


Man made fibres don’t rot and are resistant to most com- 
mon chemicals and flue gases although each has its own 
best features. All except the P.V.A. derivatives have low 
water absorption properties. 


Man made fibres melt and, what is more important, tend 
to lose their strength at a temperature of about 100°C 
below their melting point, so care must be taken to avoid 
local damage to the rope if it is allowed to slip (for even 
quite short periods) on the whip-end drums of warping 
winches. Typical melting points are 135°C for poly- 
ethylene (loss of strength 20 per cent at 60°C, 50 per cent 
at 80°C) 165°C for polypropylene and 250°C to 260°C 


kg 


Minimum recommended strength x 107“ 


for nylon and terylene. Melting of the inner fibres can 
also be induced by the energy released when a rope is 
subjected to sudden snatch loads. 

Man made ropes, particularly polypropylene, tend to be 
degraded by ultra-violet light. Inhibiters can be added 
when the resins are initially manufactured and the Society 
requires that ropes used for lifeboat falls, etc., should be 
so inhibited. It is expected that polypropylene mooring 
lines will also be inhibited (e.g. with 1 per cent ferric 
oxide or equivalent titanium dioxide). Polyester and 
polyamine mooring lines suffer only to about the same 
extent as manila, so special inhibition is not required for 
these materials. The chemicals used for U.V. inhibition 
can cause colour changes in the rope fibres so colour can 
no longer be used as a guide to the type of material of 
which the rope is made. It is not necessary for the Sur- 
veyor or rope maker to conduct or witness any tests for 
U.V. inhibition, but on lifeboat falls the Surveyors should 
sight the certificate issued by the fibre manufacturer 
stating that the material is effectively inhibited. Some 
synthetic fibres also need to be inhibited against oxida- 
tion and this is, so far as the Author knows, always done 
by reputable manufacturers. 


0 l 2 3 4 5 6 7 8 9 


Rule minimum strength x 107* kg 
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Equivalent man made and natural fibre ropes. 


8. Because the strength and elasticity of synthetic fibre ropes 


(except P.V.A.) both tend to be in the range 1-4 to 2°5 
times the values for natural fibres the energy stored in 
the rope under load can be very high. If the rope fails, 
which it will probably do suddenly, without giving prior 
warning, the energy will cause the rope to fly back like a 
whip and probably kill anyone in its path. Surveyors 
should take care not to stand close to highly loaded man 
made fibre ropes. It is also wise to use oversize ropes 
rather than risk a failure. 


ecause of the dangers mentioned above and because, 
due to their smaller diameter for a given strength, any 
given size of cut or other damage will affect a greater 
percentage of a man made rope’s fibres it is recommended 
that oversize ropes be used (16). 

Some Classification Societies actually require oversize ropes 
but L.R. is not one of them as yet. I.S.0./TC38/SC7 
is attempting to standardize equivalents, having been 
asked to do so by I.A.C.S., and when this is done Lloyd’s 


tN 
to 


10. 


Register will quite probably incorporate these values into 
Chapter P of the Rules. 
In the meantime the Fig. 16 values are suggested : — 


It should be noted that these are minimum values and 
many owners will use even larger ropes on their vessels. 
The graph is extended beyond the 50,000 kgs. size of Rule 
rope as straight lines to allow extrapolation for mooring 
winches handling “first lines ashore” ropes. 


In order to obtain optimum sizing of synthetic ropes 
some manufacturers use more than one type of fibre, e.g. 
a nylon core with P.V.C. coating or in the case of KR3 
rope three different fibres are used in concentric layers. 
Chapter P was amended a year or so ago to allow for 
these developments, but before accepting a new rope of 
this type the Surveyor should satisfy himself that the 
rope (or its individual strands) is not liable to kinking 
when in normal use: a common failing of multi-fibre 
constructions in their development stages. 


U' 


600 


BP Length 


Dead weight (tho 
“ 
3S 


APPENDIX 4 


Relationship of ship size to equipment letter. 
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Discussion on Mr. A. K. Buckle’s Paper 


ANCHORING AND MOORING 


Mr. F. N. BOYLAN 


Mr. Buckle has unquestionably a very fertile mind. From 
his papers on Hovercraft and Hydrofoils to Anchorings and 
Moorings is a very big step but he has taken that step, so to 
speak, in his stride, and produced a paper which I feel sure 
will be really valuable as a reference to those of his colleagues 
who have been asking all those questions which he has told us 
about. A paper of this sort involves a lot of research and 
digging, and Mr. Buckle has done this admirably. I note that 
his bibliography goes back as far as 1857, 114 years. Anchor- 
ing and mooring arrangements are, of course, of much more 
ancient origin and use than that, and in spite of all the tech- 
nical advantages of the last half century it is still extremely 
difficult to introduce anything truly new into this field. How- 
ever, one thought which struck me when looking at the paper 
this afternoon, was that in the third paragraph on page 3 of 
the paper, Mr. Buckle suggests that it is nowadays quite pos- 
sible to produce anchors with twice the holding power of 
normal stockless anchors at the same, or even less, weight. If 
this is the case is it not time we changed our attitude to the 
Rules and introduced higher hold’ng power anchors into our 
requirements for all classed ships? 

If we suggested to owners that they should use structural 
measures which were very much heavier than were necessary, 
they would not take very kindly to it and I think possibly the 
time has come to take this attitude towards equipment also. 

The last paragraph on page 3 is not altogether clear to me. 
Mr. Buckle says that aerodynamic frictional drag depends on 
the length as well as cross-sectional area of an object and that 
omitting this effect gives values a little too small for passenger 
ships and a little too big for tankers. Superficially I would 
have thought that the effect would have been exactly opposite, 
but no doubt Mr. Buckle is quite correct. 

On page 5 Mr. Buckle refers to two queries “of some 
importance”, one of which was how to deal with superimposed 
tiers of superstructure when the camber differs from one deck 
to the next. He makes quite a point of the correction in the 
Rules which was made in this context. This does strike me a 
little like straining at a gnat whilst swallowing a camel when 
one considers point B of the same item. A bulwark 1,5 m. in 
height is ignored in the calculations for Equipment Numeral 
but surely there is a big difference in wind effect between a 
bulwark of this height and open rails such as are fitted on 
tankers. One would have thought that the effect of a 5 ft. 
bulwark would be much more severe than a difference of an 
inch or so in camber. (Incidentally the amendment referred to 
by Mr. Buckle does not appear in Notice No. 2 to the 1971 
Rules but in Notice No. 3. No doubt this is merely a printing 
error.) On page 7, writing of the number of failures which 
have occurred in cables over recent years, Mr. Buckle gives 
instances of ships swinging on their anchor in order to nego- 
tiate difficult harbours. He refers to one port in particular 
where this is done but does not say whether that particular 
instance has produced any known failures. The question does 
arise as to whether this is a reasonable use of ships’ equip- 
ment. If a vessel should be able to make use of anchors and 
cables for this purpose it can hardly be quoted as an excuse 
for failures, 


The next point I was about to make, Mr. Buckle has already 
covered. On page 18, paragraph 2, he refers to the Society’s 
proposal to both I.A.C.S. and I.S.O. that all mooring winches 
should be capable of holding the mooring line up to its full 
breaking load but at the top of the next column he says that 
the Society has not yet acted upon I.A.C.S. Working Party 
recommendation. Since this is actually our own recommenda- 
tion and it has been adopted by I.A.C.S. I was about to sug- 
gest we should go ahead; however, Mr. Buckle has already 
explained why this has not yet been done. 

There follows a lot of useful observations and information 
about mooring of various types of equipment in Ocean Engi- 
neering and for Super Tankers at sea terminals of which we 
have seen a film. These problems are still very new and 
probably we can expect further developments before the 
equipment used settles down into accepted standard types. 
What Mr. Buckle has offered in his paper will be of great use 
in the meantime, to those dealing with these problems. 

With reference to mooring ropes, the ever increasing size in 
tankers poses serious problems in correctly ascertaining their 
strength. The ropes now required for tankers of half a million 
tons or more are so big that it is impossible, with any existing 
methods, to test a fully complete rope. Man-made fibres are 
so elastic that, when the largest sizes of mooring rope are 
considered, by the time thimbles are inserted at each end and 
two splices are made, the length of the specimen for testing is 
not less than 4 or 5 m. and the elasticity in such a length 
makes it impossible to test to breaking with any known equip- 
ment, sO some new equipment must be developed for this 
purpose because it is not really satisfactory to base the strength 
of finished ropes on an extrapolation of the results obtained 
from samples of ,', th the strength. These are just a few 
random observations. 

I would like to congratulate Mr. Buckle very sincerely on 
a splendid piece of work and on a paper which has been 
extremely interesting and which will no doubt prove most 
useful to his colleagues. 


REPLY 

Mr. Boylan’s first question, relating to the Society’s policy 
regarding high holding power anchors, leaves me a little 
puzzled. The Society does, of course, already allow a 25 per 
cent reduction on the tabular weights for approved h.h.p. 
anchors. 

A full 50 per cent reduction is not allowed because the 
effectiveness of h.h.p. anchors depends upon their being able 
to bury themselves well into the sea bed. If one is lucky 
enough to anchor on sand, gravel or something like that, there 
is no problem in getting very high efficiencies, such as those 
shown in Fig. 1, which are records of tests witnessed by the 
Society’s Surveyors. 

If, however, the sea bed is smooth rock or soft silt then 
weight, as such, becomes important because the large flukes 
on the h.h.p. anchors can’t get a proper hold. For this reason 
many shipowners prefer to use ordinary stockless anchors, 
especially if they will be anchoring in crowded harbours 
where scope must be limited. 

Next, with reference to gnats and camels. This is a hardy 
perennial about which little can be done, The basic rules were 


developed to make their application as simple as possible. 


The broad exclusions of low bulwarks, masts, small deck- 
houses, etc., were written into the Rules for this purpose. In 
practice, however, certain Societies charge fees on the basis of 
equipment numerals and this led to shipyards owners and 
designers seeking to find ways of down-grading the numeral 
so as to save fees throughout the ship’s life. As this was a 
quasi legal item involving money it was found necessary to 
be specific on such matters. The problem is that if one over 
specifies, then the law becomes an ass, while if one under- 
specifies the rule becomes unenforceable. 

The port I specially mentioned, where ships snubbed round 
on their anchors, was Lagos. Ships came down from Apapa 
quay and had to turn through about 120°, across the tide, in 
order to come up to the trot moorings and to the quays on 
Lagos Island. 

They did suffer failure occasionaly, about one every two 
years came to my notice. 

With regard to aerodynamic drag due to wind friction on 
superstructures, it will be realised that a passenger ship has a 
much larger lateral area than, say, a tanker, so the frictional 
drag will be larger, and if this factor is ignored the result will 
be to underestimate the equipment requirement of the ship. 

The reason that tankers would have been given too large 


A 
an E.N. value is that had the io term been omitted the con- 


stant used with the B xh term would have been somewhat 
larger in order to give a “best fit” comparison between the 
present and the old equipment requirements. For tankers, the 
increase resulting from this increased constant would have 


A 
been greater than that due to the io term now used. 


The reference to Notice No. 2 on page 5 of the paper is, 
indeed, an error, and should be Notice No. 3. 

The testing of braided rope causes problems only from the 
economic aspect. If someone would build a test machine with 
a bed length of about 10 m., a stroke of 4 m. and a pull of 
about 400 tonnes most of our problems would be over, but at 
present the indications are that such a machine would not be 
economically viable. 

Lloyd’s Register have suggested that using sockets, similar 
to those found on many wire ropes, would eliminate splices 
and reduce the required stroke to about 1 m. This sounds 
simple in theory but the fracture mechanics of fibre reinforced 
materials have resulted in premature failure on all the samples 
so far tried although certain of the epoxy resins originally 
developed for the beds of stamping machines are now under 
trial and may prove to be adequate for research purposes if 
not for routine work. 

A new test machine has now been located in Germany 
which is, I understand, able to test this type of rope sample 
up to approximately 200 tonnes so the extrapolation of test 
results will be reduced to only about 180 per cent of the test- 
able values. In the meantime the following realisation factors 
are being accepted for nylon double braided rope: — 


Rope Circ. Realisation Rope Circ. Realisation 
(inches) Factor (inches) Factor 
6 -709 64 697 
a “685 74 674 
8 *662 84 651 
9 “649 94 “627 
10 “615 104 °610 


tN 


For comparison purposes typical realisation factors for 
hawser laid nylon rope and 3-strand hawser laid manila rope 
are: — 


Nylon Manila 
rope circ. Realisation rope circ. Realisation 
(inches) Factor (inches) Factor 
6 -596 6 -609 
7 586 598 
8 ey “589 
9 DOW A! 582 
10 565 10 ‘578 


WRITTEN CONTRIBUTIONS 


Mr. J. B. DAVIES (Glasgow) 


It is a strange fact that during the first 1900 years of the 
Christian era there was only one basic advance in anchor 
design and again only one change in the method of attaching 
the anchor to the ship. It is not known when the heavy stone 
gave way to the man-made anchor but the discoveries made 
when draining the Pontine Marshes in the 1930's showed that 
the anchors of the Emperor Caligula’s galleys (circa A.D. 39) 
were essentially similar to the fisherman’s anchor of today 
and, except in size, to the wooden-stocked anchors of the 
Victory. Thus the only change, until those described by Mr. 
Buckle, was the introduction of the stockless anchor in the 
late 19th Century. Cables were, of course, made from natural 
fibres until the introduction of wrought iron stud link cable 
which was first made by Lieut. Brown about 1810. Subsequent 
changes from iron to steel and then to higher tensile steels 
have been relatively minor compared to this one really major 
innovation. 

The introduction of the stockless anchor did not give any 
greater holding power than the stocked (but rather an easier 
anchor to handle) so Fig. | in this paper shows what a great 
improvement came with the h.h.p. anchor with its holding 
power some two-and-a-half to three times that of the standard 
anchor. This increased holding power had, however, one un- 
fortunate side-effect in that it increased the risk that the cable 
would break before the anchor dragged. The Author’s Fig. 5 
shows that, for a given cable diameter, the factor of safety 
increases as one goes from UI to U3 and at one time it was 
proposed that only U3 cable should be allowed with a h.h.p. 
anchor. My personal view is that this would have been correct 
but eventually the Working Party decided to allow U1(b) or 
U2 as well (i.e. any cable made from a material having a 
U.T.S. exceeding 41 kg./mm.*). 

There is, however, an anomaly in that the Yacht Rules 
allow any grade of cable to be used with a h.h.p. anchor. Fig. 
4 shows that the small anchors, such as are used in yachts, 
have a very high efficiency but on the other hand yachtsmen 
prefer to moor with a relatively short length of cable which 
would not allow the full efficiency to be obtained. Perhaps the 
Author would comment on this. 

A related point is that, in my opinion, the fitting of an 
h.h.p. anchor of a weight much above Rule should be dis- 
couraged unless the chain cable is increased to correspond. 

As the first Chairman of the Working Party I would like to 
thank Mr. Buckle for the great deal of hard work he did in 
carrying out many of the calculations; he and I know what 


seemingly endless international discussions are hidden behind 
his deceptively simple phrases like “were chosen”! Credit must 
also be given to the representatives of the other Societies for 
the work they all did and the spirit shown which enabled us 
to arrive at unified requirements. 

Fig. 7 shows an interesting type of chain which ts sometimes 
used for mooring buoys. I presume its advantage is that for a 
given length the square section will have a greater weight than 
if made from the normal round bar. 

It might be mentioned here that one maker used an oval bar 
(for normal ship cable) so as to achieve a more nearly circular 
section when bent. This may have to be borne in mind when 
considering the application of I.S.O. tolerances. 

Certain work has been done in this district on ultrasonic 
testing of chain cables. After initial difficulties had been over- 
come it appeared possible to obtain a satisfactory method of 
testing but it is far from easy to know what standard of 
acceptance or rejection should be set; it is very likely that 
cables which have given years of service might well show there 
had been some initial faults. The Author’s conclusion on this 
matter would appear reasonable. 

The Author’s description of the various types of single point 
moorings is most interesting and the whole paper is very 
valuable in bringing us up-to-date in what has been a very 
specialised subject known only to a few. 


REPLY 


In reply to Mr. Davies’ remark about yacht anchors there 
isn’t much that I can say except to expand on my remarks at 
the foot of column 1 on the first page of the paper. If a yacht 
is anchored with a scope of two then a fisherman-type anchor 
will probably give the best holding power. This could be as 
little as 20 per cent of what a h.h.p. anchor of equal weight 
would give with a scope of six or eight but is about four 
times better than that same h.h.p. anchor would give with a 
scope of two. The values are very rough because much 
depends on the type of bottom. 

The Rules do not permit an anchor with a weight more 
than 7 per cent above rule weight to be fitted to a rule chain 
cable. While there is quite a bit in hand in the case of ordin- 
ary stockless anchors there is no reserve on h.h.p. anchors 
subjected to snatch loads so in these cases the 7 per cent limit 
should not be relaxed. 

The rest of Mr. Davies’ comments are appreciated but don’t 
seem to call for a reply. 


Mr. W. B. SCHEELINGS (Rotterdam) 


In the last week of November an Experts’ meeting was held 
of 1.8.0./TC8/WGI ad hoc in order to discuss the results of 
the investigation carried out by the Secretariat in connection 
with the Resolution No. 15 of the last meeting of I.S.0./TC8 
in October 1970. 

During this discussion it appeared that at present all sizes 
of material required for the production of cables according to 
the Rules of the Classification Societies can be obtained, but 
whether this will be so in the future is doubtful. 

On the occasion of the meeting, again the tolerances of the 
diameter of produced cables were discussed. Electric welded 
cables which are being bent both sides and flash welded at the 
side require, in order to obtain a minimum diameter accord- 
ing to the Rules, to be made of a bar of a diameter of at least 
1 mm. greater than the nominal diameter up to 40 mm., 2 mm. 


from 40 to 80 mm. diameter and 3 mm. above 80 mm. 
diameter. 

This can result in future that cables have to be made of bar 
material which can be from 3 to 7 mm. larger in diameter. 
Consequently the weight will be too heavy and may even 
require a larger type of anchor winch. 

It has been decided that in the 1.8.0. Recommendation the 
tolerance will now be specified as follows : — 


“The allowable manufacturing tolerances on the nominal 
diameter d of the common link are: — 


—1I mm. up to and including d=40 mm. 
—2 mm. up to and including d=80 mm. 
—3 mm. above 80 mm. 


The sectional area of the cable should be at least equal 
to the area of the nominal diameter of the cable.” 

The method used for measuring the mean diameter when 
surveying cables should be used also when producing electric 
flash welded cables. This will be specially mentioned in the 
1.8.0. Draft Recommendation. 

The result of the meeting was further that all diameters of 
the cables mentioned in the Rules will also be mentioned in 
the I.S.0. Recommendation. The diameters which are not 
equal to the preferred number (Euronorm 60/65—I.S.0./R 
1035 I) will be placed in brackets. 

We trust that we may accept the method of measuring the 
actual mean diameter as mentioned above when checking new 
cables and will not have to require that the minimum diameter 
should be at least equal to the Rules. 

REPLY 

Mr. Scheelings’ contribution is useful in that it gives the 
latest situation with regard to the I.S.O. chain standards. It is 
now anticipated that the standard will be published in 1972 or 
at the latest 1973. The reference to the effect of oversize 
anchor chains is, if anything, an understatement. An increase 
of 7 mm. on a chain with a nominal 120 mm. diameter will 
add about 27 tonnes to the weight of the chain to be carried 
by the ship, but this is only the start. The volume of the chain 
locker will have to be increased by approximately 5 per cent 
and the scantlings of the locker floor and bulkheads, and of 
the structure supporting the locker, will also need to be 
increased. The increased diameter and weight of the chain 
will also probably require modifications in the windlass design; 
certainly increased brakes and possibly an increased power of 
motor, gearing and windlass mainframe. This, in turn, will 
mean that the windlass seating and the pillars and other sup- 
ports below will have to be increased if stress levels are to be 
maintained. 

The total effect can be sufficient to make a ship owner 
seriously consider whether it might not be more economical 
to have chain bar of the correct size rolled, as a special order, 
rather than pay an increased capital cost on the hull and 
suffer loss of deadweight throughout the ship’s life. 

The question of whether diameter for classification purposes 
should be measured in one direction only or be taken as a 
mean at any given cross-section will, doubtless, be settled 
shortly. 


Mr. V. ANDERSON 


May I, as a practical mariner, offer some constructive com- 
ments on your paper? I believe I speak for many of the pro- 
fession when I say that the weight of an anchor is important 


even if it is a high holding power anchor. We must remember 
also that a yachtsman’s requirements of an anchor are not the 
same as those of merchant ships. Ships have to let go anchors 
on to all sorts of bottoms and anchors are used, by necessity, 
for assisting in manceuvring the ship in difficult and restricted 
conditions. For example, an anchor may be used to snub a 
ship round in a narrow space, for easing the ship’s fore end 
on to a berth or for heaving her off a berth in a breeze of 
wind or in a strong current. When a ship anchors in poor 
holding ground the weight of the anchor is, I submit, a very 
important factor and, if one may quote the hypothetical but 
ridiculous case of a ship anchoring on rock with an aluminium 
high holding power anchor, I believe this proves the point. 
For a variety of reasons merchant ships cannot always anchor 
in the best anchorage which they would choose if they could. 
V.L.C.C.s are frequently obliged to anchor, because of their 
size, in the open sea and exposed to the ocean swell in very 
deep water; ships still have to make running moors because of 
insufficient areas in which to swing and as merchant ships 
still trade to ports all over the world where they are likely to 
meet with unusual conditions | do make a plea that anchors 
should not be reduced in weight too much even if they are 
high holding power anchors. Nothing is worse than dragging 
an anchor in the middle of the night in a crowded anchorage 
in bad weather and having to get out and go to sea, except 
perhaps another ship dragging on top of you and about which 
you can do very little because if you heave up you may 
collide. 

Again weight of chain is most important and for the same 
reasons. I believe that for an anchor to bite and hold properly 
the chain next to the anchor should be horizontal or nearly 
so, after which the angle increases gradually to the ship. If 
the angle of the chain at the anchor increases to 45° or there- 
abouts the possibility of the anchor breaking out and dragging 
is considerable. The heavier the chain the more the likelihood 
of the chain next to the anchor staying horizontal. You men- 
tion in your paper that a scope of six times the depth of water 
should be used and I suggest that such a scope stretched out 
as far as it would go in bad weather would require a very 
large swinging circle. 

I was a pilot in Dar-es-Salaam for many years and we used 
to moor ships on a running moor to three shackles on each 
anchor. Ships had to ride out the S.W. monsoon and the ebb 
tide of 2-3 knots in the same direction and they did it com- 
fortably. At one of the other berths we used to moor the big 
passenger ships with their anchors to the tide, but with the 
stern moored so that the wind was about four points on the 
bow and the ship athwart the tide. Admittedly, in this berth 
the tide was only about 1—14 knots but the ships lay comfort- 
ably. This was, of course, with good old fashioned heavy 
anchors and chain. A scope of three to four times the depth 
was considered adequate so it seems as though “you pays your 
money” (for the heavier or lighter chain) “and you takes your 
choice” (as to whether you use more or less). 

The heavier chain acts as a better catenary and prevents 
“snatching” at the anchor and prevents shocks coming on the 
anchor, chain and gear. I have used this successfully in two 
ports on shore moorings to ships. At Takoradi in Ghana we 
were at all times both inside and outside the lee breakwater 
when I arrived and later a second bauxite loading berth out- 
side. Both these berths were open to sudden tornadoes of 
which no warning was received until they were seen approach- 
ing at certain seasons. In order to hold these ships alongside 
during and after these tornadoes which were accompanied by 


gale force winds and which set up a heavy sea and swell 
straight into the berths [ devised a set of moorings for the 
two outside berths which consisted of shore wires at each end 
of the ship to which were attached heavy chains at the shore 
end secured to the mooring bollards. During the time I was 
there we were able to hold all out ships alongside without 
incident as the heavy chains did their work. 

The plea, as you will have gathered, is that anchors and 
chains should not be reduced too much in weight. 

I did the same thing recently at Milford Haven where on out 
berths we provided big 5 in. circ. “insurance” wires to ships 
as we were on the south (weather) side of the Haven. We con- 
sidered that 5 in. was the largest size, even made specially 
flexible for the job, that men could turn up on a ship’s bitts. 
This was all very well even in the sometimes up to force 9 or 
10 winds experienced there with ships up to 100,000 tons. But 
with 200,000 and 255,000 tonners we had an additional pro- 
blem. Naturally, I returned to my use of chains and although 
I used these through one winter only I believe from my 
observations that they will, by their weight, increase the 
strength of our wires when they are really tested. The reason 
for using these shore wires was because, although these 
200,000 and 255,000 ships are all well fitted out when they are 
new, in a few years’ time their mooring ropes and wires will 
not be so dependable as they are now. Another company had 
a ship break adrift shortly after I got to Milford Haven and 
she ended up sitting on the rocks at low water. 

I note your remarks on mooring winches. Oil companies 
have, in the main, stopped using them in automatic operation 
because several cases have occurred of backspring winches in 
automatic drive picking up a small initial movement of the 
ship in a fore and aft direction and this becoming gradually 
magnified by the automatic slack/heave of the winches with 
the result that the ship eventually moved so far that the hose 
rigs were pulled down. 

Another oil company at Milford Haven had several unfor- 
tunate experiences with mooring winches on V.L.C.C.s All 
moorings were on winches which were on brakes. In some 
cases, as other ships passed, their ships moved off the berth at 
or around low water. They had an internal company enquiry 
into this and this enquiry found that in many cases on their 
new ships the wires had been rove on the winches in the 
wrong direction. This had been done when the ships were 
being fitted out. The makers of the winches advised the oil 
company concerned that with the wire rove on the drums in 
the wrong direction the brakes would develop only about 20 
per cent of their proper holding power. 


REPLY 


In reply to Mr. Anderson, may I start by saying that, in 
principle, I agree entirely with his attitude and most of the 
points that he has made are mentioned, albeit in rather less 
detail, on page 1 of the paper. There are things worse than 
dragging an anchor and having to get out—dragging and 
being unable to get out for instance. One need not drag far 
in Hong Kong before fouling on power cables and at that 
point trouble really begins! I’ve also heard cases where a ship 
has been brought up short, due to the anchor suddenly biting 
into the sea bed, with the result that the windlass has col- 
lapsed. There have been a series of cases where windlasses on 
V.L.C.C.s have collapsed in the last year attributable to at 
least two, and possibly three, quite different causes. 

With regard to catenaries, the indications are that once 
minimum strength requirements are satisfied it is better, taking 


damping, etc., into account, to put extra weight into a chain 
by increasing its length rather than by maintaining length and 
increasing diameter. A ship owner may, however, prefer to 
increase diameter, as to do so allows considerably more wear- 
down before the Society will demand that the cable be 
renewed. 

I dispute the angle of 45° (chain to sea bed) as being the 
point where the anchor is liable to break out of the sea bed. 
Half that value is more realistic, in my opinion, for ordinary 
stockless anchors, and one-quarter of it for high holding 
power anchors, hence my plea for a scope of at least six if the 
ship is to be at anchor in bad weather. 

With regard to mooring winches a value of brake holding 
power of 20 per cent doesn’t surprise me at all, so if the 
design brake capacity is already only 10 to 20 per cent of the 
rope’s strength the final result is pitiful. Hence the Society’s 
concern. 


Mr. P. HOLLAND 


The section on mooring lines refers to the draft I.S.O. 
requirements for steel wire ropes for general purposes but 
does not give any guidance on the selection of a suitable rope 
or why a particular rope is acceptable for only certain uses. 
The relative merits of “Seale”, “Warrington”, “Filler”, “Langs 
lay”, etc., types of construction are not always clear and 
perhaps you could enlarge upon this aspect. 

Similarly, comments would be appreciated on the reasons 
for the different types of galvanizing used on the wire (hot dip 
drawn galvanized, hot dip finally galvanized and the electro- 
lytic process), as opposed to the detailed requirements laid 
down in various British Standards. 


REPLY 


Mr. Holland has asked me for some information on wire 
ropes, with particular reference to galvanizing, and to the 
different types of construction. This would really need a paper 
to itself but here are a few short notes. 

Galvanizing can be done before or after the wires have 
been drawn and the zinc is applied either by electrolysis or by 
hot dipping in a zinc bath. As the quality of the wire can be 
considerably reduced by hot dipping after drawing, most 
dipped shipping wire is galvanized before drawing. The Society 
will take either alternative provided the finished product com- 
plies with the Rules. Drawing after dipping not only avoids 
the danger of partial annealing of the steel but also gives 
better adhesion and, as the process gives a semi-polished 
surface, greatly reduces the chance of early failure due to 
notch sensitivity effects. Electrolytic deposition of the zinc 
also gives good adhesion and the final coating has, if properly 
applied, excellent ductility and concentricity. Trouble can 
occur, however, due to hydrogen embrittlement especially on 
the very high tensile grades of wire (1770 N/mm.? and above). 
This process is, however, giving satisfactory results in the 
grades of wire listed in Chapter P of the Society’s Rules. Some 
rope has been coated with aluminium instead of zinc. This has 
been accepted by the Society in certain instances but the 
possibility of thermit-type sparking rules it out wherever 
there is the danger of explosion. 

So far as construction is concerned the permutations are 
almost unlimited, but as almost all variations in construction 


an 


affect the final rope properties only a limited range of con- 
structions (something in the order of 35 or 40) are suitable 
for ship uses, and not all these can be economically used for 
more than a single purpose: e.g. shrouds, lifeboat falls, cargo 
lashing and lines associated with automatic mooring winches 
are not interchangeabie. 

1.S.0./TCI105 is currently preparing a standard glossary of 
terms for wire ropes but this is not yet published so some of 
the terms used below may be changed in due course. There 
are, however, a few points which can be clarified. At one time 
wire ropes were constructed using several layers of wires, all 
of the same diameter and all having a constant pitch, so that 
successive layers crossed each other (see Fig. 17). 

This left voids within the rope and created “hard spots” at 
each crossing point so that the rope’s life was seriously 
reduced, due to fatigue failure of the wires at these crossing 
points, if the wire was subjected to repeated high loads. 

Various constructions were developed to overcome this 
problem but in essence all relied on the pitch varying with the 
diameter of the actual layer of rope being spun. Some of these 
variations are illustrated in Fig. 18. Fig. 18 is, however, only 
diagrammatic as, due to the angle of the wires, they would 
appear as elipses and not circles if an actual rope was cut 
through. 

It can be seen that 18(a) is the simplest and weakest con- 
struction. 18(b) is the strongest but the small diameter of the 
filler wires renders them liable to early failure due to cor- 
rosion and wear. 18(c) gives the smoothest outer surface and, 
in many uses, good wearing properties, but the small wires in 
the outer layer render them more subject to corrosion and 
notch damage failure. 18(d) is not as strong as 18(c) but uses 
large wires on its outer layer so is regarded by many as a 
good compromise for general purpose uses. 

The ropes shown all have fibre cores but can have a centre 
strand identical to the outer strands or a centre strand con- 
sisting of an independent wire rope of, say, 7 x 7 construction. 
6 x 19 rope has only two layers of wires in each strand so is 
relatively stiff. 6 x 37 has three layers of wires sois more flexible, 
6x61 has four layers so is more flexible still, but the small 
diameter of wires renders them much more liable to corrosion 
and other damage. 6 x 19 rope only has one layer of strands 
but some ropes, such as lifeboat falls, often have two. One 
advantage of this is that by twisting one layer in a right-hand 
direction and the other left handedly it is possible to produce 
a “non spin” rope which will not tend to unwind itself when 
under tension. 

With regard to “Langs lay”, this is a rope where the strands 
are twisted in the same direction as the wires in the strand. 
It is much better than ordinary lay construction where the 
rope is to be subjected to considerable wear, provided that 
both ends of the rope are fixed so that they can’t untwist. This 
is because in ordinary lay rope any untwisting of the strands 
tightens up the twist of the wires, and vice versa so making 
the rope stable. In Langs lay, as both twist the same way, 
stability is not inherent. 

If fitted to a crane, for instance with the hook on the end 
of the rope then the first time the rope was used the load 
would spin round until all the rope wires were straight and 
parallel. It is almost as bad in a multi-sheave block as the block 
tends to rotate and twist all the parts of the tackle into a 
lovely tangle. In general, therefore, Langs lay rope is not suit- 
able for shipboard use. 
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SOME COMMENTS ON SHAFTING AND STERNTUBES 


by C. M. BERGMANN 


1. INTRODUCTION 


The Rules set forth the minimum requirements for a ship 
from the classification point of view but the wording is such 
as to give a wide field of possibilities so as not to restrict 
technical developments. 

For the individual Surveyor this means that in his work 
he is often called upon to decide questions not particularly 
covered by the Rules but where he must use his own 
experience backed up by the knowledge gained by the 
Society on a world-wide basis. 

One area where problems can be encountered is that of 
shafting and sterntubes and the present paper sets forth the 
results of certain experiments, measurements and calculations 
undertaken by the author. If this paper proves of value to the 
Surveyor on the job this will be the best reward for the 
author’s efforts. 


2.1. Measurements taken at sea to show the influence of 
temperature on a sterntube 


Shafts and bearings have been in use since the beginning 
of the technical era and this theme has already been widely 
discussed in literature. 

The heat produced under certain conditions of loading 
can be calculated but it is difficult to give precise figures. 

Where sterntube bearings are under discussion the tendency 
is for a shipyard to consider these as in some way separate 
from the normal machinery space and to make references to 
such wording as “special conditions” or “particular experi- 
ence”. 

Is it really true that the sterntube bearings occupy a special 
position in relation to other bearings? The following results 
of measurements will provide the answer. 

The measurements were taken on a standard type cargo 
ship of 10527 tons gross having an engine output of 9600 
BHP at 120 RPM which was chosen because of its sterntube 
construction representing a type frequently in use today 
(see Fig. 1). The details are as follows: — 


1. Lean sharp aft-ship structure with stern boss protruding 
over the stern. Practically the whole range of the aft 
sterntube bearing is submerged in sea water. 


Length of the aft sterntube bearing: 2 X shaft dia. 


3. Oil lubricated bearings sealed off by approved sterntube 
glands. 

4. Aft peak filled with fresh water, the suction pipe con- 
ventionally cut off about 0,5 m above the sterntube in 
order to keep the sterntube covered by cooling water. 


The arrangement of measuring points is shown in Fig. 2 
and 3. The measuring points were so placed that conclusions 
could be drawn regarding the heat flow. 

Unfortunately, the construction characteristics could not be 
varied for these tests. 

The only variables are shafting revolutions, sea water 
temperature and the aft peak filled or empty. These variables, 
however, in conjunction with the large amount of data 
registered are sufficient to provide a picture of the normal 
temperature conditions of a sterntube bearing. 
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Sterntube arrangement 
on which the measure- 
ments were carried out. 
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Arrangement of thermoelements in the surrounding of the aft sterntube bearing 
(small arrows show direction of heat flow). 
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Arrangement of thermoelements in the surrounding of forward sterntube bearing 
(small arrows show direction of heat flow). 
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It should be noted that the curves shown in Figs. 4+ to 8 
represent mean values. 


Fig. 9 shows the radial temperature drop through the 
sterntube from 36°C to 20°C. The line through the measuring 
points M3.1, K 3 and K 3.1 appears to be a single curve, in 
fact it consists of the three parts a, b and c. Each individual 
curve depends on the heat conduction characteristics of the 
material of the bearing bush, sterntube and sternframe. 


Measurements were taken by the author during a journey 
of the ship to Europe from Africa, and further results are 
also available from measuremenis taken on the same ship 
during three previous voyages around Africa. In all cases the 


Degrees centigrade 


Seawater temperature degrees centigrade 
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Temperature of aft sterntube bearing at white metal. 


(Full line—aft peak filled with W.B. 
Dotted line—A.P. emptied.) 


to 


values were recorded every 20 seconds by two dotted line 
recorders. The strip charts were analysed separately on the 
basis of shafting revolutions and sea water temperature. 
Revolutions maintained over a long period of time were in 
the range of 112 to 119 RPM and the measurements were 
taken in this range; however, as expected the scattering of 
the plotted points did not allow an exact correlation of 
temperature and revolutions, the latter having been 112, 
115 and 119 respectively. 

A clear relationship between shaft revolutions and 
temperature was only distinguishable in the region of the aft 
end of the sterntube. For comparison purposes these curves 
can therefore be related to a mean value of 115 RPM. 


Degrees centigrade 
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Seawater temperature degrees centigrade 
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K3—Temperature of the sterntube in way of the aft bearing. 
K3. 1—Temperature of the ship’s structure in way of the aft 
bearing. 


(Full line—aft peak filled with W.B. 
Dotted line—A.P. emptied.) 
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K2—Temperature of the sterntube outside aft bearing, but 
in way of the ship’s structure. 


K2.1—Temperature of the ship’s structure below Point K2. Temperature of the forward sterntube bearing at white metal. 
(Full line—aft peak filled with W.B. (Full line—aft peak filled with W.B. 
Dotted line—A.P. emptied.) Dotted line—A.P. emptied.) 
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K1i—Temperature of the sterntube below thermocouple M1. = 
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K1.1—Temperature in reinforcement ring of aft peak bulk- “ 
head. 2 
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(Full line—aft peak filled with W.B. 
Dotted line—A.P. emptied.) 
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Conduction of heat through the aft stern section at a seawater temperature of 20°C (without air gaps). 
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2.2. Heat balance 


A heat balance was derived by calculation on the basis of 
the measured values available and the construction data of 
the sterntube. The heat produced by the bearings and the 
heat capable of being carried off through the sterntube 
construction were calculated separately. 


FRICTIONAL POWER IN THE BEARINGS 


The frictional power was calculated on the basis of the 
following formula (Prof. Dr. Vogelpohl “Betriebssichere 
Gleitlager”’) 


Mo=fxAxHx V9 


where the film coefficient of thermal conductivity f and the 
surface A can be eliminated by inserting the formula of the 
heat factor H 


4:25xV tome : 
H=————_-V/ Px VxL, 
100xfxA 
Then Mw becomes 
Mq@=4:25 x 10-2 x V V3 xy b 4 P x Ls 
in which 
kpm 


Mq= frictional power in ee 


m 
V=peripheral speed of the shaft in eI 


m 


kp sec 
n=Viscosity of the lubricant in cP [1 | 


at a certain bearing temperature 
P=bearing load in kp 
L,=length of bearing in metres. 


The above formula shows that the frictional power which is 
equal to the heat produced by the bearings varies with the 
viscosity of the lubricant if the other variables are considered 
to be constant (RPM = 115 to comply with the temperature 
curves shown before). The actual values of viscosity however, 
cover a wide range with the seawater temperature in the 
range of 10° to 30°C and if the corresponding bearing tem- 
peratures are taken into consideration, this leads to the result 
that the frictional power would then be in a range of 7.5 to 
4.2 BHP for the aft bearing and 1.8 to | BHP for the 
forward sterntube bearing in question. 


HEAT CAPABLE OF BEING CARRIED OFF THROUGH THE STERN- 
TUBE CONSTRUCTION 


Both aft and forward sterntube bearings have been sub- 
divided into several parts to facilitate calculation of the heat 
flow. Even then different calculation methods had to be used 
to calculate the limiting feature for the individual heat 
currents. It was quite obvious that the film coefficients of 
thermal conductivity given in literature were in general not 
applicable to this case. An estimate of the film coefficients 
however could have been made using formule developed by 
Nusselt, Grashof and Prandtl if al/ the necessary values were 
measured. This could not be done in this case and the use of 
the film coefficient was avoided so far as possible, 


In addition to the following formule 


(for each 
section) 


separate ring 
and Q=fxSx At 


a method developed by Dr. Gersdorfer was found useful, 
where a heat transmission factor can be calculated : — 


1 
.* 2(2) 
S 
bisimeeiss llth | x('*) 
f ee a 
Q=Wx At 
in which 


] 
Q=heat flow in ea 


wth Tay ee Keal 
W=heat transmission factor li, x °C 


L=length of section transmitting heat, in metres 


L,=length of heat pass of equal cross-sectional area, 
in metres 


a=heat conduction cross section in the length L, in 
m2 (is always in the area normal to L,) 


S=surface under consideration in m.* 
d,; d,=diameters under consideration, in metres 
At=(t,—t.)=temperature difference in °C 
k,=overall thermal conductivity of the material in 


[ Keal 
m? x hx =| 


f=film coefficient of thermal conductivity adjacent 


Keal 

m*xhx °C 
For the aft sterntube bearing section it was first checked 
whether the heat flow is restricted by the heat conductivity 
of the metal k, or by the film coefficient of the surround- 
ing water f. The result showed clearly that the restricting 
figure is k,. Even where f was calculated as being 3000 (which 
appears a relatively low value for a water velocity of about 
10 m/sec) the heat capable of being carried off is several times 
that which can be transmitted to the surface. 

For the forward bearing section some film coefficients of 
thermal conductivity had to be estimated : — 


f = 300 steel/still water in the aft peak 
f= 
f = 20 steel/lubricant in the sterntube 


The result of the calculations showed that about 7.6 BHP in 
way of the aft bearing and 1.8 BHP in way of the forward 
bearing can be carried off through the aft ship structure on 
the basis of the temperature values measured. 

This is about the same amount which had been calculated 
as frictional power (taking into account a seawater tem- 
perature of 10°C). 


to the structure in 


3 steel/air in the shaft tunnel 


The heat flow pattern for the sterntube under consideration 
is given for the two separate heat producing bearings as 
follows: - 


(a) APT BEARING 


It was assumed that the frictional heat of the aft sterntube 
gland due to its exposed position is directly transmitted to 
the sea water via housing, chromium steel bush and propeller 
without having any influence on the temperature of the aft 
sterntube bearing. 

Assuming the total heat capable of being carried off 
through the aft stern construction be 100 per cent, then the 
heat flow calculated in percentages of friction power is as 
follows: — 

(a) bearing shell—sterntube—sternboss 
cent. 


seawater=51.5 per 


(b) bearing shell—sterntube—sternboss—aft ship structure 
—seawater = 44 per cent 


(c) shaft—propeller hub—seawater = 2 per cent 


(d) heat capable of being transmitted to the water contained 
in the aft peak through half the length of the sterntube 
=2.5 per cent 


(b) FORWARD BEARING 


Because of its unknown heat produced due to friction the 
forward sterntube gland was not included in the calculation. 
The two systems—gland and bearing—are well isolated from 
each other (joint between sterntube and gland housing, air gap 
between chromium steel-bush and shaft), and therefore justify 
separate consideration. 

The heat flow in way of the forward sterntube bearing is 
as follows: — 


(a) bearing shell—sterntube—reinforcing ring of bulkhead 
—water in the aft peak: 89 per cent 


(b) bearing—sterntube oil—sterntube—water in the aft 


peak: 10 per cent 


(c) less than | per cent can be carried off to the surrounding 
air in the shaft tunnel. 


2.3. Conclusions and recommendations 


The measured results are not only valid for the sterntube 
construction in question, they also give an important criterion 
for bearing arrangements of future constructions. 

In general the following questions can be answered after 
analysing the heat balance and the figures 4 to 8: — 


1. Is the water in the aft peak necessary for cooling of the 
sterntube? 

The type of heat generation as well as its transmission 
differs in the areas influenced by the forward and the aft 
bearing and these are therefore considered separately. 

We have seen that with the construction in question, and 
similar constructions, the aft bearing is cooled directly by 
the seawater. 

The heat of the forward bearing flows practically without 
exception into the water of the aft peak. Accordingly the 
temperature level increases if no cooling is available. (The 
increase in temperature is indicated by the difference between 
the full lines and dotted Jines shown in Figs. 6 to 8). 


However, where the forward bearing is arranged at or near 
the aft peak bulkhead, there is sufficient area of plate material 
to carry off the heat, and the bearing temperature remains 
within normal limits. 

It can therefore safely be said in most cases that no cooling 
water is necessary in the aft peak. 

It can be left to the Owner to decide whether to use the aft 
peak for cargo, or leave it empty to avoid additional counter- 
ballast for the ship. 

2. Which measurements can be taken, and where? 

The influence of the aft sterntube bearing can only be 
measured in the zone of the bearing or in its proximity at 
the oil gap. The temperature level of the forward sterntube 
bearing can be ascertained by measuring the sterntube oil 
temperature between the two bearings. Early diagnosis in the 
case of damage can only be made if temperature feelers are 
arranged direct at the white metal. 

The temperature of the gland can be measured in the region 
between aft peak bulkhead and forward sterntube gland. In 
order to establish the exact working temperature of the gland, 
the temperature feeler has to be arranged directly at the 
forward sealing lip. 

3. What happens with the heat produced by the forward 
sterntube gland? 

Normally the forward sterntube gland is separated from 
the sterntube by a packing ring, for reasons of easy align- 
ment. Practically without exception, the heat would have to 
be carried off by convection. 

It is known that the heat transmission to the air is not very 
efficient and therefore it can be understood that an 
accummulation of heat builds up inside the gland housing. 

In the case of the type of oil gland shown it is often 
assumed that the connecting pipework (1 inch to 2 inch dia- 
meter) to the high tank for the sterntube oil enables the oil 
to circulate and to carry off heat from the gland. This is, of 
course, not the case, as the small pipe dimensions and the 
viscosity concerned do not allow a natural oil circulation. 

It is, therefore, recommended that glands having high 
peripheral speeds be separately cooled to reduce the seal 
temperature and to increase the average life. 


3.1. Measurements taken on an experimental shaft bearing 
assembly to ascertain the optimum conditions to pre- 
vent bearing failure 


A test series was carried out in an endeavour to find an 
answer to the question whether it is possible for an alarm to 
operate before a bearing damage can occur, or whether it is 
possible to ascertain a safe temperature limit. 

The results clearly indicated that there is no general answer 
to these questions. However, some basic facts were established 
which form the basis for the following short report. 

This chapter refers to bearings of shafting including the 
sterntube. Direct comparisons with bearings of engines and 
gears cannot be made because specific loading conditions 
and the type of lubrication (cooling) are different. However, 
details ascertained of the temperature during a_ bearing 
damage and the location of feelers to measure the bearing 
temperature are of a general nature. 

There are only few reasons for bearing failures the most 
frequent of which are: — 

(a) Lack of Lubricating Oil 
(b) Misalignment 
(c) Pollution 


Fic. 10 


Earliest signs of a bearing damage (after it was indicated by an increased frictional power). 


(3 la) LACK AND LOSS OF LUBRICATING OiL MUST, IN THEORY 


AND PRACTICE, LEAD TO A BREAKDOWN OF THE HYDRO- 
DYNAMIC CHARACTERISTICS FOLLOWED BY CONTACT 
BETWEEN THE SHAFT AND WHITE METAL OF THE 
BEARING. 


The question is :— 
How long can a bearing run under a condition of mixed 
friction before the white metal is overheated or what length 


of time is left from the beginning of the slow temperature 
rise to the bearing damage? 

The amount of bearing load, and the form of the shaft, 
play an important part in the time factor. 

Fig. 11 shows the result where a shaft was slightly bevelled. 
Although the bearing was not heavily loaded, damage occurred 
immediately after the loss of oil, in this case after a period of 
SIX minutes. 
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A typical temperature rise as a result of the complete bearing failure shown in Fig. 13. 
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rypical bearing damage due to lack of lubricating oil. 
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Enlargement of the photograph Fig. 13 showing the side where the shaft turns in. 
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Enlargement of the photograph Fig. 13 showing the side where the shaft turns out 
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With flawless shafts, a time of 22 to 95 minutes was 
measured. However, this period is not representative of 
bearings running under normal load conditions. The test 
bearing was only subjected to about half the load normally 
anticipated, to allow a differentiation of the various 
damaging effects. 

The longest time running satisfactorily without oil supply 
exceeded four hours, and was measured under extraordinary 
conditions. The shaft was heated and the temperature of the 
white metal was up to 150° C. The thickness of the oil film 
decreased from 0,07 to 0,02 mm after cutting off the oil 
supply. 

Fig. 12 shows a typical temperature rise during a line shaft 
bearing damage where no external cooling was provided. The 
photograph of the damage meets one’s expectations (see 
Fig. 13). An enlargement of the picture is given in Fig. 14 of 
the side where the shaft turns into the bearing, and in Fig. 15 
of the opposite side. 


(3.1b) MISALIGNMENT IMPAIRS THE HYDRODYNAMIC CHARAC- 


TERISTICS OF THE BEARINGS. 


As long as sufficient oil is supplied to the bearing, and the 
shaft revolutions are well above the mixed friction zone (this 
mixed friction zone is within the range of shaft revolutions 
from zero to that point where the shaft has lost contact with 
the white metal at which point pure-fluid-friction is starting 
(see Fig. 16)) the misalignment will not be indicated by an 
increase of temperature. 

However, in the mixed friction zone, the danger rises and 
damage can occur within a short period of time; with 
complete loss of lubrication bearing failure follows 
immediately. 

In one case the aft end of the shaft was forced down to 
ascertain the effect of extreme misalignment. Fig. 17, shows 
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“Stribeck”-curve, friction coefficients against RPM based 
on constant viscosity. 


an example whereby an end pressure of about 150 Kg/cm? 
(on the right side) was measured. No signs of the anticipated 
bearing damage were noted over a period of about two days. 
The working temperature remained constant. The test was 
then stopped because of lack of time. 

Traces of rubbed-off material particles were noticeable at 
the contact side indicating that the bearing had been running 
in the mixed friction zone. 

It is quite certain that an aft sterntube bearing could run 
under similar conditions without difficulties. However, the test 
showed that when the oil supply was stopped the bearing 
breakdown occured immediately (see Fig. 18). 

(3.1c) POLLUTION 
DAMAGE. 


IS OFTEN SAID TO BE THE CAUSE OF 


In such a case the typical characteristic is a dull bearing sur- 
face indicating bearing damage through small solid particles, 
e.g. remnants of moulding sand. Fig. 19 shows the influence 
of pollution by small solid particles. An enlargement of these 
particles which formed the impurity of the oil is shown in 
Fig. 20. The temperature in such a case (pollution caused by 
small solid particles) rises above the normal level and depends 
on the intensity of the oil circulation. 

The inner surfaces of bearings, sterntubes, also cast steel 
construction of the aft ship which are in contact with lub- 
ricating oil should be carefully cleaned after sandblasting 
and/or grinding if they are not machined. Sometimes this is 
not easy because of the different steps caused by machining 
and the channels and holes provided for the supply of lub- 
ricating oil to the bearings. 

It can be concluded from the test results that small particles 
of sand and remnants of the grinding process above would 
not cause a bearing failure when running in the fluid friction 
zone. However, a damage can be anticipated if pollution 
coincides with bad alignment. 


D 


3 Temperature Measurements—A possibility of discover- 


ing bearing damages at an early stage? 


The power loss caused through bearing friction is equal to 
the heat produced. Therefore, the temperature enables some 
factors regarding the behaviour of the bearing to be 
ascertained. 

The temperature indication is a means of registering the 
combined effects of many influences, and the indication is the 
more valuable the sooner the temperature is recorded. 

Tests were carried out in order to ascertain the time factor 
and simultaneously, to obtain a signal of an anticipated 
bearing failure at an early stage. The time delay of tem- 
perature indication depends on two factors: — 

(a) The situation of the feeler in the bearing and (b) the 
characteristics of the feeler, including the indicator. 

As Figs. 11 and 12 show the three feelers in the 280 mm 
long test bearing give three different indications of the 
damage. One feeler was arranged in the middle and the 
others were situated 100 mm to each side of it. All feelers 
had contact to the white metal at the bottom of the bearing 
shell. 

It is well known that three feelers are very rarely fitted to 
one bearing, but a single feeler obviously could not give a 
reliable indication of a bearing damage in time unless it 
happened to be arranged just at that place where the damage 
is starting. If this fact is valid for line shaft bearings it is even 
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Lower bearing half; shaft had been running on the right edge of the bearing only (calculated surface pressure 


about 150 kg./cm.°). 
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Breakdown of bearing shown in Fig. 17 following oil cut off. 
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Fic. 19 


Dull bearing surface indicating pollution of the lubricating oil by small particles. 
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more valid for aft sterntube bearings having a length of 


about more than three times that of the bearing which was 


subject to the tests. 
It should be pointed out that there is a difference between 
bearings connected to a cooling circuit and that type which 


2mm 


Fic. 20 


Enlargement of the solid particles which caused the pollution 
of oil referred to in Fig. 19. 


was used for the investigation. For bearings provided with 
cooling oil having a constant temperature (turbine bearings, 
gear bearings, etc.) a maximum temperature can normally be 
given. For self-lubricating bearings, however, which are 
exposed to varying temperature conditions, it would not seem 
prudent to set the alarm at a definite maximum temperature. 

Thermoelements and resistance thermometers were used for 
measuring purposes. 

In order to ascertain the time delay as far as the tempera 
ture indication (recording) is concerned, various temperature 
feelers were heated up in oil having a constant temperature 
of 155°C and thereafter cooled in a calm atmosphere to 
172: 

The time lag of the temperature is shown in Fig. 21. It 
can be seen that temperature indication by various types of 
instruments is as follows in order of efficiency: — 


(a) Thermoelement 
(b) Long resistance thermometer 
(c) Short resistance thermometer 


Fig. 21 also shows a quick indication in the case of large 
temperature differences; with smaller temperature differences 
the indication is slower. However, if this time lag is compared 
with the results shown in Figs. 11 and 12 it is quite clear that 
the major problem is to find the right position for the feeler. 
This instrument should in any case be chosen for maximum 
life-time. Excessive vibrating forces should be taken into 
consideration and last but not least, the fact that feelers in 
an aft sterntube bearing cannot be replaced before the end of 
a survey period. Even then the types of feeler normally used 
for this purpose would be most difficult to replace. 
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Rate of heating and cooling of various 


thermocouples. 
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Summary and recommendations 


It has been established by the test series that temperature 
recording alone cannot serve as a means to prevent 
bearing damage; however, an early indication of the 
damage by temperature measurement can at least prevent 
failure of complete systems. 


The quality of the shaft surface in way of the bearing 
is a major criterion for judging the bearing function 
in critical situations. The surface must be even with a fine 
finish and protected against all kinds of damage during 
transport. Special care should be taken during checking 
of the shaft surfaces in way of the bearings after re- 
alignment of the shafting or shaft surveys after bearing 
damage. 


Loss of lubrication results in bearing damage. Sometimes 
white metalled bearings are said to have certain 
emergency running conditions properties similar to 
bronze. This is, in fact not the case. It was found during 
the test series that white metal does not withstand a long 
time running in the mixed friction zone. 

Therefore, provision must be made for turbine ships such 
that the heat produced in the mixed friction range 
(locally) is adequately carried off by the circulation of oil. 
The oil supply systems of self-lubricating bearings have 
to be carefully checked. They should also be capable of 
delivering oil to the bearing during operation of the 
turning engine or in the case when the vessel is running 
dead slow e.g. whilst taking on a pilot, etc. 


(b) 


(c) 


(d) With the present trend to fully automated ships it is 
' important to be able to rely on measured values and also 
alarms. Where a maximum temperature cannot be given 
for operating an alarm (this is the case for sterntube and 
self-lubricating bearings where the position of the actual 
starting point of damage cannot be ascertained in 
advance) it is recommended that a temperature difference 
be taken as the criterion for setting an alarm. 

The position and arrangement of the feelers should be 
carefully checked by the Surveyors before final agree- 
ment. 


(e) Even for people who have a lot of experience it is 
difficult to establish the cause of a damage to a bearing 
solely on the basis of its appearance. Figs. 13, 14 and 
15 show clearly that chips and splinters are produced 
during the damage which could lead to the conclusion 
that they remained from the machining and/or shaving 
process. Therefore, it is easy to conclude that bearing 
failures were caused by these “remaining” impurities 
when they were found in the surrounding of the bearing 
or in the lubricant, even where the failure was in fact 
due to misalignment. 


4. Shafting alignment 


It has been certified that bearing and engine damages in 
many cases were caused by bad shafting alignment particu- 
larly in critical cases, where specialists had not been consulted. 

What is a “critical case’? 

Strictly speaking, bad alignment is always critical, although 
it is less damaging if the line of shafting between sterntube 
and engine is relatively flexible; the following cases, however, 
should always be subject to calculation and subsequent check- 
ing of alignment after coupling of the shafts. 


(a) 


Engine plants arranged in the aft ship having short or no 
intermediate shaft. 

(b) All geared turbine plants. 

(c) All large geared engine plants. 

If this were done the number of engine and gear damages 
could be reduced. 

It is no secret that in spite of strict compliance with the 
Rules, there remain a great number of circumstances which 
can lead to difficulties in the sphere under discussion. Such 
circumstances, are, for instance: — 

Short bearing distances in connection with large shaft 
diameters. 

Critical whirling speeds. 

Shafting alignment without consideration of thermal rise 
of indivdual bearings, also hull deformations. 

Bedding-in of the screwshaft without reference to the 
shaft’s slope caused by the propeller weight. 

Insufficient consideration of stiffness of gear housings, 
bedplates, thrust bearings with their foundations. 

Excessive ratio of centre distance/bearing distance of 
main gear wheels. 


Sel 


Unfortunately the various departments in some shipyards 
lose their close contact after the first design stage for a new- 
building when they are specialising in their own field. 
(“Specialising” is a modern expression, so is “Co-operation”, 
but the latter, as you know, presents many more difficulties 
in practice.) However, engineers specialising in shafting align- 
ment soon discover that early co-operation with their ship 
design department and pumping and piping department pays, 
because heated tanks in way of bearing foundation can cause 
trouble. The influence of such tanks on the shafting alignment 
increases with the size of tank and stiffness of the shafting 
system. It is to be regretted that tank arrangements in way of 
the shafting line are very rarely considered when shafting 
alignment calculations and shafting alignment are carried out. 

The following are three examples of the effects caused by 
heated tanks. 


The effect of heat on the alignment 


(a) LUBRICATING OIL CIRCULATION TANK ARRANGED IN D.B. 
BETWEEN THE TWO GEARS OF A TWIN SCREW PLANT 

Small RORO-vessel, twin screw, two high-speed four-stroke 
engines type Crossley Pielstick 10 PC 2V, Geislinger dampers 
and short shaft between engines and gear type Renk AS 71G. 
The engine manufacturer had recommended that the lubrica- 
ting oil circulation tank should not be arranged under the 
engines. Therefore, it was arranged aft in the D.B. between 
the two gears. This apparently would not effect the shafting 
alignment, because the tank was not situated below bearings. 

It now happened that the ship was badly docked on com- 
pletion and it was consequently necessary to re-align the 
engine plant. However, during the next trial trip the engine 
foundation adjusted itself to its original position. Therefore, 
the alignment of the whole engine plant had to be carried out 
once more. Before this was done, careful consideration was 
given to all measurable influences. The lubricating tank was 
also heated up to service temperature. 

Result: Each gear was 0,3 mm. out of line (to the shell) 
although the foundation top plate was of rigid construction 
and connected to both engine plants. Because of the relatively 
short shaft between engine and gear this deviation was taken 
into consideration in the re-alignment. 


(b) TANKS BELOW ENGINES, GEARS AND LINESHAFT BEARINGS. 

Such an arrangement would not be worth mentioning if these 
tanks and the liquid they are containing have a similar tem- 
perature to that of the bearing supports. However, this is not 
the case where heavy oil, fuel oil overflow, lubricating oil cir- 
culating, condensate tanks, etc., are concerned. If practicable, 
the arrangement of heatable tanks below or near bearings, 
owing to the influence of the heat extension on the alignment, 
i.e. bearing load, should be avoided. Figs. 22 and 23 show a 
typical gear arrangement (Stal Laval AP-Type). Several tem- 


perature measurements were carried out during warming up 
of the turbine plant and at full power. (Arrows in Figs. 22 
and 23 indicate the different measuring points. The sea water 
temperature was in the range of 7°C to 14°C). The difference 
is due to the time lag between alignment (winter conditions) 
and trial trip. When the temperatures measured at the founda- 
tion were related to those of bearings unaffected by heat of 
the tanks the foundation below the main gear wheel bearings 
was found by calculation to have extended vertically by 0,35 
to 0,65 mm. The effect of this deviation on the alignment 
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Arrangement of gear and thrust bearing (Section A-D of Fig. 23). The arrows show 
the location of the measuring points. 


19 


depends on the type (flexibility) of the foundation and its 
reaction to the increased bearing load. In the absence of more 
accurate measurements 50 per cent of the average extension 
of the foundation can be used. This hypothesis is based on 
the Author’s experience. 

More comprehensive results, however, could nowadays be 
obtained by strain gauge measurements at the shafting when 
the engine plant has been operated at full power a consider- 
able time. For such measurements it would be essential to 
take into consideration the sea water temperature. 


(c) BEARINGS ARRANGED IN TUNNELS PASSING THROUGH TANKS. 

This applies for instance to heavy fuel oil storage tanks. 
In those cases the accumulation of heat should be considered. 
A bearing failure can be avoided by adequate cooling of the 
lubricant. 


“Lubricating oil / 
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Arrangement of a gear (Section E-H of Fig. 22). The arrows 
show the location of the measuring points. 
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4. The influence of the higher engine power on shafting 


aligment 


There is still the tendency to further the development of 
high power engine plants. Outputs previously only used for 
warships and passenger ships have become common now for 
fast container ships, large super-tankers and bulk carriers. 

This trend leads automatically to a lower flexibility of the 
shafting systems. If the usual bearing distances are also used 
in future shafting alignment will become a real problem be- 
cause small alterations of the shaft position result in high 
deviations of the bearing load. Fig. 24 shows the influence 
quite clearly. 

(These curves could also be used as an approximation in 
case of difficulties during shafting alignments where no shaft- 
ing alignment calculation has been carried out. It must, how- 
ever, be kept in mind that the values ascertained from Fig. 24 
are maximae because the flexibility of the individual bearing 
supports could not be taken into consideration. The example 
had also to be simplified such that five bearings of equal bear- 
ing distances were taken for the computer calculations without 
considering the influence of the weight of shaft couplings in 
order to obtain a result for general application. The basic 
values were found by calculating the bearing influence factors 
with the program LR.30 in London. The values of the centre 
bearing of the five were taken for further calculations to 
receive the curves as shown in Fig. 24.) 


The trend to higher outputs should be accompanied by the 
tendency to use higher tensile materials for the intermediate 
shafts. Where, however, the results of the torsional vibration 
calculation require an increase of shaft diameter, then as far 
as possible this should not be applied to the shaft adjacent to 
the gear. 

For the use of higher tensile steel the Rules allow the per- 
centage of reduction in shaft diameter as given in Fig. 25 
curve A. This does not appear to be much. However, curve B 
shows by which significant value the flexibility of the shafting 
will then be improved. 

It has been noticed by the Author that unfortunately there 
are nowadays constructions, for instance fast container ships, 
where the wrong tendency can be seen. A reduction in the 
diameter of the screwshaft has been tried; material having a 
U.T.S. of 44 kp./mm.? has been taken for the intermediate 
shafts. (Sometimes the shaft diameters have to be increased 
by request of the Owners because it is considered that the 
shafting would last longer.) The output shaft of the gear and 
the thrust shaft were made of high tensile material to fulfill 
the Rule requirements. Certainly such arrangements corres- 
pond with the Rules. It must be pointed out, however, that 
it does not satisfy today’s and future requirements of such 
complicated systems. 


4.3. Flexible couplings 


Flexible rubber couplings are mainly used for detuning 
torsional vibration systems. In addition they damp the peak 
torque which is normally to be expected from the output side 
(in the case of systems intended for vessels having an Ice 
Class notation). In performing the above requirements the 
couplings are expected to have a considerable lifetime. 

Where calculation of shafting alignment is made, it nor- 
mally includes the main shafting system and the main gear 
wheel, if any, but neither the input side of the gear nor the 
turbines or diesel engines are usually included. 
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Load caused by 0,1 mm. lifting of a centre bearing of a shaft system (shafts coupled, equal bearing distances). 


Percentage 


40 50 60 70 80 
U.T.S. (kp/mm?) 


Fic. 25 


Curve A—Reduction in diameter by using higher tensile 

materials. Curve B—Increase of the shafting flexibility by 

using the corresponding smaller diameters (in accordance 
with the Rules). 


‘From the point of view of alignment, shafts connected by 
flexible couplings should be considered as separate parts. 

If such couplings have a relatively high weight in com- 
parison with the shaft’s flexibility, alignment may be difficult 
because undue bending is caused at the free end carrying the 
coupling weight particularly where the distance to the adjacent 
bearing is considerable. 

Such difficulties are rarely anticipated because the flexible 
rubber coupling is expected to have a certain compensating 
effect if one accepts the manufacturer’s statements that such 
couplings are capable of absorbing a relatively high amount 
of sag and gap. 

Furthermore, the shipyards are quite ready to accept these 
statements because they find it difficult to align the systems 
(particularly having in mind the pressure of delivery dates) 
which in critical cases might even involve replacement of 
chocks or alterations to the engine foundation. 

It is not my intention to doubt the manufacturer’s guaran- 
tees, but it has been proved by practical experience that the 
flexible parts are subjected not only to the combined effect of 
torque moment, torsional and axial vibration, but also the 
effects of misalignment such as sag and gap which cause 
alternating bending moments. These result in an increased 
working temperature of the coupling, because power is equal 
heat. Excessive working temperatures inside the rubber ele- 
ments lead automatically to a coupling failure. It is, therefore, 
strongly recommended that in cases of heavy couplings and/ 
or long shaft extensions, calculations for their alignment 
should be carried out before shafting alignment is com- 
menced. 

Special tools or checking devices should be available to 
assist proper alignment. These means should be stored on 
board ship to facilitate or enable quick checking of the align- 


ment after a certain period of time (service) or during re- 
alignment subsequent to repair work. The above recommenda- 
tion would also be applicable to other coupling types such as 
clutch and tooth couplings “. 


4.4. Simple means for checking the bearing load on line 
shaft bearings 


Nowadays shafting alignment for the larger type of ship 
is normally calculated by computer and many influences can 
be taken into consideration in order to find an ideal centreline 
for the shafting and to avoid excessive bearing loads, diffi- 
culties of tooth contact in gears and/or undue deflections of 
crankshafts. 

It can be assumed that as long as a vessel is still lying on 
the building slipway, practical alignment almost coincides 
with the theoretical values. However, when the vessel is 
launched, the theoretical requirement becomes a practical 
matter of judgement and the responsible personnel in the 
works are left to judge the matter, using their own opinion of 
the calculated values. 

The alignment by optical instruments becomes difficult 
when the reference beam (normally through the two sterntube 
points) is lost. The other fixed checking points at the bearing 
places also alter their positions relative to each other after 
launching. 

With regard to shafting alignment the most important 
sections are screwshaft, main gear and crankshaft. However, 
with the usual design of sterntube it is impossible to take 
measurements at the sterntube bearings. There remains the 
possibility to measure the bearing load at the aftermost 
accessible lineshaft bearing from which some conclusions can 
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Lifting arrangement for easy checking of the bearing load. 


be drawn regarding the load on the forward sterntube bear- 
ing, however, that would hardly be satisfactory. Measure- 
ments at the gearing can only be carried out by complicated 
and expensive arrangement of load cells or hydraulic jacks or 
by strain gauging combined with additional calculations. 

As regards the remaining lineshaft bearings the following 
method for checking the bearing load is recommended, which 
has already been proven useful in practice, and which can 
also be used on old vessels, where damage has occurred © and 
3) 

No expensive instruments are necessary and all technical 
workers are able to use this method. 

The measuring device only consists of two hydraulic cylin- 
ders, one pressure gauge, one hand pump and the connecting 
(2) He Kvamsdal, ‘‘Shaft Alignment’’ Part Il, European Shipbuilding No. 2 


(8) Mann, G. “Shipyard Alignment of Propulsion Shafting Using Fair Curve 
Alignment. Theory’’, Nav. Engs. J 77 (1965): 4. 
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Typical curves found by plotting one measured point after the 
other. The horizontal straight line shows the additional load 
for bending the shaft. The point of intersection of the vertical 
and horizontal branch shows when the shaft is lifting in the 
bearing. The extension of the horizontal branch gives the 
effective bearing load when intersected by the ordinate. 


pipework. The whole unit can be calibrated in a normal 
tensile testing machine. 

The hydraulic cylinders are arranged at each side of the 
lineshaft bearing, below the shaft (see Fig. 26). 

During pumping up of the shaft the relative position of the 
shaft to the bearing and the associated pressure is measured 
step by step and recorded graphically. 

Typical results are shown on Figs. 27 and 28. 

On a number of completed newbuildings where the align- 
ment had been carried out on the “Zero Line Method” by 
the work’s shafting team in their usual way and where the 
result of a computer calculation was available, the above 
method was applied for checking the alignment (see Fig. 29). 
The results were such that computer calculations were done in 
order to ascertain the bearing loads. The correction of align- 
ment was then easily carried out using the recommended jack 
method. 
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Result with an arrangement of the hydraulic tools as shown 
in Fig. 26, however, micrometer arranged between shaft and 
foundation. 
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Simple shafting alignment carried out in a traditional manner on a ‘‘Zero-Line Basis” and checked just before 
maiden trial. 


Summary and recommendations 


A calculation of the shafting alignment should be carried 
out and the alignment checked after coupling of the 
shafts in the following cases : — 

Aft engine plants having a short, or no intermediate, 
shaft; all geared turbine plants; all large geared engine 
plants; heavy flexible couplings on long shaft extensions. 
Intermediate shafts should be of higher tensile material, 
using the Rule minimum requirements provided check 
calculations in respect of torsional vibrations and whirling 
criticals do not require the shafting diameter to be in- 
creased. 

An optimum of shafting flexibility between the aft peak 
bulkhead and the gear or engine is necessary because 
this improves the compensation of the effects of misalign- 
ment and subsequent variation of the alignment, due to 
other influences. 

It is recommended to omit the forward sterntube bearing. 
From the point of view of load distribution this bearing 
is not necessary in single screw ships of normal con- 
struction. Only one “fixed” bearing is of advantage in 
carrying out the alignment. However, in this case the 
aftermost lineshaft bearing has to be white metalled top 
and bottom. 


(d) 


To avoid early fatigue of the sealing material eventually 
caused by shafting vibrations, the distance between bear- 
ing and forward sterntube gland should not exceed about 
20 per cent of the bearing spacing. 


From the Author’s experience it is useful to carry out 
the alignment of the line shafting first and independently 
of the engine plant. However, this procedure requires 
knowledge of the gap and sag, at the coupling flanges 
connecting machinery (sometimes including thrust shaft) 
and the foremost intermediate shaft. The two values are 
important for carrying out the accurate practical align- 
ment on board. 

Wheever carries out the calculations of the sag and gap 
should obtain the agreement in writing of all the parties 
concerned with alignment. This would also clarify the 
situation as regards responsibility and any damage claims 
that may be made. 


(e) Special tools or checking devices should be available on 


(f) 


board ship to facilitate or enable quick checking of the 
alignment of flexible couplings after a certain period of 
time or doing re-alignment subsequent to repair work. 


Bearing foundations should be constructed such that a 
simple check can be made of the bearing load (see Fig. 
26) by quick non-expensive methods. 


(g) Heatable tanks should not be arranged below bearings. 
If this cannot be avoided the influence on the alignment 
should be estimated by check calculations. The following 
method provides a means of obtaining approximate 
values for the initial alignment to 


= (A x T) 
Y =——_————_ (mm..) 
170 


where Y is the theoretical influence on the alignment. 


H (m) vertical dimension of a certain part of the 
foundation of equal temperature 

T=T,—T, 

T, (°C) anticipated temperature of a certain part of 
the foundation 


T, (°C) anticipated room temperature (taken as con- 
stant for all bearings) 


Minima and maxima values of Y should be calculated and 
the average value be taken. 


The example (see Figs. 22 and 23) shows that even a sump 
tank arranged under a gear may have a considerable influ- 
ence on the alignment. The lubricating oil sump tanks should 
be so placed that a one-sided lifting of the gear is avoided. 

Heated tanks can present a “built in” misalignment pro- 
blem. Where the influence of heated tanks cannot be estimated 
by calculation the tanks should be heated to normal working 
temperature and their influence be measured at the decoupled 
flanges. 


5.1. Recommendations for the construction of the aft end 
of screwshafts 


Up to the present, the end of the screwshaft aft of the key- 
way (which has to be considered because of its high notch 
factors) has not been the subject of calculations as far as the 
classification aspect is concerned. 


However, with the present trend of merchant shipping to 
increase the engine power (container ships, tankers), the very 
aft end of the screwshaft comes closer to the “essential field 
of thought”. 


Large propellers cannot be mounted with the essential 
security when traditional methods are applied (key, and the 
screwshaft nut fitted by hand). The fitting problem is now 
resolved by the use of hydraulic methods and tools but the 
screwshaft thread is more highly stressed than with previous 
methods. 


It is not the intention of the Author to list the different 
types of threads or to compare their advantages or disadvan- 
tages. This has already been done by experts, resulting in the 
L.S.O. recommendations for metric threads. In Germany, this 
1.8.0. recommendation was incorporated in DIN 84301, the 
first application being for propeller shaft and rudder shaft 
threads, resulting in standardisation and also exchangeability 
of tools (see Figs. 30 to 33). 

The yards have up to now always manufactured screwshafts 
with their individual nuts. Exchangeability was not necessarily 
required except for twin screw ships. Today, however, stan- 
dardisation of these threads is important because the hydraulic 
nuts are often supplied by works other than those manu- 
facturing the screwshafts. 
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Aft end of screwshafts as proposed by the latest German 
Standard. 
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Dimensions of the shaft end aft of the propeller nut thread. 


M120 x 4 
M130 x 6 
M140 x 6 
M150 x 6 


1) t = 0,5 (d3-dy) 
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Standard nut for screwshafts and ruddershafts. 


5.2. Minimum requirements for proper design of hydraulic 
nuts on screwshafts 


In practice the effects of high forces are not always appre- 
’ ciated. The following simple example shows the magnitude 
of the problem with which we are confronted : — 


Shaft diameter at mid length of cone 600 mm. MA00 x 6 

Length of propeller hub 1200 mm. M410 x 6 

Cone Leas pees ; 7 

Yield of propeller material 26 kp./mm.2 M440 x 6 

Surface stress of shaft/hub 0,6 x yield aa TEE 
= 15,6 kp./mm.? 


Consequently the shaft/hub is under a pressure of : — 
600 x 7 x 1200 x 15,6 
1000 


If a friction coefficient of ,,=0,05:0,1 is taken into account, 
an axial force of 


= 35268 tons (metric) 


1 
35-268 x [co.0s=0. +a = 2938 +4701 tons (metric) 


M680 x 8 
M700 x 8 
M720 x 8 


is calculated to push the propeller on the screwshaft cone. 
To take the propeller down again a theoretical power of 


1 
35268 x [:.05+0.1)—<, | =se9=2352 tons (metric) would 


be necessary. This figure, however, cannot be correct because 
of the fact that the propeller normally moves without other 


aids than oil pressure between the shaft and hub. This means Fic. 33 
that the coefficient of friction can be lower than 0,0333 for a : p ; ‘ 
cone 1:15. On the other hand it means that the propeller can Extract of the main values given in DIN.84301. 


be accelerated by the axial force due to the stress remaining 
in the hub. The propeller is stopped by the securing nut which 
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must accept the shock load, the amount of which can hardly 
be calculated and/or measured. 

These high forces which could cause considerable damage 
if not properly considered should induce all those who have 
to deal with this particular problem to take more interest in 
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Recessed nut intended for carriage of a separate hydraulic 
tool (kind of stressing). 


the construction details of the aft screwshaft end. 

The Author himself has carried out tests to ascertain the 
essential minimum length of hydraulic nuts when keyless fitted 
propellers were still a novelty. During these tests basic designs 
of hydraulic nuts, both normal and recessed forms, were 
examined (both having different lengths). The deformations 
caused by the acting stresses are shown in Figs. 34 and 35. 

At critical loading, just before the remaining thread is 
sheared off, excessive opening out takes place at the forward 
end of the nut when the yield point is exceeded. The plastic 
deformation is visible, even on the relatively small test speci- 
mens (see Figs. 36 and 37). The nuts were in true to scale 
dimensions corresponding to the actual construction. The 
theory that with highly stressed threads the first three threads 
take the complete load before the rest of the threads are 
loaded was not confirmed. 

Although the nuts were of different shapes, the nut length 
and tensile strain were in proportion (see Fig. 38). Analyses 
of the test results showed that the following simple formula 
could be derived : — 

Maximum load=Minimum shear stress from the tests (con- 
verted from actual shear area on the com- 
plete thread length) 

< nominal thread diameter x 
nut. 
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x length of 
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Normal nut for supporting a separate hydraulic tool (kind of stressing). 


Fic. 36 


Sectioning of test specimen (set down nut having a ratio of 
L/d, of 0.4) after having failed. 
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Sectioning of test specimen (set down nut having a ratio of 
L/d, of 1.0) after having failed. 


The minimum shear stress measured during the tests was 
1000kp./cm.?. 


P,=10xd,x7xLy 


P 
Ly min.=32— 
1 


Ly (mm.)=length of nut=length of thread 
P,, y=axial power in metric tons 
d,=nominal diameter of thread in mm. 


This formula is valid under the following conditions : — 


(1) The material quality is equal or superior to that which is 
the minimum Rule requirement for screwshafts. 


outer diameter of nut 


(2) 


’ 


nominal thread diameter ~ 
(3) The further conditions as indicated in Fig. 39. 


It should be noted that stressing over the yield point was 
the reason for the nut failure. The stresses are causing an 
opening out of the forward end of the nut, thus reducing the 
shear area. Although the load was very slowly applied an 
effect of the increasing load was not noticeable until, with 
the transgression of yield point, failure suddenly occurred. 

The axial power P, could be ascertained by means of the 
following formula :— 


Gy em Lig (Soi ¥ 056) 


P = 
1000 


1 
+ : 
«(4 Seed 


thus resulting in 


dn Lex So 
Length of nut=—— x ————— 


| 
+ ——_. mm. 
d, 16,6 ( - Pes a) 
where d,,=mean diameter of cone in mm. 


L.=length of fitted cone in mm. 
8o.2=yield of propeller material in kg./mm.’ 
cone=15 for 1:15, ete. 

u=friction coefficient. 

Assuming the case that for some reason one would not get 
the oil pressure in the gap between shaft and hub which is 
necessary to open up the propeller boss adequately to receive 
a low friction coefficient, then a friction coefficient of about 
up to 0.1 would occur. 


16,6 


If a value of C= is introduced the above 


.+-—— 
H"'2 x cone 
formula becomes more simple : — 


da - Lo X S08 
L nis eas 

N d, C {mm.] 

Where C is given in the table as follows: — 
S Cone 
125 Kegs be 
133 1:20 
142 1:30 


0,834 


Fic. 38 


Test results plotted, maximum absorbed power over length of nuts/nominal thread diameter. The nominal 
diameter was the same for all different types of nuts exerted to the tests. 
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Fic. 39 


Set back propeller securing nut. 


This length of nut should be taken as the minimum per- 
missible value. 

The formula can also be used for combined keyed and 
hydraulically fitted connections but in that case the friction 
coefficient of that particular connection should be taken into 
consideration. 


5.3. Conclusions and recommendations 


(a) Metric 1.8.0. thread should be chosen for the shafting 
(in Germany latest edition of DIN 13). For the design of 
screwshaft ends and nuts the main data of the newly 
introduced German standards DIN 84301 and 84302 are 
useful (see Figs. 30 to 33). 
For keyless fitted propellers the length of nut depends on 
the relationship of mean cone diameter to nominal thread 
diameter. As the relationship is not constant, the follow- 
ing formula should be used for check calculations : — 

dn Lo Son 


L min 7,7 
. d, re 


(b) 


(details see paragraph 5. 2.) 
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(c) The personnel responsible for dismounting the propeller 

are to be advised to do this with patience and care. The 
propeller hub should not be stressed by a gap pressure 
exceeding that necessary for mounting the propeller. This 
pressure is to be held constant over a period of about 20 
minutes. The oil needs time for distribution within the 
gap. 
Should the propeller not have moved at the end of this 
time the pressure can be slightly increased. With ex- 
perienced people controlling the work the propeller can 
be made to slide down step by step. However, in each 
case, the nut has to be provided for safety purposes. It is 
recommended that the nut should not be turned back 
much more than the axial press-up of the propeller. 


7. SUMMARY 


It is usual for a resumé to be given at the end of a technical 
report. This I consider good practice, particularly today when 
few people have the time to read from beginning to end all 
technical articles that come their way. 

Consequently, since I expect that the “economic” type of 
reader will have started with the summary, I wish to draw 
attention to the following synopses of chapters which provide 
the essential contents together with any deductions and 
recommendations. 


|. Introduction 


2.1. Measurements taken at sea to show the influence of 


temperature on a sterntube. 


2.2. Heat balance. 

2.3. Conclusions and recommendations. 

3.1. Measurements taken on an experimental shaft bearing 
assembly to ascertain the optimum conditions to 
prevent bearing failure. 

3.2. Temperature measurements—a possibility of discover- 
ing bearing damages at an early stage? 

3.3. Summary and recommendations. 

4. Shafting alignment. 

4.1. The influence of heated foundations. 

4.2. The influence of higher engine power on shafting align- 
ment. 

4.3. Flexible couplings. 

4.4. Simple means for checking the load on line shaft bear- 
ings. 

4.5. Summary and recommendations. 

5.1. Recommendations for the construction of the aft end 
of screwshafts. 

5.2. Minimum requirements for proper design of hydraulic 
nuts on screwshafts. 

5.3. Conclusions and recommendations. 


One would probably find it easy to write a separate book 
on each of these chapters but it was my endeavour to report 
as concisely as possible on what I consider some important 
points. I trust I have succeeded in being brief and to the point 
and yet sufficiently detailed for my readers to grasp what I 
am trying to tell them—the discussion should prove this. 
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Discussion on Mr. C. 


M. Bergmann’s Paper 


SOME COMMENTS ON SHAFTING AND STERNTUBES 


Mr. MILTON 


It gives me great pleasure to be invited to open this discus- 
sion, although I must admit I accepted the invitation with 
some trepidation as I felt that it would perhaps have been 
more fitting had it been done by a younger, more “with-it” 
Surveyor. 

My first experience of shafting and stern gear goes back to 
about 1924 when, as an engineer apprentice working as a 
fitter’s mate aboard an engine’s amidships pilot vessel in dry 
dock, we were detailed to line up the shafting between the 
main engine and the tailshaft and, working from the engine 
aft, we finished up 2+ in. out at the tailshaft coupling. We 
split the difference in coupling readings along the line shafting 
and, on subsequent sea trials, all was well. 

Chapters 1, 2 and 3 of this paper deal with heat generation 
and distribution. Why, in such a theoretically lightly loaded 
bearing, is all this consideration necessary? Is it because, in 
spite of all our knowledge, we still cannot predict with any 
accuracy, how a stern bearing is going to behave? Would | 
be far wrong if I suggested that, provided the Naval Archi- 
tects always gave us the right lines aft, to ensure a nice even 
flow of water to the propeller, most of our after-end vibration 
and tailshaft bearing troubles would be over? How can a 
propeller on a shaft projecting out of the almost square end 
of a floating rectangular box be expected to run smoothly? 

The Author appears to have done an immense amount of 
work on temperature recording, which, no doubt, is extremely 
valuable. For any one installation, no matter how carefully 
alignment, bearing reactions, etc., are studied and regulated, 
to me there still remains a doubt that the stern bearing 
supporting the overhanging weight of the propeller will be 
uniformly loaded along its length under all conditions of ship 
loading. My own proposed remedy for this state of affairs, 
for which I once took out a patent, was to fit a bearing in 
the bore of the propeller, allowing the propeller to revolve 
on an extension of the stern frame, the drive to the propeller 
being by a quill shaft passing through the extension of the 
stern frame and being connected to the after face of the pro- 
peller boss (see Figs D.1 and D.2). This arrangement has a 
number of advantages, such as taking the bending moment 
off the tailshaft and leaving the propeller in position at tail- 
shaft surveys, etc. 

In my younger days we had slow, lower-powered ponderous 
rivetted ships and, with engines amidships, the long line of 
relatively small diameter shafting flexed with the ship, leaving 
the tailshaft practically unrestricted. Now, however, the situa- 
tion has been reversed—the shafting for high powers has 
increased in stiffness and with the machinery aft, fights 
strongly against any deflections of the present day relatively 
light, welded hulls. The Author shows in Fig. 26 a bearing 
load being checked and, in the text above, states that “It can 
be assumed that as long as a vessel is still lying on the build- 
ing slipway, practical alignment almost coincides with the 
theoretical values. However, when the vessel is launched the 
theoretical requirement becomes a practical matter of judge- 
ment and the responsible personnel in the works are left to 
judge the matter, using their own opinion of the calculated 
values”. To me, this is more or less an admission of defeat, 


as although we know what the bearing reaction should be, we 
also know that the ship will deform and are therefore left to 
guess its effect on shafting alignment. 
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Propeller and stern bearings. 


To eliminate the guesswork, doubtless the correct approach 
would be to check the alignment of an installation in both the 
ballast and fully loaded condition and then adjust same to a 
mean value. The Author’s comments on this would be appre- 
ciated. 

The experience and data described in this paper all help to 
a greater understanding of the problems involved, but I still 
feel that, in the case of shafting alignment, this remains an 
indefinite art rather than a precise science. May I also add 
that had the distribution of this paper been effected earlier 
we would all have been in a better position to contribute more 
ably to the discussion. 


Mr. S. N. CLAYTON 


We must all be grateful to the Technical Association Com- 
mittee for allowing Mr. Bergmann to present his paper in 
Hamburg before giving it in London. I would congratulate 
the Author on the efforts he has made to ensure that both the 
content and presentation of the paper are up to the usual high 
standards of the Association. 

Under Item 2.1 perhaps the Author would kindly elaborate 
on the method of attaching the thermoelement measuring 
points and whether they withstood the vibration effects over 
what must have been a prolonged pericd. It would also be of 
interest to learn whether any adverse weather conditions were 
encountered during the voyages since this would help to 
support the conclusions reached. 

As regard the Ro/Ro ships mentioned on page 18, I agree 
that heating effects from tanks in way of the main engine 
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must be considered. However, it is fair to mention that during 
the first prolonged sea trials and before the incorrect docking 
of the ship in question, the machinery ran satisfactorily with- 
out excessive heating or signs of distress, which would indicate 
that the machinery had accommodated the 0,3 mm misalign- 
ment mentioned in the text. 

Turning to the final paragraph on page 23, I believe that the 
word “not” is missing between the words “was” and “‘avail- 
able”. 

Under 4.5(d) the Author refers to the necessity to obtain 
an agreement in writing from all pariies concerned with shaft- 
ing alignment. The responsibility for alignment and for 
damage claims rests with the builders and a Surveyor should 
not sign such a statement. 

As a last point, would the Author kindly explain the deriva- 
tion of the figure 170 in the denominator of the equation at 
the top of page 25. 


Mr. J. W. E. MANSFIELD 


1 would like to congratulate Mr. Bergmann on presenting 
such an interesting and informative paper that is likely to 
promote a good deal of thought. The information has been 
presented clearly and concisely. With regard to the heat flow 
pattern in the sterntube, for what one could, I think, fairly 
call an orthodox design, it is interesting to find that the largest 
portion of the heat developed in the aft bearing passes out 
through the bearing shell, sterntube, sternboss, to the sea 
water. 

This is particularly interesting as we are now in what appears 
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Cross-section of a Turnbull Marine Mark II bearing. 
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to be a development time for sterngears, as the advent of the 
very large tanker for which world wide there are somewhat 
limited dry dock facilities, has given impetus to the production 
of novel types of sterngear which in some cases allow dis 
mantling of both bearing and external shaft seals afloat. 

The are two main types at present finding favour and for 
easier description I think a slide would give a better idea of 
the general design. 

This slide (see Fig. D.3) shows a sectional arrangement of 
the Turnbull Marine Mark II design. It is a split sterntube 
and consists of a split flanged bearing bush, white metal 
lined which is inserted into a carrier ring instead of directly 
into the lower part of the sternframe as in the Mark I design. 
The carrier ring is of eccentric form and is an interference fit 
in the sternframe and secured by strength welds—not seal 
welds as indicated. The upper half of the bearing bush is 
attached to a keep which is held in position by hydraulic 
jacks and keys at the butting surfaces. It will be noted that 
the configuration presents a somewhat less favourable arrange 
ment for dissipation of generated heat in that it is only the 
bottom half bearing that is in contact with the sternframe 
proper. 

he first bearing of the Mark I type was installed in a single 
screw container ship having machinery installation developed 
in about 16000 b.h.p. and driving a controllable pitch pro- 
peller at 140 r.p.m. The oil lubricated white metal bearing was 
of the “Camella” type with restricted clearance and with the 
bearing length divided into sections, each section being eccen- 
trically bored. 
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Camella type bearing 


[his is more easily described with a figure (see Fig. D.4). 
Instead of having the plain bored bearing, the bearing is 
divided into a number of lengths and these lengths are slightly 
eccentrically bored. As you will see present in this case six 
points of contact around the periphery. The main advantages 
of the bearing are that the restricted clearances, approximately 
one-half of a normal bearing, reduce amplitude of lateral 
vibration of the screwshaft with resulting benefits to the oil 
gland seal life, provide a reserve pocket to contain debris 
should local pollution cause a section to wipe and by suitable 
disposition of the eccentric bore along the length, generate a 
positive oil circulation lengthwise through the bearing. 

It might be thought that it was of little consequence that 
only the bottom half of the bearing was in contact with the 
sternframe, but such was the perverseness of nature that our 
colleagues in the Technical Investigation Department, who 
carried out extensive monitoring of the bearing shaft at the 
trials and subsequently found that as the propeller pitch and 
torque were increased, the shaft climbed in the bearing until 
the full vertical clearance was taken up and the shaft was 
bearing on the top of the bush. When these readings were first 
taken the shaft alignment was suspected but this was subse 
quently verified and found in order. The phenomenon was 
attributed to the effect of the eccentricity of the centre of 
thrust of the propeller, but notwithstanding the load being 
transferred to the relatively uncooled top half, the bearing 
performed satisfactorily with oil temperatures settling to a 
steady 10 to 15°C above sea temperature. The positive circula 
tion of oil round the system which included an oil cooler and 
back to the header tank compensating adequately for reduced 
heat flow paths by conduction. 

The other design of novel bearing is the Glacier-Herbert type 
(see Fig. D.5). The Society has not had quite such an extensive 
experience with this type of bearing and it consists of a sleeve 
split along its horizontal centre line and seating on a spherical 
ring at the aft end which is bolted to the sternframe structure. 


Fic. D.5 


Glacier-Herbert type bearing. 


The spherical seating aft and fitting pieces forward allow some 
adjustment to the bearing alignment and the spherical seating 
provides a good heat transfer path to the ship’s structure, 
from the aftermost portion of the bearing which one expects 
to be more highly loaded, and in addition there is an oil 
bath around the bearing sleeve, which supplies the bearing 
through holes in the horizontal flanges and provides a further 
cooling path to the outer structure by the circulation generated 
by shaft rotation. 

It would appear that there may be advantages in terms of 
forced lubrication of one form or another for the novel types 
of stern bearing mentioned, particularly with the relatively 
large L/D ratios currently used and for slow speed operations 
when bearing damage may occur. 

Proposals have been received for a forced lubricated bear- 
ing ld long for the aft sterntube bearing with the lubricating 
oil system separated by a void space from the external oil 
gland and sealing arrangement but development of the idea 
seems to have lapsed for the moment. 

This slide (Fig. D.6) shows this arrangement. You can see 
the Id bearing supported directly in the sternframe. The top 
half is again loaded by hydraulic jacks and the bearing is 
force lubricated and the returns from the bearing are kept 
quite separate from the void space which is aft of it. This 
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Turnbull Marine force lubricated bearing. 


void space serves to collect any leakage from the oil gland. 
The gland shown there is a crane type seal. Whether the lack 
of development has been due to seal difficulties or problems 
associated in that connection, I could not say, but it did seem 
at submission to offer quite good prospects when you consider 
that the bearing loading is only approximately 200 lb. per 
square inch which is very low in a force lubricated bearing in 
relation to the bearing pressures of diesel engines, crankshaft 
journals, crank pins, etc. 

Whilst on the subject of bearings it might be of interest to 
mention experiments carried out by an international tanker 
company on the use of plastic bearings oil lubricated with an 
external oil gland. The bearings consist of a resin impregnated 
asbestos base material, formed in solid sleeves, the materials 
being specially developed for use with oil. The bearing con- 
sists of three such sleeves, provided with generous oil wash- 
ways on the horizontal centre line and fitted into an orthodox 
flanged cast iron bush, the sleeves being secured against rota- 
tion in the bush by a longitudinal key. The very nature of the 
bearing material is such that it is a relatively poor conductor 
of heat and in the first application provision for forced 
circulation of lubricating oil was requested with temperature 
detectors in the bearing material. The particular claims for the 
bearing, apart from economics in replacement and ease of 
replacement were that the resilience of the material gave 
better load distribution that white metal at the after end and 
the capacity of the material for absorbing about 5 per cent 
by weight of oil gave increased protection under boundary 
lubricated when a wire fouled the oil gland causing complete 
that, should complete failure of the external oil seal occur, 
the bearing would operate successfully water lubricated and 
thereby give the ship additional security. 

The installation of a 2,5d length bearing in an orthodox 
stern tube which took place in the first ship in 1967 proved 
successful and also verified the durability of the bearing water 
lubricated when a wire fouled the oil gland causing complete 
loss of oil. Service experience also showed that the need for 
forced lubrication of the oil did not arise. 

Subsequent ships were converted and the owners took the 
experiment one stage further by counter-boring a nominally 
2,5d length bearing to a length of one diameter at the forward 
end thus producing in effect a 1,5d length bearing with what 
was hoped would be a reserve length of Id. 

This bearing also proved satisfactory in service and three 
further ships followed with similar bearings building up satis- 
factory service experience over a total of four years. In the 
most recent ship the mean temperature differences between 
the bearing material, measured by thermo-couples just under 
the bearing surface and the sea temperature was as low as 
10,3°C, these having been recorded over a period of six 
months. 

The Author is timely in drawing particular attention to the 
need for careful design to the threaded ends of screwshafts 
fitted with Keyless propellers. The impact loads on the thread 
end of the shaft resulting from sudden movement of the pro- 
peller can indeed be high. It would seem possible that some 
cushioning or dampening of propeller movement might be 
obtained by using a hydraulic nut in reverse where oil or 
water is injected into the hub to release the fit. Having 
slackened off the nut to an extent, say, just greater than the 
original axial pull up distance, the nut hydraulic annulus 
could then be pumped out to an extent of, say, one-third to 
one-half of this distance after priming the system in the usual 
way. If a relief valve is fitted to the hydraulic pipe system and 


the system itself was of a considerable volume and an isolating 
valve closed at the pump, some cushioning of the propeller 
would be afforded before firm contact was made by the 
propeller boss and the body of the nut. Perhaps by some 
experimentation a useful reduction in the impactive force on 
the shaft end could be made. 

With regard to the distortion of the nut shown in Fig. 34 
of the paper | would suggest that this is possibly not to be 
wondered at with the form of nut shown. I understand that 
the form is due to the fact that the hydraulic capsule is a 
separate unit and the practice on final fitting at the ship is to 
remove the hydraulic unit, reverse the nut and harden up and 
lock, the reduced form of the nut allowing a more stream- 
lined cap to be fitted. This seems to be a big price to pay for 
little return and it would surely be more advantageous to 
arrange for the hydraulic annulus to give radial support to 
the body of the nut, even if it means leaving the hydraulic 
nut in situ and paying more attention to the sealing arrange- 
ments of the streamline cone to the boss. 

With the thread form used, it can be seen from the vector 
diagram that there is a large radial component of the normal 
thread force tending to spread the nut. An alternative solution, 
if the detachable hydraulic unit is insisted upon, would per- 
haps be to use an ACME form thread with reduced thread 
angle. Such threads have been adopted by a certain keyless 
propeller designer for use with a dry fit connection where 
axial fitting loads are higher than with the oil injection type. 
The form of thread, shown in Fig. D.7, has been adopted 
because originally difficulties with seizure of the original 
Whitworth form occurred with result that the nut 
could not be removed. As you can see it does result in 
reduced radial com sonents and to my understanding has been 
quite satisfactory in service. 
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Tailshaft thread for propeller nut. 


A further point to bear in mind is that with the nut backed 
off the full length of the nut thread may not be effective unless 
an extra length has been provided on the shaft thread. 

In conclusion I would like to express particular thanks to 
Mr. Bergmann for carrying out a formidable task so well, 
that is in giving an instructive and useful paper in a language 
other than his native tongue. I think he should be doubly 
applauded. 


Mr. C. CAMPBELL 


Mr. Bergmann is to be congratulated on dealing with such 
a variety of subjects in so lucid and well illustrated a paper. 

The section dealing with temperature measurements in the 
sterntube of a cargo vessel is of particular value since such 
checks are most difficult or merely impossible to obtain by 
the investigation or research departments, as considerable 
co-operation of the shipyard is required to allow installation 
of the probes; this also applies to measurements of bearing 
pressures. 

The Author’s reasoning on the dissipation of heat from the 
sterntube bearings is thought-provoking and brings out the 
old “chestnut” as to whether or not water is required around 
the sterntube in the after peak tank. In a recent investigation, 
where considerable shafting trouble had been experienced, it 
was found that the temperature in way of the forward stern- 
tube bearing area was exceptionally low and this was attri- 
buted to the cooling effect of the aft peak water reservoir. It 
was later discovered by measurements that the shaft ran in 
the centre of the bearing, i.e. unloaded and the aft peak was 
half full of cement, for ballast purposes. 

The reference to a separately cooled gland is thought to be 
valid as I understand that circulation of the ‘otal oil supply 
in a certain bearing arrangement was considerably retarded 
by the localised high temperature of the oil adjacent to the 
gland area. 

On the shafting alignment I think Mr. Bergmann has con- 
sidered most of the possible hazards but I could perhaps 
comment on page 18, paragraph 4(a), and say that there could 
be a trend at present to push gearboxes well aft towards the 
aft peak bulkhead in the smaller vessel and apart from the 
shaft stiffness problems referred to in the paper, this design 
introduces the propeller thrust load into a part of the hull 
which is usually quite slender and this can lead to seating 
distortion problems with corresponding shaft mal-alignment. 

The thermal rise of engines relative to line shafting or gears 
is still a common problem and this is only because the ship 
and engine builders do not usually discuss this possibility; 
paragraph 4.1(a), et seq. is most informative and Fig. 22, page 
19, shows one of the common situations. 

It may be of interest to explain that one similar investiga- 
tion on a twin diesel installation revealed that on heating the 
lub-oil tank, which was located between the two engines, they 
each rose | mm vertically and moved outboard | mm relative 
to the gears and it was further proved by thermocouple 
measurements on the tank top and seating that a stable 
thermal situation had not been attained after 16 hours full 
speed trials. A more recent case revealed that the alignment 
between a medium speed diesel and the reduction gearbox was 
still changing after heating the oil tanks for three days (ship 
alongside and using steam coils). 

I would agree with the points made regarding flexible coup- 
lings, especially that dealing with shaft coupling stiffness. The 
stiffness of the rubbers required for torsional purposes will 


determine the limits of radial and/or angular misalignment 
that can be tolerated between the driving and driven units. 
Two distinct situations can exist: (a) with a small diameter 
shaft (high speed/low torque) due to a relatively stiff coupling 
in conjunction with alignment errors, crankshaft or gearing 
problems could arise, or (b) with a large diameter shaft (low 
speed/high torque) with the coupling stiffness and alignment 
errors similar to (a) above, a breakdown of the coupling will 
probably result. Mr. Bergmann’s explanation of the jacking 
technique (page 22, Shafting Alignment) is very clear and 

Figs. 27 and 28 could well be typical load/deflection plots. 

However, for the benefit of the Surveyors who may not have 

carried out this particular check I think the following points 

should be noted, as the curves obtained may not always give 
so clear an indication of the bearing reactions, due to one or 
other of the following : — 

(a) Side loading due to horizontal misalignment affecting the 

vertical loading whilst jacking. 

Flexibility of the bearing seating which can give a false 

impression of the shafts actual position in space, i.e. 

relative to the adjacent bearings. 

(c) If short bearing spans are being dealt with, one must 
ensure that the shaft is not lifting clear of or at least 
altering its point of support at the adjacent bearings. 

(d) Make sure that the shaft is actually down on all bearings. 


(b) 


It could be mentioned here that the Society’s current com- 
puter program for shaft alignment has the facility for intro- 
ducing bearing flexibility, but who decides this magic figure? 
The strain gauge and load monitoring techniques used by the 
Society’s Investigation Department could help to fill in some 
of the gaps in this uncertain field, but unfortunately the 
opportunities for carrying out “complete” experiments are 
very rare—especially if repeat measurements have to be done 
on board. 

Finally, referring to page 24, paragraph 4.5(f) I agree 
entirely that the builders should provide facilities for carrying 
out measurements, such as bearing reaction loads and when 
the total financial investment of a large ship is considered, 
especially if fitted with reduction gearing, why cannot the 
main wheel bearing reactions be more easily assessed, by 
designing in jacking or load cell facilities? 

I wish to thank Mr. Bergmann for raising such vital points 
of interest and providing the opportunity for discussing some 
of them. 


Mr. D. K. MARTYN 


I would like to compliment the Author on the presentation 
of his paper. The paper itself I find most interesting—it is 
certainly wide ranging, covering some aspects on which there 
is little published data. 

The first part of the paper concerns the heat dissipation 
from white metal stern bearings with “non-circulatory” type 
oil lubrication and raises the question, amongst others, as to 
the necessity for retaining water in the aft peak as a cooling 
medium for the sterntube oil. 

The Author reasons that in most cases the aft peak can be 
left empty. From my own experience in running vessels with 
dry aft peaks, I would agree that in some cases at least this 
is quite feasible. 

The Author’s argument is based on measurements of the 
bearing temperatures and I find that I am not unduly sur- 
prised by the results he achieved for the aft bearing. A 2 to 
2,5 diameter aft bearing bush will lie wholly within the stern 
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frame boss and thus is in the vicinity of a large steel heat sink 
which must be expected to conduct the major part of the 
heat away from the bearing. The forward bearing and inboard 
seal pose different problems. 

As part of his argument, the Author has calculated the 
frictional power developed in the bearings which requires a 
knowledge of the bearing loads. The loading of the forward 
sterntube bearing is usually fairly light unless a flexible shaft 
arrangement has been adopted, e.g. spacing the aft plummer 
well away from the forward sterntube bearing; in such cases 
the loading could be quite heavy. For the forward sterntube 
bearing therefore, I would like to know the bearing load or 
pressure that was used in the calculations of frictional power 
and possibly how this was derived. 

With some designs of sterntube, problems have been en- 
countered in regard to thermal expansion of the sterntube 
relative to the tube connecting the stern frame boss to the 
aft peak bulkhead. As the Author would contemplate running 
some 10°C higher with a dry aft peak, perhaps he would 
comment on the relevance of thermal expansion in regard to 
sterntube designs. 

At the present time we see some designs in which the con- 
ventional sterntube such as shown in Fig. 1 of the paper is 
dispensed with. The aft bush is pressed into the stern frame 
boss and the forward bush contained in a boss plate, some- 
times fabricated, which is welded to the aft peak bulkhead. 
The tube connecting the stern frame boss to the aft peak 
bulkhead now effectively becomes the sterntube. With such a 
design a much greater quantity of oil surrounds the shaft 
and I feel that far more heat would be dissipated via the oil 
than for the design of Fig. 1. Perhaps the Author would 
comment. 

With regard to the sterntube lubricating oil systems one is 
struck by the apparent range in variety. On the one hand 
there are very simple non-circulatory systems virtually no 
more than a few pipes and a header tank. On the other hand 
there are circulatory systems displaying a galaxy of pumps, 
strainers, coolers, pressure differentials, etc. | would be grate- 
ful if the Author would describe the lubricating oil system 
for the sterntube design that the experiments were conducted 
on and, if possible, to give his views on the circulatory and 
non-circulatory systems. 

As regards the inboard seal which the Author recommends 
be separately cooled, I feel this is now widely carried out 
although here again, the systems employed vary considerably. 

A large portion of the paper is devoted to alignment and 
the Author has pointed out some of the difficulties to be met 
together with the importance of carrying out alignment calcu- 
lations for certain installations. 

One could say that the aim of carrying out alignment 
calculations lies in deducing suitable bearing reactions and 
the necessary bearing offsets from a line of sight and/or gaps 
and sags. But that is only part of the story. The real need 
for alignment calculations lies in determining the most suit- 
able bearing positions, such that the shafting system is flexible 
and alignment, therefore is not so critical. This requires that 
the calculations be carried out early in the design stage. 

Of the many requests the Society receives for alignment 
calculations, a large number arrive too late for any alterations 
to be made to the shafting arrangement and regrettably, it is 
rare for the arrangement as designed to be satisfactory, due 
mainly to the large number of bearings generally employed. 

The Author has rightly mentioned one of the problems of 
present day designs which is increase of shaft size without 


increase in bearing span, particularly for the tailshaft. By way 
of example Fig. D.8 depicts L/D ratios for tailshaft spans 
between stern bearings taken from designs submitted to the 
Society for alignment calculations. As can be seen from this 
figure, the L/D ratio of tailshaft bearing spans for aft- 
engined vessels on average, lies betwen 4 and 6. For container 
ships with their fine hull form the L/D ratio lies between 
74-10 and at the extreme end of the scale we have ferries, 
with a tailshaft L/D ratio of about 25. 

It is with the aft-engined vessels that we have the greatest 
difficulties in deriving a suitable alignment and the Author’s 
suggestion regarding removal of the forward sterntube bearing 
is welcomed. This is being carried out to a small extent 
although due to its usefulness as a support during installation 


® = Twin screw ferries 

O= Twin screw container ships 

® = Single screw aft engined ships 
4 = Single screw aft engined ships without forward stern tube bearing 
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and repair this bearing is sometimes retained but with the 
surface machined back to prevent load being carried. 

For shafting systems with the forward sterntube bearing 
removed it is not unusual to find the aft plummer positioned 
on the intermediate shafting. This is generally due to limita- 
tions on tailshaft length and in such circumstances the Author’s 
recommendation in regard to distance between aftermost line- 
shaft bearing and inboard seal is likely to be exceeded. 

Leaving aside tailshafts, the other area where difficulty with 
alignment is experienced is main reduction gearing. Here, we 
try to obtain fairly even loading of the gear bearings for the 
operating condition in the face of hull deformations brought 
about by loading or thermal effects, such as described by the 
Author, both of which largely defy accurate assessment. 
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Some typical tailshaft L/D ratios. 


A recent submission in respect to a proposed alignment for 
a large turbine tanker was based on measurements taken by 
the shipyard on similar vessels. The values quoted in way of 
the gearing give some idea of the deformations involved : — 


For the tank top a rise of 0,25 mm from cold to hot. 
For the gearcase a rise of 0,55 mm from cold to hot. 
For the hull a rise of 1 mm from dock blocks to afloat 
ballast condition. 

For the hull a rise of 0,75 mm from afloat ballast to deep 
laden. 


Thus, from the cold aligning condition in the building dock 
to the vessel at loaded draught the gear bearings were expected 
to rise nigh on 3 mm relative to the original datum. In this 
particular case the alignment was set to the mean of the 
ballast and deep laden conditions, in the hot condition. 

Without resorting to a flexible shaft arrangement either by 
using as few bearings as possible or perhaps, as suggested by 
the Author, taking the additional advantage of higher UTS 
steels to reduce shaft size, it is not possible to exercise any 
control over the effects of hull and thermal deformations. It 
is interesting to note that for the tanker just described there 
was only one plummer bearing in 16 m of shafting, an L/D 
ratio for the line shafting spans of ten. 

In closing I would like to thank the Author for the con- 
siderable effort taken in the preparation of the paper, which 
should prove a most useful contribution to the Society’s know- 
ledge in this field. 


Mr. R. W. JAKEMAN 


My comments will be confined to bearing analysis and to 
get one small point quickly out of the way first, in section 
3.3(c), the Author seems to have missed the point regarding 
the application of white metal to bearings. The main virtues 
of white metal are firstly that it is soft enough to allow dirt 
particles to become embedded in it rather than remaining in 
circulation, continuously scoring both shaft and bearing and 
secondly, that in the event of a bearing failure the white metal 
will shear readily such that most of the damage will be 
confined to the bearing which is generally cheaper than the 
shaft to replace. 

Regarding Figs. 4 to 8, it is a golden rule that experimental 
measurements should be clearly shown as points on any 
experimentally derived graph in order that people may see 
precisely how much scatter has been experienced and how 
much ingenuity has been exercised in drawing a straight line 
through the hazy cloud of points so often found in practice. 

Turning now to Figs. 2 and 9, it should be noted that any 
bearing will be subject to temperature profiles in the axial, 
circumferential and radial directions. Any graph such as Fig. 9 
giving the radial temperature profile is therefore only really 
meaningful if it refers to a particular radial line, that is if it 
is for a fixed axial and circumferential position. In Fig. 9 
points K3.1 does not meet this requirement in relation to 
points M3.1 and K3. The error in this case is unlikely to be 
large, and Fig. 9 is therefore useful in giving some idea of 
what is happening in the bearing, but unless these few results 
are used in conjunction with some theoretical temperature 
profile forms it is difficult to see how realistic heat flow 


caiculations can be based on them. 

In his opening comments, on sterntube bearings, the Author 
notes that “the heat produced under certain conditions of 
loading can be calculated, but it is difficult to give precise 
figures”. This is true of hydro-dynamic journal bearings in 
general and for aft stern bearings in particular, so I think it 
would be fair to describe it as the understatement of the cen- 
tury. The Author does give some indication of the practical 
hazards involved but I feel that they need strong emphasis 
lest some individual happily assumes that a single formula 
is all that is required. 

For those who wish to delve deeply into this sort of calcula- 
tion I would recommend one of the Engineering Science Data 
publications by the Institution of Mechanical Engineers, that 
is in No. 66023 “Calculation Methods for Steadily Loaded 
Pressure Fed Hydrodynamic Journal Bearings”. From the title 
it is clear that this does not cover the usual type of sterntube 
bearing but it does give a very clear account of the type of 
problems involved and a realistic means of tackling them. 
The power loss formula given in Section 2.2 is similar to the 
one I previously encountered and I would add the warning 
that it is only valid for slow running bearings. A big question 
mark hovers over the “certain bearing temperature” referred 
to on which the effective lubricant viscosity is based. For 
slow running bearings the choice of this temperature is 
not too critical as it is unlikely to rise much above the oil 
supply temperature. It is therefore possible to make an esti- 
mate of the power loss in the right order of magnitude via 
the method given. Let us consider, however, the build-up of 
the practical problems involved. From an analytical viewpoint, 
the simplest bearing is the lightly loaded high speed type 
where the shaft runs near enough concentrically with the 
bearing. Provided the surface velocity and clearance are not 
too large and the kinematic viscosity of the lubricant not too 
small, in other words, as long as we keep Mr. Reynolds happy, 
then we have laminar flow conditions in the lubricant and the 
simple Petroff equation can be used. This equation, which can 
be found in most of the standard texts on lubrication, includes 
a viscosity term as before, and the only realistic way to deter- 
mine this is by the iterative procedure of assuming a tempera- 
ture and then calculating the corresponding rates of heat 
production and heat loss and then repeating the procedure 
until agreement of these values is obtained. This procedure 
is analogous in effect to the bearing approaching thermal 
equilibrium from a transient condition. 

If we now put a substantial but symmetrical load on the 
shaft it no longer runs concentrically and the hydro-dynamic 
action of the lubricant in supporting the load has to be con- 
sidered. Petroff, needless to say, is no longer valid but the 
iterative procedure for finding the effective viscosity is still 
needed. If we then dangle a great hefty propeller on one end 
of the shaft, a previously nice symmetrical axial pressure and 
temperature distribution is completely upset and life is starting 
to get really complicated. If we then commit the final atrocity 
of feeding this infernal propeller with a highly complex non- 
uniform wake then its sizeable misaligning couple is no longer 
constant, but goes through some devious cyclic variation and 
the poor bearing by this time doesn’t know what the hell is 
happening to it. What happens if some fool on the bridge 
puts the rudder hard over, defies imagination! 


AUTHOR’S REPLY 


First, may I say thank you very much for the interest 
shown in this technical matter. The contributions are really 
worth a second paper. 

May | repeat the first sentence of the last paragraph of 
chapter seven of the paper: 

“One would probably find it easy to write a separate book 
on each of these chapters, but it was my endeavour to report 
as concisely as possible on what I consider to be some 
important points.” 

Also, as stated in my paper, these points were based on 
experiments and measurements carried out by myself in con 
junction with a very efficient team. I had avoided comparisons 
so as not to pass judgement on the designs of various firms. 
In the contributions, however, further points have been raised 
on which I ought to comment from my experiences. 


To Mr. MILTON 

In general, the temperature recordings were made in order 
to obtain results on which future decisions could be based. 

As regards shafting alignment I share your doubts as to 
whether alignment of the aft sterntube bearing could be 
carried out correctly in any case. It is a fact that because of 
the unsatisfactory checking methods still applied today, the 
screwshaft is, in many cases, supported by the aft edge of the 
sterntube bearing although theory assisted by computer calcu- 
lations could predict values on which a safe alignment could 
be based. 

Misalignment of the aft sterntube bearing cannot be ascer- 
tained by temperature measurements. The effect of misalign- 
ment has been described in Chapter 3.1(b). A bearing damage 
would easily be generated by impurities in the lubricant and/ 
or by insufficient viscosity—say by penetration of water. The 
chance of misalignment, however, is much reduced by an 
arrangement as shown in your contribution. It is not quite 
understood why this construction has not been used in prac- 
tice yet. Difficulties during machining should not arise nowa- 
days. Could one take it as a typical example of how difficult 
it is to modernize traditional shipbuilding? 

May I reply to the penultimate paragraph of the contribu- 
tion which refers to shafting alignment. I take the shafting 
alignment of the Shell tankers Drupa, Darina and Diala as a 
typical example (1). These vessels are equipped with the first 
series of the Stal-Laval AP turbine plants. Chapter 4.1(b) 
pages 19 and 20 of the paper refers to the same case with 
tanks below engines, gears and line-shaft bearings. Many 
efforts were made at that time (1966) to calculate the influence 
of thermal expansion on alignment in advance. The results led 
to the alignment as shown in Fig. D.9. Measurements carried 
out during trials and the experience gained during many years’ 
Operation have shown that the first hypothesis has good prac- 
tical value. 

It must be added, however, that not only the shafting and 
gearing but also the complete engine plant was theoretically 
investigated in respect of thermal expansion. Fig. D.10 shows 
the foundation supports, the fixed points given by sub- 
contractors and a degree of freedom at the various supports. 
The top plates are shaded. Arrows show the possibilities of 
free expansion of the engine plant. 

I do not fully agree that to eliminate guesswork the correct 
approach would be to check the alignment of an installation 
in both the ballast and fully loaded condition and then adjust 
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Alignment of shafting and gearing. 
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Turbine plant foundation supports. 


same to a mean value. This proposal will, of course, reduce 
the effect of misalignment to 50 per cent. However, what 
would happen if, in the absence of guesswork, after taking 
measurements during trial, carrying out check calculations and 
even writing an official report, the specialist has to inform the 
owner that to avoid main engine trouble it would be most 
advantageous to lower the top plate by a few centimeters? 

If computer calculations for alignment of the engine plant 
were carrired out in advance, taking into account the different 
loading conditions and the influence of heat, then the ship- 
builders would know where to place the foundation, the 
workers on board ship could install the shafting and engine 
into an optimum position which could be regarded as reason- 
able and the final adjustment when afloat would not be a 
major operation. These calculations can, in fact, nowadays, be 
carried out by a number of big computerized yards, by other 
bodies and, last but not least, by the Society’s R.A.T.A.S. 
department. Programs based on the latest knowledge in this 
field are available. 

May I add, whilst on this subject, that it would be better 
for the Surveyors to request London Office assistance, at a 
very early stage, in order to avoid the possibility of another 
Classification Society calculating the shafting alignment for 
L.R. Classed vessels, as has in fact happened in the past. 

As regards the useful application of computers to ship 
design and alignment problems, I consider that the computer 
department is succeeding in bringing closer together the ship 
and engine departments which have long been traditional 
rivals. 


To Mr. CLAYTON 

With regards to paragraph 2 of Mr. Clayton’s contribution, 
the usual wire type stainless steel cladded thermoelements 
were used for measurement. Therefore, all the details had to 
be planned at a relatively early stage of building. The thermo- 
elements were arranged in a manner which is still one of the 
best methods to obtain accurate results over a long period. 
The feelers M1, M3 and M3.1 (Figs. 2 and 3, page 2 of the 
paper) were in contact with the white metal. Details of attach- 
ing the thermoelements are given in Fig. D.11 which I think 
explains the details better than a description could. Fortun- 
ately, a drawing—the language of the engineer—does not need 
translating. 
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Suggested method of attaching thermoelements. 
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I ought to point out that all thermoelements lasted the full 
period of time during which the measurements were taken 
(about one year’s operation). However, this fact does not 
reveal much in this instance as regards method of attachment 
and durability because the data recorders were removed after- 
wards and used for a test bed on shore. No excessive vibra- 
tions were noticed in the aft end of the ship and during the 
one year’s Operation there were only a few days of rough 
weather in the Bay of Biscay (Beaufort Windforce 11 to 12). 
On these days the aft peak was empty. 

Concerning paragraph 4 of the contribution, Mr. Clayton 
has discovered an editory error in spite of much effort spent 
on checking, it being difficult to notice. The sentence in 
question should read “On a number of completed new build- 
ings where the alignment had been carried out on the ‘Zero 
Line Method’ by the Work’s Shafting team in their usual way 
and where the results of a computer calculation was nor avail- 
able, the above method was applied for checking the align- 
ment (see Fig. 29)”. 


Referring to Mr. Clayton’s last paragraph, this is a question 
which I expected and some further explanation is necessary. 
The original formula is based on first principles, somewhat 
primitive but useful where it is used: — 


50 per cent of (HX) X AT has given a reasonable value 
to take into account heat for shafting alignment. The 
dimensions are as follows: — 


H in metres 
A=11-8X10-*/°C for steel 
VE inet 
Whilst converting this formula to Y=mm:— 
_ 10? mmX 118°C _ 1 
2X10°X°C ~ 170 


To Mr. MANSFIELD 

Mr. Mansfield has given a very interesting and important 
contribution on sterntube designs. Fortunately, “We are now 
in what appears to be a development time for sterngear”. 
Two systems are shown in detail, both having been first under 
discussion a relatively long time ago and now more or less 
developed to simplify the construction or reduce the time 
necessary for inspection and repair of the aft sterntube bear- 
ings. 

First, the “Turnbull” bearing has been presented, of which 
type Mark IV is now under consideration. With this design it 
is possible to carry out inspection of the sterntube gland and 
both of the bearing halves without drydocking. This type has 
now been ordered and is intended for two single-screw tankers 
of 225 000 tons dwt., having a shaft diameter of 921 mm and 
a rating of 50000 b.h.p. at 100 r.p.m. 

It may be added that further details to those given by Mr. 
Mansfield are given in the “Motorship” in 1969 Editorial. 
“Satisfactory inspection of first Turnbull designed split tail- 
shaft bearing”. 

The Glacier Herbert type sterntube design was first applied 
to the car carrier m.s. Laurita, a single-screw ship having 
machinery developing 16000 b.h.p. at 135 r.p.m. equipped 
with a controllable pitch propeller plant and built at the 
Hamburg Yard of Blohm & Voss. In 1968, when the pro- 
posals for the sterngear were submitted, they were very care- 
fully assessed both in the Society’s London and Hamburg 
Offices. The comments then made stressed the necessity for 
accuracy of construction and alignment and by virtue of good 
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Stern of m.s. Laurita where Glacier-Herbert system first applied. 


co-operation between all parties concerned this requirement 
was well met. 

One aspect concerning the welding of the sub-assembly of 
the ship’s stern was the timing of this welding such that the 
sternframe was welded into the sub-assembly at a relatively 
early stage. The sub-assembly was then welded into the con 
struction of the aft end using reference points and targets. 
This sequence was necessary to avoid distortion due to the 
large weight of the fabrication being put on to the aft end, 
after the sterngear had been welded in place. A_ section 
through the aft ship is given in Fig. D.12. 

A paper, “Sterngear Design for Maximum Reliability—The 
Glacier-Herbert System”, has been read at the Institute of 
Marine Engineers on 25th January, 1972, and further details 
of common interest are given therein. However, from the 
practical viewpoint it might be worth showing some pictures 
which explain the system quite clearly. 

Fig. D.13 shows the two supporting rings of the system in 
the ship’s stern, both ground carefully after the sub-assembly 
had been welded into the aft ship construction. Fig. D.14 
shows a typical shaft inspection, where the bearing is moved 
forward. One can see the screwshaft flange in the background 
and the chromium steel bush of the aft sterntube gland 
fastened at the gland. The forward sterntube gland, or bearing 
gland as one could call it, it not mounted at this stage of 
assembly. 

Fig. D.15 indicates the stage of re-assembly of the Glacier- 
Herbert unit before the forward gland is mounted. 

It should be noted that with controllable pitch propeller 
plants operated by hydraulic means and with warm oil heating 
up the shaft from the inside, the bearing temperatures would 
be found to be slightly higher than would be expected for a 
conventional solid shaft. This may necessitate the aft bearing 
clearances being made somewhat larger than for a conven- 
tional shaft. 

Mr. Mansfield gives a clear example for the safe dismount 
ing of keyless propellers. This method is in fact used by 
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Fine finish applied to supporting rings of stern boss casting. 


experienced workers in the German yards, but as these keyless 
type propellers have only been introduced lately, even the 
experts in the repair yards know very little about it and this 
fact should be borne in mind for a considerable time to come. 
This may also be one of the reasons why engineers are still 
developing new ideas, in order to dispense with the thread at 
the screwshaft altogether. Another aim of their research (and 
this would probably have a more theoretical than practical 
effect) is to reduce the overhung weight and the bending 
moment of the screwshaft in way of the aft bearing. Figs. 
D.16 and D.17 show such arrangements where the thread, if 
any, is not stressed either during mounting or dismounting of 
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Shaft inspection in way of aft stern tube bearing. 
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the propeller. In this way the present difficulties of the cutting Ring, transmitting axial 
of long threads on large diameter shafts and the exchange force to shaft, taking 
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portion of the nuts, the maximum load and length of nut 
were proportional. 

It is true that belling of the nuts is reduced with smaller 
thread angles and is minimal with the ACME-thread form. 
The choice of material, however, then becomes more im- 
portant because of the increased notch factor caused by the 
ACME type thread. Whereas a higher tensile material could be 
recommended for the nut with Whitworth metric ISO thread 
shown in the paper, due to the relatively high tangential 
stresses, the ACME type thread requires a more ductile 
material which would prevent the shaft thread being deformed 
by pure shear stresses. 


To Mr. CAMPBELL 

I agree fully with Mr. Campbell’s comments and I am glad 
that due to the examples given in his contribution the Sur- 
veyors’ attention is again drawn to the very important items 
which have to be considered at a very early stage of ship 
development. 

The jacking of bearings can be an art and sometimes I 
would recommend that data should be plotted twice: (a) 
during lifting of the shaft, and (b) during slow releasing of 
the oil pressure. The curves so obtained will not exactly 
coincide but should be similar and the mean value should be 
used. When the curves are not similar to each other, some- 
thing is wrong. Peculiarities can, for instance, be noticed when 
the bolted connections of flanges have become slack, when 
the curves under a certain angle may look like waves, but 
this does not necessarily show in any particular form. I would 
mention that strain gauging would show similar peculiarities 
in such cases. 

It seems opportune to add that in any case where jacking 
is used for checking the shafting alignment of a vessel in 
service, the possibility of side loading and the tightness of the 
fitted bolts should be checked before jacking the bearings. 


To Mr. MARTYN 


Referring to Mr. Martyn’s contribution, paragraph 5, the 
bearing loads were calculated by computer and afterwards 
checked by jacking. The load for the forward sterntube bear- 
ing was calculated in this way and indirectly measured as 
being 3 metric tons. The frictional power was derived by the 
method shown in the paper (paragraph 2.2). The results are 
shown in Fig. D.18 for the aft and forward sterntube bearing. 

With reference to paragraph 6 of the contribution, the 
problem of thermal expansion in regard to sterntube designs 
was a matter of separate research. Tests were carried out 
which showed quite clearly that this problem arises where the 
wrong combination of materials is used. No problems are 
normally to be expected where steel, cast steel, spheroidal 
graphite cast iron or ordinary cast iron are used for the vari- 
ous elements of the ship’s stern construction, but bronze and 
similar materials with much larger coefficients of thermal 
expansion (and heat transmission) can produce problems 
when used for white metal bearings in oil lubricated sterntube 
systems. The problem starts when the white metal wipes. Due 
to expansion of the bearing sleeve, which is normally fastened 
to the sterntube or sternboss in a tight pressure fit, the allow- 
able yield is quickly exceeded. 

If the sterntube/sternboss construction is of sufficient robust- 
ness in comparison with the sleeve thickness, the sternboss 
will not fracture. However, when the bearing temperature is 
reduced to normal due to the engine being stopped or due to 
the unaffected part of the bearing taking over the load, then 
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Frictional power of stern tube bearings versus sea water 
temperature. 


a gap will form between sleeve and sterntube/sternboss and 
then it would be possible for the sleeve to rotate with the 
shaft if not properly secured. 

This is known from practice and has been proven by tests 
for the above choice of sleeve material. The damage occurs 
at a temperature of bearing sleeve and surrounding area lower 
than normally anticipated. Precise figures cannot be given 
because of the big variety of design criteria, such as materials 
(heat transmission, thermal expansion), number of air gaps 
(heat conduction), fit (pre-stressing), design, data, etc. 

From my own experience I would strongly recommend that 
in oil lubricated sterntube systems the factor of thermal 
expansion of the bearing sleeve material should not much 
exceed that of the surrounding material. 

Naturally, there would be a difference between using natural 
oil circulation and forced oil circulation. However, I would 
like to comment further on this point in conjunction with 
Mr. Martyn’s question regarding circulatory and non-circula- 
tory systems. 

First, I would like to answer the question raised by Mr. 
Martyn. The quantity of oil in the sterntube plays a minor 
role in respect of heat transfer. I consider a large quantity of 
oil in the sterntube superfluous in cases where no forced 
circulation is provided. A very small quantity of oil is in fact 
rotating with the shaft and so is in turbulence. Oil is not the 


best heat transfer medium; where it is not possible to produce 
eddy motion, lubricating oil is more or less an insulant if 
compared with steel or similar material. 

Where the bearing sleeves are fitted directly into the ship’s 
stern (omitting the conventional sterntube) the heat is more 
easily transmitted to the sea water because the overall thick- 
ness of the surrounding material and the number of air gaps 
are reduced. This also allows a larger portion of heat to be 
transferred to the sea water from the aft sterntube bearing, 
thus probably reducing the amount of heat flow to the stern- 
tube oil, which is not much anyway. 

For the fabricated sterntube the conditions for the forward 
sterntube bearing remain about the same as described in the 
paper (see paragraph 2.2(b)). There will be the advantage, 
however, that the oil of the sterntube has now direct contact 
to the sternboss and this might reduce the mean temperature 
of the sterntube oil, mainly in cases where there is no further 
coolant in the after peak. 

The sterntube design shown in Fig. 1 of the paper presents 
a typical non-circulatory oil lubricating system. The con- 
necting pipework, which is | to 2 inches diameter, to the 
header tank does not allow natural circulation of oil. The 
small tank fulfils the following duties : — 


(a) it accepts the increase of oil volume due to expansion, 
(b) it provides a slight pressure of oil in the sterntube as a 

means against flooding in case of sterntube gland damage, 
(c) it takes the feeler for the low level alarm. 


The surface provided by the tank and pipe system is rela- 
tively small and surrounded by air only. In comparison with 
the scantlings of the sterntube and the film coefficients of 
thermal conductivity involved (see paragraph 2.2, page 6 of 
the paper) it becomes obvious that one cannot expect heat 
being carried off in such an arrangement of a non-circulatory 
system. 

Now I will endeavour to give a reply to the question 
regarding the non-circulatory system in general. A typical 
example of non-circulatory systems is given above. I would 
say it could be called the conventional type. The advantages 
are well known: no additional machinery, no maintenance. 
The disadvantages are: heat build-up in the forward part of 
the sterntube, no supply of cool oil to the bearings as a con- 
tributory means of preventing bearing damage. 

It is known that sterntube bearings can run satisfactorily 
without forced oil circulation, provided the heat produced by 
friction is mostly carried off through the boss to the sea water. 
This is the case where bearing sleeves are fitted into either a 
sterntube or sternboss by a positive fit and the boss is well 
protruding. 

Where only a small part of the aft sterntube bearing has 
direct contact to the surrounding metal and/or the heat flow 
is interrupted by air gaps (design criteria of most of the 
modern designs), the sterntube bearing should be treated like 
a normal journal bearing, Mr. Martyn called it the circulatory 
system. 

However, practical experience indicates that a slight differ- 
ential pressure of about 0,4 kg/cm* should be provided inside 
the sterntube at the after gland. The after and forward gland 
have to be provided with some means of lubrication and cool- 
ing and, therefore, the bearing would have to be submerged. 
This calls for arrangements different from forced lubricated 
bearings. 

Normally the sterntube bearings are a long distance from 
the engine space, so at least one separate pump would have to 


be provided. In order to avoid lengthy descriptions I have 

drawn a sketch (Fig. D.19) which shows an acceptable arrange- 

ment of a circulatory system. It is possible to dispense with 

oil coolers as they complicate the arrangement. If the sump 

tank is formed by part of the shell plating, this providing 

sufficient cooling surface. The advantages of such a system 

are: — 

(a) supply of clean oil to the bearing(s), 

(b) lower working temperature of the bearing(s), 

(c) early discovery of contamination of lubricating oil by sea 
water, thus providing a higher degree of safety for glands 
and bearings. 
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Stern tube circulatory lubricating oil system. 


Due to the different design philosophies on which gland 
design is based (some high duty glands can withstand pressure 
differences of up to 2kg/cm*, others only 0,Skg/cm?) and due 
to the different types of ships, which could be classified by 
draught as follows: — 

1. Container ships, reefers, passenger ships. 
2. Dry cargo ships, bulk carriers. 
3. Tankers, lakers. 

A large number of different designs for circulatory systems 
have been developed and, as Mr. Martyn already mentioned, 
all more or less complicated. The Rules themselves set no 
limits as regards the use of a variety of machinery for circu- 
latory systems. 

One could say in a typical Plan Approval manner: — 

“Each case will have to be considered on its own merits.” 


To Mr. JAKEMAN 

So far as I can understand, Mr. Jakeman appears to think 
that I am writing an attack against white metal bearings. This 
is not the case. It is an accepted fact that bearing bushes made 
of grey cast iron and fitted with a white metal lining, prefer- 
ably bonded to the cast iron by the “Kolene” or similar pro- 
cess, are the best technical solution to the problem of 
supporting rotating shafts for main propulsion purposes at 
the moment. In this bonding process graphite particles are 
removed from the inner surface of the grey cast iron bushes 
by chemical-electrical means. Subsequently a thin layer of tin 
is applied to the surface so prepared thus providing a good 
bond with the cast iron as well as with the white metal which 
is cast in afterwards. 

As regards the embedding of dirt particles, this is clearly 
shown in the paper on pagel3, paragraph 3.1(c), and page 16, 
Fig. 19 (dull bearing surface indicating pollution of the lubri- 
cating oil by small particles), and Fig. 20 (enlargement of the 
solid particles which causued the pollution) on page 17. I 
think, however, although it is shown that the test bearing did 
not fail while running under these extreme test conditions, 
it should be pointed out very clearly that an ordinary stern- 
tube bearing would be damaged while running in the mixed 
friction zone under similar conditions. This could probably be 
avoided by (a) a positive circulation of the lubricating oil and 
a system containing a fine mesh filter (see reply to Mr. Martyn) 
and/or (b) a forced lubrication system lifting the shaft at very 
slow speeds. 

Mr. Jakeman states “It is a golden rule that experimental 

measurements should be shown as points on any experimen- 
tally derived graph”. I agree in principle where for instance 
a number of about a hundred measuring points are involved, 
but I would particularly draw Mr. Jakeman’s attention to 
page 3 of my paper. Just a quick calculation shows the numb- 
ber of points measured : — 
4 voyagesX2 monthsX30 days*24 hours*60 minutes X60 
seconds X2 dotted line recorders, divided by 20 seconds—the 
result of this approximation is 2073600. The method of 
calculating mean values related to r.p.m. and sea water tem- 
perature was considered to give the most practical values for 
recording purposes. However, to show “how much ingenuity 
has been exercised in drawing a straight line”, shown in Fig. 
D.20 is a graph whereon the maximum and minimum tem- 
peratures measured are connected by vertical lines. Mean 
values were also calculated as mentioned beforehand. 

From the pure theoretical viewpoint Mr. Jakeman’s argu- 
ment in his contribution, paragraph 3, are accepted. I must 
point out, however, and I hoped that this was understood, 
that | was endeavouring to see and show the problem from 
the practical point of view. 

I am fully aware of all the difficulties Mr. Jakeman has 
described in detail. It took me a long time to ascertain 
whether or not a method could be found to calculate the heat 
flow on the basis of the measured values available. In the end 
these calculations were carried out entirely separate from the 
calculations for frictional power. Is it not surprising how the 
results given on page 6 of the paper corroborate each other? 

As mentioned above, the intention of the paper was to con- 
sider the sterntube bearing from a practical aspect rather than 
from a purely theoretical. | have noted Mr. Jakeman’s recom- 
mended publication and it is agreed that the usual sterntube 
bearing is neither steadily loaded nor pressure fed. I consider 
that the recently printed report entiled “Experimentelle Bestim- 
mung der Einflussgrosse fiir die Auslegung Einer Stevenrohr- 
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lagerung unter Besonderer Berticksichtigung der Verkantung 
der welle im Lager”, December 1971 (“Experimental deter- 
mination of the effect on sterntube bearing design with special 
reference to the tilting of the shaft in the bearing”) by the 
German Shipbuilding Research Centre is a more appropriate 
reference. From the theoretical aspect I would also recom- 
mend on the basis of my experience as a lecturer at the Ham- 
burg Engineering College the works of: G. Vogelpohl, on 
lubrication oil films and bearings; L. Giimbel and E. Falz, on 
friction and lubrication; O. Gersdorfer, on influence of heat 
on bearings. 

Mr. Jakeman’s final comments, although fanciful, do indi- 
cate the complications of sternbearing design, but also enable 
me to conclude the comments on the contributions to this 
paper on this note, while thanking the contributors for their 
comments and interest. 
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MARINE STEAM TURBINES 
SOME PROBLEMS ENCOUNTERED AND FUTURE OUTLOOK 


by K. M. B. DONALD 


Introduction 


All members of the Society will be aware of the increasing 
numbers of steam turbines selected to power tankers and 
container ships in recent years. 

More so today than in previous years these vessels repre- 
sent large capital investments to their owners. 

It is important, therefore, that the Society’s Surveyors 
should be acquainted with the latest types of turbine in opera- 
tion and some of the problems which are common to all 
turbines. 

As the title suggests the subject matter is almost entirely 
concerned with the steam turbine as a prime mover. Where 
applicable brief reference is made to Gearing, Boilers, Con- 
densers and Steam Cycles, but obviously these components of 
the total installation could not all be dealt with in the same 
detail. 

The contents of the paper are divided into two main 
sections. 

The first section examines briefly the reasons for the steam 
turbine revival, reviews the main types in use or on the 
market, and finally assesses the prospects for the steam tur- 
bine in the immediate future based on orders received, and 
concludes with a brief outline of the developments taking 
place for the more distant future. 

The second section deals with some of the faults which 
should be looked for when the casing is opened up, intro- 
duces the subject of blade and wheel vibration, continuing 
with an examination of the reasons for rotor vibration, 
modal balancing of flexible rotors, and the limits of vibration 
specified by various manufacturers. In conclusion some case 
histories of turbine investigations are presented. 


Part I 


The revival of the steam turbine probably began as early 
as November, 1962, when the General Electric Company, of 
America, announced their MST-13 single-plane design which 
it was claimed was cheaper to install and required less head- 
room than previous designs. 

In early 1963 Stal-Laval, of Sweden, introduced their AP 
(Advanced Propulsion) series which was also a single-plane 
arrangement. The most significant difference in Stal-Laval’s 
design was the adoption of overhung epicyclic gearing in place 
of the conventional parallel gearing for the first reduction 

It was probably the introduction of these two new concepts 
in marine turbine design coupled with the improvements in 
fuel rates and the better propulsive efficiency obtained by 
using low-speed propellers which broke through the barriers 
of the “Diesel Complex” as it has been called. 

Obviously, the increase in size of tankers, and the advent 
of the fast container vessels was foreseen by these companies 
in the early years with the recognition that large power 
requirements would follow. 

If one compares Table I(a) and I(b) which were published 
in September, 1967, of the total power of all ocean-going 
ships completed or launched in the same period between 
Ist January to 30th June, 1967, the percentage of turbine 


power in ships launched is almost doubled, and these power 
units would have been ordered in 1964, 1965 and 1966. In 
Table II, which refers to vessels ordered in the same period 
in 1967, the percentage of turbine power has increased five- 
fold over the vessels completed. This was largely due to a 
preference shown by Owners for turbine installations in 
vessels of 100,000 tons deadweight and over. It is also of 
interest to note the ascending positions of the two companies 
mentioned above particularly Stal-Laval which bears out the 
supposition that the two new designs were timed to meet an 
expected need. 
TABLE I(a) 


Vessels Completed 


B.H.P. % 
Diesel Total 3,385,870 93°15 
Turbine S.H.P. % 
Mitsubishi 84,000 2°31 
G.E. 79,000 2:17 
Westinghouse 46,500 1:28 
Stal-Laval 24,000 0°66 
De Laval 15,500 0°43 
Turbine Total 249,000 6°85 
Diesel and 
Turbine Total 3,634,870 100°00 

TABLE I(b) 
Vessels Launched 

B.H.P. % 
Diesel Total 3,727,200 88°89 
Turbine Hes % 
G.E. 223,000 Spey 
Mitsubishi 101,000 2°41 
Westinghouse 50,500 ibe PAI 
Kawasaki 42,800 1:02 
Stal-Laval 24,000 0°57 
C.E.M. 15,000 0°36 
Canadian G.E. 9,000 0:22 
Turbine Total 465,300 11-11 
Diesel and 
Turbine Total 4,192,500 100°00 


LEE 


Diesel Total 
Turbine 


G.E. 
Stal-Laval 
Mitsubishi 
A.E.G. 
Kawasaki 
Ansaldo 
Undisclosed 


Turbine Total 


Diesel and 
Turbine Total 


TABLE II 


Vessels Ordered 


B.ELP. % 
2,684,505 67°90 
S.H.P. % 
363,000 9°18 
324,000 8-20 
230,000 5°82 
112,000 2°83 

90,000 2°28 
15,000 0°38 
135,000 3°41 
1,269,000 32:10 
3,953,505 100-00 


Types of Turbine 


It is difficult these days to know which manufacturer is 
building turbines of original design, or of a type based on a 
previous licence agreement with slight modifications, or solely 
under licence with no changes. An attempt has been made to 
categorise the known manufacturers in Table III, but it 
should be appreciated that the accuracy of the following can- 
not be guaranteed, and could change before the paper is 
published. 

The following manufacturers’ turbines have been selected 
for illustration and some description based on:— 

(1) The types most likely to be encountered in practice which 
are also original design concepts (Stal-Laval, G.E.C.). 

(2) Information received from the manufacturers of other 
original design types (Kawasaki, De Laval, English 
Electric/ AEI). 

(3) Unique design concepts for the interest value (Blohm & 
Voss). 

To avoid repetition of description a broad summary of 
modern HP and LP turbine designs will be outlined since, 
in many respects, all turbines are very similar in basic design 
today. 


a 


Country 


Japan 


Sweden 


America 


Germany 


U.K. 


France 


Italy 


Original 
Manufacturer Design 
Kawasaki H.I. Yes 
REITs —_ 
Mitsubishi — 
Hitachi Zosen — 
Stal-Laval Yes 
G.E.C. Yes 
Westinghouse Yes 
De Laval Yes 
A.E.G. Yes 
Blohm & Voss Yes 
English Yes 

Electric / AEI 

C.E.M. — 
Ansaldo — 


TABLE Ul 
Own Design 
Built solely based on Other 
under licence previous he echaks 
agreement licence 
agreement 
GEC At present — 
until 1967 GEC, 
Previously 
Westinghouse & At present — 
Escher-Wyss Westinghouse 
Kawasaki _ _— 

— — Ceased 
all work 
on 
Marine 
turbines 
5-6 
years 
ago 


Stal-Laval — 
design 


—_——_— 
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Cross-Compounded Main Steam Turbines (non-reheat) 

Turbine inlet pressures and temperatures are generally in 
the region of 850 p.s.i. and 513°C, exhausting to 28°5 in. of 
mercury in the condenser. 


High-Pressure Turbines 


The majority of manufacturers have adopted the “Rateau” 
or pressure-compounded impulse turbine design which requires 
few stages to achieve the necessary heat-drop, enabling short 
shaft-lengths to be employed, saving in weight and overall 
length. 

Rotors are usually solid-forged and are machined down to 
form wheels for the attachment of the impulse blading. Most 
turbines have from 8 to 10 stages. 

Each impulse stage, except the first, comprises a diaphragm 
containing the nozzle guide vanes, followed by a wheel con- 
taining the moving blades. 

The wheel and diaphragm impulse stage design enables the 
rotor diameter to be kept to a minimum thus reducing the 
area of steam leakage past each diaphragm steam sealing gland. 
The flexibility of rotors ensures a first critical speed well below 
the running speed. The first stage is again an impulse design, 
but it is usually a larger diameter wheel with fewer nozzles 
than there are in the diaphragms. 

The casings of the HP turbine are cast from an alloy steel 
made in two halves with either integral or separately supported 
inlet nozzle chamber on the top half. The steam inlet and 
outlet flanged openings are cast integral with either the top or 
bottom half, and thick flanges at the horizontal joint are pro- 
vided for the bolts which hold the top and bottom half casings 
together. 

Bearing housings are bolted to the bottom half casing and 
each bearing housing is separately supported, being rigidly 
bolted to the seatings, usually at the aft end. Because of the 
axial expansion of the casing when hot, means are provided 
to allow the casing to move forward either by supporting the 
forward bearing on “panting plates” which are adequately 
flexible in the fore and aft direction or by supporting the 
bearing housing on a pedestal with axial keys. The thrust bear- 
ing is usually located at the forward end of the casing to fix 
the axial position of the rotor in the casing and to withstand 
the axial force exerted by the steam on the blades and rotor. 

A manufacturer usually has a set of standard “frame sizes” 
of casing and rotor covering a given maximum power output 
range. Any power output within that range can be obtained 
by suitable choice of nozzle and blade heights in the standard 
frame. 

HP turbine blades are usually short and of constant section 
with no twist, the essential differences are the methods of root 
fixing used, and the shrouding on the blade tips. 

Moving blade profiles are sometimes rounded at the leading 
edges so that varying angles of steam inlet at off-design condi- 
tions do not greatly affect the profile losses. 

Journal bearings are short and rather highly loaded to avoid 
the possibility of oil whirl. There may be a spherical seating 
to permit good bedding of the journal when first installed. 

Diaphragms are sealed at the inner radius by means of 
spring-backed labyrinth glands, while the rims are held tight 
against circumferential grooves in the casing by the differen- 
tial pressure across them. They should be strong enough to 
withstand the pressure without excessive deformation. Stresses 
are usually greatest at the weakest section in way of the 
nozzles, and deflections will be greatest at the corners of the 
inner radius. The two halves should have no clearance at the 


horizontal joint to allow steam leakage when the two casing 
halves are bolted together. Generally, diaphragms are of 
welded construction supported at the horizontal joint to allow 
concentric expansion at the operating temperature. 


LP Turbines 


In general there are two basic designs of LP turbine. The 
conventional single-flow type with down-flow exhaust, and 
the axial-flow exhaust type commonly used in single-plane 
arrangements. 

The down-flow exhaust type has an astern turbine outlet 
facing the ahead turbine outlet with some form of deflector 
between, whilst the axial-flow exhaust permits both ahead 
and astern turbines to exhaust in the same axial direction to 
the condenser, thus overcoming the troublesome heating of 
the ahead turbine when going astern. 

LP turbines have between seven and nine ahead stages 
and two or three astern stages. 

The first four or five stage blades are the usual constant- 
section type similar to the HP turbine blades, with about 
+10 to +20 per cent reaction at the mean blade height. 

Root fixings vary from one manufacturer to another, but 
those of the long twisted and tapered blades are usually differ- 
ent from the root fixings further upstream due to the higher 
centrifugal loads they have to accommodate. 

Stellite shields may be fitted to the leading edges of the 
blades of the last stages to enable higher tip speeds to be 
employed without excessive damage from water droplet ero- 
sion. In addition there are water collection channels between 
the diaphragms of the last stages which catch the droplets 
thrown off by the moving blades and drain the water directly 
to the condenser. 

The longer blades may or may not be shrouded or fitted 
with lacing wires or both, usually depending upon the vibra- 
tion characteristics of the blades and the type of tip sealing 
used. 

The ahead LP casing is usually of prefabricated con- 
struction and the diaphragms in the final stages cast with 
guide vanes integral. 

The thrust bearing will generally be at the aft end since 
the casing is fixed to the condenser at the forward end, the 
casing will expand aftwards. 


Astern Turbines 


The astern turbine is generally housed in a separate cast 
casing within the LP outer casing. 

There will be two or three astern stages, the first stage being 
a Curtis wheel followed by single rows or a second Curtis 
wheel. 


Reheat Turbines 


Fairfield’s, G.E.C., Kawasaki, I.H.I. and a German com- 
pany are the only manufacturers who have actually supplied 
reheat turbine installations for marine operation in recent 
years. All the other manufacturers have reheat designs avail- 
able if required. 

There is a basic resemblance between all the types of reheat 
HP turbine available and in use, superheated steam entering 
at the centre of the casing and flowing forward through four 
or five HP stages out to the reheater and returning again to 
the middle of the turbine and flowing aftwards through the 
IP section of six to eight stages. The two flows are separated 
by a partition in the centre of the casing sealed at the rotor 


surface by a series of labyrinth glands. Inlet conditions are 
in the region of 1,420 p.s.i. and 513°C, reheated to 513°C. 

A number of manufacturers offer non-reheat cycles opera- 
ting at the higher steam conditions of 1,420 p.s.i. and 513°C 
and in this way are presenting the advantages of better fuel 
economy with modest turbine sizes without the complications 
of reheat. 


Some Blade Design Aspects 


The impulse stages referred to previously are known as 
“Rateau” or pressure-compounded stages. Pressure energy in 
front of a nozzle is converted to kinetic energy in the passage 
of steam through the nozzle. The high-velocity steam leaving 
the nozzle is then turned in direction by the moving blades 
and the change of momentum of the steam produces a tan- 
gential force on the blades and a torque on the shaft. The 
kinetic energy of the steam leaving the nozzles is absorbed 
in the moving blades. 

The passage of steam through the nozzle results in some 
inefficiency due to friction, so not all the potential energy is 
converted to kinetic energy. 

In pure impulse blades the pressure at entry and exit is 
equal, but again due to friction losses some reheat of the 
steam at constant pressure takes place. Finally, therefore, the 
total stage efficiency is made up of losses in both nozzles and 
blades. 

Because of the moving blade friction loss there is a com- 
ponent of velocity leaving the blades in an axial direction 
which is termed the “idle” velocity. 

The situation can be improved with regard to stage effi- 
ciency by designing the moving blades for a small degree of 
’ reaction, i.e. by allowing a small proportion of the stage pres- 
sure drop to occur in the moving blades. 

Figs. 1(a) and 1I(b) illustrate the differences between the pure 
impulse stage and the mixed impulse-reaction stage on the 
Enthalpy-Entropy diagram. The diagrams are somewhat exag- 
gerated to illustrate the point more clearly; in each case AB 
represents the isentropic heat-drop, AC the expansion in the 
nozzle, whereas CD in Fig. I(a) is the reheating of steam at 
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Fic. 1(a) 
Pure impulse. 


constant pressure and CD in Fig. 1(b) is the expansion 
through the moving blades. 

The significance of the foregoing is the fact that designers 
no longer make a specific distinction between pure impulse or 
pure reaction blading, and it is usual to design for varying 
degrees of reaction in impulse blading, the amount increasing 
towards the exhaust end and through into the LP turbine. 

There are pressure-equalising holes drilled through each 
disk in order to reduce the axial thrust due to pressure differ- 
ences across each disk. For this reason some manufacturers 
provide an axial sealing strip between the moving blades and 
nozzles at the base or root of the blades, since any flow 
through the balance holes represents a parasitic loss if the 
degree of reaction is signficant. 

All HP turbines of the type described have blade tip seals 
which are either axial or radial or both. This is necessary to 
prevent the flow of steam over the tips of the blades which 
would result in high losses in each stage. 

Because of the centrifuging effect of the blades on the steam 
flow there exists a pressure gradient up the length of the blade 
and therefore the steam velocities are different along the blade 
length. Blade velocities also vary up the length. Generally, the 
smaller the ratio of blade root radius’ to blade height the 
greater the degree of reaction at the mean diameter. 

The long blades in the final stages of the LP turbine are 
usually twisted and tapered in section along the blade length 
to avoid the flow losses associated with negative reaction. 


Turbine Output Control 


The first stage of the HP turbine may be a_ two-row 
velocity-compounded impulse wheel known as a Curtis wheel, 
or a single row impulse wheel, the latter being more 
usual in the ahead turbine, because of its better stage effi- 
ciency, the former being employed in the first stage of the 
astern turbine because its lower efficiency is of less importance 
than the larger heat-drop which it can accommodate. 

There are basically two methods of controlling the power 
output. The first is throttle control, the second is nozzle group 
control. 
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Impulse-Reaction. 


In each case the steam inlet nozzles are housed in a nozzle 
box which is either separately supported within the casing or 
cast integral with the casing. The separate nozzle box occupies 
an are of probably 100° to 150° and is known as “partial 
admission”. 


Throttle Valve Control 


This type of control throttles the steam through a valve to 
a group containing a large number of nozzles, thus reducing 
the steam pressure at the inlet to the nozzles and reducing 
the available heat-drop through the turbine. It also decreases 
the quantity of steam flowing by a reduction in the throttle 
valve area. The throttle valve may be automatically governed 
to maintain a constant output at a particular setting by 
hydraulic feed-back or relay to the valve from a governor 
operated from the HP or LP turbine shaft. 


Nozzle Group Control 


Integrally cast steam chests and nozzle belts are the usual 
feature of nozzle group control because the nozzle arc is 
divided into a number of separate sections by walls within the 
nozzle housing each section containing a group, or small 
number of nozzles. One group may be permanently open to 
the steam admitted from the manceuvring valve, each of the 
other groups having their own inlet valve in the steam chest. 
There may be up to seven separate groups of nozzles in the 
steam chest, each with its own valve. When a group valve is 
fully open it admits an additional quantity of steam at the full 
steam inlet temperature and pressure, therefore the inlet state 
point is hardly changed. Thus with the opening up of each 
group of nozzles a further quantity of steam is admitted 
which increases the power output without greatly changing 
the heat-drop through the turbine. On the other hand the 
distribution of heat-drop across each of the stages down- 
stream of the control stage is more affected by this type of 
control than with the throttle-valve control method. 

With nozzle group control at low powers the LP stages 
downstream do less work whilst the first and following few 
stages in the HP turbine do a greater share of work less 
efficiently. 


STAL-LAVAL TURBIN A.B. (Sweden) 


At present holding the largest share of the marine turbine 
market Stal-Laval, more than any other manufacturer, seems 
to have shown a particular ability not only for originality in 
design but also for selling their product. 

Their present range of A.P. frame sizes for HP and LP tur- 
bines together with gearing is shown in Fig. 2. Thus, for a 
given r.p.m., power and cross-over pressure suitable combina- 
tions can be obtained. This may be revised again as soon as 
power requirements increase, reheat turbines become more 
popular and propeller arrangements change. 


HP Turbine 


The basic layout of the HP turbine is shown in Fig. 3. The 
main feature of Stal-Laval blading is shown in Fig. 4. The 
roots are of the side-entry type held in place by indenting 
the bottom of the bulbous end of the root on both sides of 
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Range of Stal-Laval turbine frame sizes. 


the wheel. Some modifications to this root are in hand at 
present to ensure greater reliability against the fatigue failures 
which have occurred in some vessels since 1968. 

The shroud design is also of particular interest because each 
blade is machined complete with an integral tip platform 
which butts against its neighbour to form a continuous cover. 
The blades are fitted in the wheel and locked in place. A cover 
wire is then laid between two radial fins on top of the tip 
platforms and each fin is rolled over the top of the wire to 
enclose it completely, and then machined to the correct thick- 
ness and contour as shown in Fig. 4. The ends of the wire 
meet at the middie of a blade tip platform, so in effect the 
wire covers the whole circumference as a continuous shroud. 

Diaphragms are of welded construction, the guide vanes 
being inserted into punched slots in an inner and outer steel 
band. The assembled steel band is then welded onto the body 
and rim of the diaphragm, as shown in Fig. 5. 


HP turbine. 
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FIG. 
Stal-Laval side-entry blades. 


Manufacture of diaphragms 


LP Turbine 


The LP turbine is illustrated in Fig. 6 and shows the two 
fitted Curtis-stage wheels on the forward which are 
dowelled radially and provided with a retaining ring. The 
astern inlet pipe has piston sealing rings to permit relative 
movement between pipe and inlet steam belt. Access to the 
forward LP bearing is possible through an open well between 
the LP outlet and condenser inlet. 

All ahead LP stages have shrouding, the last three rows 
having tapered and twisted blades with lacing wires fitted at 
about mid-height. The shrouding on the last rows is based on 
the same construction mentioned for the HP blades but two 
separate and adjacent wires are rolled into the tips instead of 
one. 


end, 


[he root type is the same construction as the HP blades, 
the additional strength being obtained by the increased width 
of the root. 

An extra stage would be added to the LP turbine when 
used in combination with the HP reheat turbine. 


Reheat Turbine 

Stal-Laval have not, at the time of writing, had any orders 
for reheat turbines, but have a design available should the 
market trend change. Illustrated in Fig. 7 the general layout 
is very similar to all designs of marine reheat turbines on the 
market and in operation. 

Che centre inlet arrangement gives the least possible tem- 
perature and pressure differences across the casing shell, and 


Me havwseteg bh 


FIG. 6 


LP turbine. 


EEE YE 


oo mar 


2 Oi Bi: Bi Bi 


Fic. 7 
Reheat HP-—IP turbine. 


partition wall. One important feature of a reheat turbine of 
this sort is that the thermal inertia of the casing and rotor 
should be as nearly equal as possible by suitable distribution 
of masses to reduce the relative expansions to a minimum as 
well as the effect of thermal gradients during transient condi- 
tions (i.e. both heating up and cooling down). 

Contra-flow reduces the net axial force on the thrust bear- 
ing to a large extent, provided the two inlet pressures remain 
within certain limits. 

Since Stal-Laval have had no operating experience with this 
turbine, very little can be contributed in this respect. 


Epicyclic Gearbox Mounting 

The gearcase construction is such that the main casing 
which houses the main wheel and secondary pinions is sup- 
ported on only four pads, two being fixed under the main 
wheel bearings and the other two in the middle of the port 
and starboard sides. The main wheel housing carries the total 
weight of all the epicyclic gearing and conventional secondary 
train. 

The main gearbox housing is spring-loaded at the corners 
to permit adjustment of the pinion bearing centres by flexing 


the main housing to suit the best gear tooth contact area on 
each pinion. 

When erected in the shop, the corner “springing” loads are 
adjusted to give full tooth contact area. When mounted in the 
vessel, the corner “springing” loads are set to the shop 
erection values. If, after full power trials, the gear contact 
areas are not evenly distributed, further adjustment of the 
corner “springs” can be made to obtain the specified gear 
tooth contact length. 


Steam Cycles 

The series of cycles offered by Stal-Laval is set out in Table 
IV. The 3B and 4B cycle is conventional by today’s standards, 
both cycles employing single main boilers, the 3B having 


economiser and steam-air heater, and the 4B with gas-air 
heater. 
The feed pump and generator are driven by a common 


auxiliary turbine. 

The 5B cycle has a second high-pressure feed heater which 
is justified at the higher main steam conditions. 

Stal-Laval recommend the 5BR cycle in preference to the 
SMR cycle because, although the basic cycle is very similar, 


TABLE IV 


Power 
Cycle characteristics 3B 
Superheat pressure psig (ata) 918/65.6 
Superheat temperature Petey) 955/513 
Reheat pressure psig (ata) _— 
Reheat temperature °F eG) -—- 
Feed temperature ePitee) 288/142 
Uptake temperature bl na GC) 333/167 
Boiler efficiency ~- 0.883 
Condenser pressure in Hg (ata) 1.5/0.0517 
HP feed heaters — — 
LP feed heaters _ 3 
Generator drive -- Comb. 
Generator load kW 500 
Feed pump drive ~- Comb. 
Feed pump power kW 375 
Evaporator cooling _ Cond. 
Evaporator load Ib/h (kg/h) 3090/1400 
Lub. oil cooling — Sea W. 
Air ejector — Steam 
Cooling water circ. — Scoop 
= 0.308 


Overall thermal efficiency 


Fuel oil rate Ib/shpb (g/shph) 0.447/ 200 
Steam cycle characteristics : — 
3,4,5: Number of feed heaters. 


B : Back pressure turbine generator drive. 


Calorific value of fuel 18500 BThU’s/ Ib. 


both the main generator and feed pump are driven by the 
main turbine which makes operation more complicated. 

In general terms Stal-Laval would recommend : — 

(1) Separate turbo-generators of the back-pressure type. 

(2) Steam air ejectors in preference to vacuum pumps. 

(3) Condensate cooled distillers rather than lubricating oil 
coolers. 

Combined feed pumps and turbo-generators. (Stal-Laval 
admit that most of the vessels ordered employ separate 
feed pump turbines.) 

(5) Scoop circulation of sea water to the condenser. 

Their experience has shown that the 14-boiler system is 
most suitable for tankers, but twin boilers should be installed 
in container ships requiring high availability. 

Scoop circulation appears to be in use, more by tanker 
vessels than by the fast container ships. 


(4) 


Lubrication 


The lubricating oil system for AP units is made up of an 
external and internal system. 

The external system shown in Fig. 8, containing pumps, 
coolers, filters, etc., are all optional items. 

The internal system shown in Fig. 9 which is built into the 
unit, containing gravity tank, engine-driven oil pump and oil 
distribution pipework. The oil system is a direct feed pressure 
circuit taking oil from the sump and distributing it through 


32 000 SHP (British)/32 440 SHP (metric) 


4B 5B 5BR 5MR 
918/65.6 1173/83.6 1480/105.1 1480/ 105.1 
955/513 955/513 955/513 1005 / 541 

— ~- 316/23.2 316/23.2 

_— a 955/513 1005 / 541 
381/194 408 / 209 430/221 430/221 
265/130 265/130 265/130 240/116 
0.900 0.900 0.900 0.907 
1.5/0.0517 1.5/0.0517 1.5/0.0517 1.5/0.0517 
1 2 a 2 
3 3 3 3 
Comb. Comb. Comb. Main turbine 
500 500 500 500 
Comb. Comb. Comb. Main turbine 
380 470 500 465 
Cond. Cond. Cond. Cond. 
3090 / 1400 3090/1400 3090/1400 3090/1400 
Sea W. Sea W. Sea W. Cond. 
Steam Steam Steam Air pump 
Scoop Scoop Scoop Scoop 
0.316 0.322 0.338 0352 
0.436/195 0.427/191 0.407 / 182 0.391 /175 

M : Main engine generator drive. 
R : Reheat. 


orifices to the bearings and gear meshes. Should the external 
pump system fail, the main steam supply is shut off automati- 
cally and the main engine-driven pump, in combination with 
the gravity feed tank on top of the gear casing, will continue 
to supply oil to the bearings for an estimated 10 to 20 minutes. 
During that time the standby oil pump should be started or 
the turbine brought to rest on astern steam. 

As far as is known, however, the guardian valve and astern 
valve must be opened by hand. 


GENERAL ELECTRIC COMPANY (Massachusetts) 


The General Electric Company is one of the largest manu- 
facturers of marine steam turbines in the world today. For 
some years they have marketed the MST-13 and MST-14 
ranges of turbines to a maximum of 45,000 s.h.p., and more 
recently have extended the range from 45,000 s.h.p. to 120,000 
s.h.p., designated the MST-19. 

Two basic sizes of HP turbine, and three basic sizes of LP 
turbine cover the power range of the MST-19 type. In Fig. 10 
the block diagram illustrates the series of combinations. For 
each of the two power ranges, 45,000 s.h.p. to 70,000 s.h.p. 
and 70,000 s.h.p. to 120,000 s.h.p., non-reheat and reheat cycles 
are provided. This increases the basic HP design to four, com- 
bined with three basic LP turbine designs of differing last 
stage annulus area. The last LP design shown in Fig. 10 is a 
double-flow type with final stage annulus of 5O square feet. 
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External lubricating oil system. 
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Internal lubricating oil system. 
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Range of G.E.C. turbine frame sizes. 


By suitably combining the standard frames in the usual 
cross-compound arrangement and making the proper choice 
of nozzle areas in the flow path, any intermediate power be- 
tween 45,000 s.h.p. and 120,000 s.h.p. can be obtained with 
various levels of thermal performance. 

For non-reheat cycles in the 45,000 s.h.p. to 70,000 s.h.p. 
range, steam inlet conditions of 850 p.s.i. and 950°F have 
been chosen as the most suitable for the merchant marine 
industry. In the higher power range of 70,000 s.h.p. to 120,000 
s.h.p. steam conditions of 1,450 p.s.i. and 950°F are selected 
for both reheat and non-reheat cycles (with reheat to 950°F). 
These higher inlet conditions are to a large extent determined 
by size limitations of boilers, pipework and valves, etc. 


HP Turbine 


The first of the HP turbine frame sizes shown in Fig. 10 is 
illustrated in detail in Fig. 11. The sequentially operated 
nozzle-group control valves are located in the integrally-cast 
steam chest on the top half and the nozzle box is cast directly 
beneath the steam chest, with provision for nozzle arcs of up 
to 220°. The nozzle box projects slightly below the horizontal 
joint on both sides but is quite independent of the bottom 
half. 

The concept of the bar-lift, sequentially-opening nozzle 
valves is one which the manufacturer has employed for many 
years and which gives greater efficiency in part-load operation 
as well as at the higher powers. There can be up to seven 
separate nozzle group control valves with valve stems of 
different length depending upon the sequence of valve lift 
required. Each of the valve stems is free to slide in a common 
horizontal bar, all being located in the chamber of the steam 
chest. Two bar-lifting rods pass through the steam chest 
from control gear on top of the chest and by raising the bar 
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each nozzle-group valve is opened in turn according to its 
stem-length. 

The single astern turbine control valve is hung on the end 
of the steam chest opposite the main steam inlet whilst the 
hydraulic valve-operating gear is located on the forward 
bearing pedestal. 

Steam bleed pipes are located on the bottom half. The 
steam outlet is vertically upwards to the cross-over pipe, 
which is said to give greater flexibility. 


LP Turbine 


The LP turbine at the top of the group of three LP frame 
sizes in Fig. 10 is shown in more detail in Fig. 12. Steam entry 
is at the top of the aft end flowing into a full admission inlet 
belt. The inner cylinders are cast whilst the outer cylinder is 
prefabricated. 

The spaces between the inner and outer casing are available 
as bled steam chambers. On the bottom half it will be seen 
that water collection channels between the diaphragms of the 
last four stages are drained through orificed plugs into a 
common gulley which is led directly to the condenser. (Obvi- 
ously these orifices must always be maintained clear of debris.) 

The astern turbine stages comprise a two-row Curtis wheel 
and one impulse stage. The inlet steam belt is supported at the 
centreline with the steam inlet at the top incorporating a slip- 
joint construction using piston-ring seals. 

An axial-exhaust LP turbine is also manufactured for 
applications requiring the single-plane cross-compound 
arrangement. 

It will be seen from the diagram that the thrust collar is 
exceptionally thick. This is to enable some machining of the 
faces to be undertaken in the case of surface damage without 
reducing the collar thickness necessary for maximum design 
thrust. 


Reheat HP Turbine 


The high pressure reheat turbine which the manufacturers 
have designed and installed in at least nine vessels is shown 
in Fig. 13. Steam conditions are 1,450 p.s.i. at 950°F inlet, 
950°F reheat. The inlet is in the middle of the casing 
through the ahead inlet control at the top of the casing 
flowing through a single row impulse wheel and _ four 
Rateau stages to the outlet at the forward end bottom-half 
cylinder. The reheated steam enters at the bottom directly 
into a full admission diaphragm and flows aft through five 
Rateau stages to the outlet on the bottom half. The thrust 
bearing is at the forward end in the bearing pedestal which is 
dowelled to the half-ring integral with the bottom-half casing. 
Notice the high pressure partition wall and labyrinth seals in 
the middle of the shaft. 


Control 


Both HP and LP turbines are provided with governing 
devices which prevent overspeed. The governors are set to 
begin closing the inlet valves at about 102 per cent of the 
rated speed, and are completely closed at 108 per cent of the 
rated speed. 

The various trip devices, including low bearing oil pressure, 
etc., close only the ahead valves, enabling steam to be applied 
to the astern turbine to act as a brake. Overspeed limits apply 
to both ahead and astern rotation when bridge control is 
operative. 

Higher horsepowers and steam flows would require larger 
valves and significantly larger lifting forces. The conventional 
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Reheat HP-IP turbine. 


control gear uses lubricating oil boosted to about 55 p.s.i., to 
lift the control valves. To reduce the size of pistons required 
for the higher powered turbines the manufacturers have 
elected to increase hydraulic pressures to 1,100 p.s.i., by 
employing a variable displacement radial-piston pump. A 
separate oil reservoir is provided for the pump to maintain a 
high degree of cleanliness in the hydraulic system. For future 
applications a fire resistant fluid is planned, but for the present 
a regular petroleum oil is in use. 


Astern Power 

The manufacturers have already considered the astern 
power duties which may be required for arctic tankers. 
At present the standard two-stage turbine meets the normal 
requirements. If, however, additional power is required for 
icebreaking, it may be necessary to increase the astern stages 
to four or six for the same 100 per cent rated ahead steam 
flow. This would be in the form of a cross-compound arrange- 
ment, so as to reduce gear loading at high astern torque levels. 
Additionally, if a single cross-compound unit were used to 
power a twin screw vessel, such as the ‘“therma-coupled” 
arrangement, astern power on both shafts would be necessary. 

With the six-stage arrangement smaller blade and wheel 
diameters could be employed and thus it would be possible 
to hold rotational losses to the level of present units. 

As an alternative, G.E.C. are also considering an increase 
in the steam flow through the conventional astern unit, which 
would require greater flow capability from the boiler. 


Blade Design and Experience 

G.E.C. have had practically no blade failures attributable 
to metal fatigue in the period 1965 to 1969 and are recog- 
nised as the leaders in research on blade vibration based on 
a careful accumulation of knowledge and experience over 
many years. 


KAWASAKI HEAVY INDUSTRIES LIMITED (Japan) 


(With additional diagrams and information supplied by 
Licensees Hitachi Zosen) 


The turbines built by Kawasaki are their own design and 
not developed from previous licence agreements. In _ this 
sense they have pursued something of an _ independent 
approach to the problems which affect all turbine design 
projects. 

The present range which is meaningful in the context of 
powering modern merchant shipping is set out in Table V. 


HP Turbine—UA Type 


The sectional view in Fig. 14 of the UA frame HP turbine 
illustrates some interesting features. Main steam is admitted 
to the manceuvring valves contained in a separate assembly 
forward of the HP turbine. There is no guardian valve be- 
cause the movement of the ahead and astern valves are 
coupled together by a beam with a centrally placed fulcrum. 
There are other linkages connected to a hydraulically operated 


TABLE V 
UA UB UB450C* UR 
Turbine Type 

| Non-Reheat Reheat 
Power Range 28,000 25,000 45,000 25,000 
(HP) to to to 

34,000 50,000 50,000 
Propeller R.P.M. 85 to 100 60 to 100 125 60 to 100 
Range 
Steam Press 853 853 to 853 1420 
(p.s.i.g.) 1137 
Steam Temp. 520 510 (520) 510 520/520 
(°C) 
Type of Double- 
Reduction reduction, Double-reduction semi-locked train 
Gear tandem 
articulated 

Type of Electric- High pressure oil operated with electrically 
manceuvring hydraulic operated governor 
valve control 
Position of Forward 
propeller of main Aft of main gear wheel 
shaft main wheel 


thrust bearing 


* Particularly suited to high-speed container ships. 
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| Nozzle valve 


2 


3 Semi-Curtis stage 


Steam chest 
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UA-frame HP turbine. 


4 Bleeder connections 


5 Exhaust connection 


servo-cylinder and pilot valve, but basically it is not possible. 
to open the astern manceuvring valve before closing the ahead 
valve, and vice-versa. 

Two symmetrically arranged loop pipes supply steam from 
the manceuvring valve assembly to both sides of a steam chest 
cast integral with the bottom-half casing. Steam enters the 
main nozzle group chamber which has 28 nozzles permanently 
in operation. Two hand-operated valves on either side of the 
steam chest admit steam to two other separate nozzle group 
chambers, containing two nozzles each. The first two expan- 
sions are of a unique patented design referred to as a semi- 
Curtis stage. It is claimed to be more efficient over the whole 
power range than the conventional controlling stage. Figs. 
15(a) and 15(b) illustrate the manufacturer’s description. The 
semi-Curtis stage is used in all HP frames. 

Having no detailed information about the novel semi-Curtis 
stage, the Author’s interpretation of the arrangement is that it 
is, in effect, two partial-admission impulse stages in tandem. 
As explained previously, a pure impulse stage results in a large 
pressure-drop in the nozzles followed by friction and windage 
reheat of the steam in the moving blades at constant pressure. 


Stage 
efficiency 
percentage 
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Ratio of rotor speed to the optimum stage efficiency 


1,00 


Semi-Curtis stage 
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Semi-Curtis Stage. 


(a) Pressure and velocity (b) Control-stage efficiency. 
distribution. 


FLEXIBLE COUPLING 
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Kawasaki flexible coupling. 


The Kawasaki design probably gains in efficiency by com 
pleting the large drop in pressure in two parts instead of one, 
hence reducing nozzle and moving blade friction losses by 
reducing the steam velocities in each half of the expansion. 
Another interesting feature of the HP turbine which is used 
on all frame sizes is the flexible coupling between HP rotor 
16, it will be seen that a round- 
ended spring-loaded centring plunger is used to maintain the 
male coupling teeth concentric with the female coupling teeth. 
There are projections in the middle of the teeth to allow free 
passage of the oil supply which is admitted to the outer ends 
of each coupling via a collecting channel through the coupling 
teeth to outlets on the inner faces of the coupling. A special 


and pinion. Illustrated in Fig. 


Ahead steam inlet 


Astern steam inlet 


3 Ahead casing 


FIG. 


UB-frame I 


ibs) 


lapping process is also employed to improve the tooth mating 
surfaces. 


LP Turbine 


UA and UB Type 


The UA frame LP turbine is of the downward flow type. 
[The ahead exhaust is somewhat novel in the construction of 
the steam deflector. The deflector is an annulus bolted to the 
inner casing exhaust at the periphery containing four circum 
ferential guide vanes. 

[he UB frame is of the axial-exhaust type illustrated in 
Fig. 17. 

Points of particular interest are the astern turbine wheels 
which are not solid-forged with the rotor. They are termed 


o 
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4 Astern casing 


5 Exhaust chamber 


6 Built up astern disc 


17 


P turbine. 


built-up discs, but details were not supplied by the manufac- 
turer. From the diagram they appear to be sleeved and keyed 
and retained with a ring on the forward end. 

The first stage is a three-row velocity-compounded Curtis 
wheel followed by a two-row velocity-compounded stage. 

Steam is admitted at the bottom centreline. The last three 
ahead stages have tapered and twisted profile blades, while 
only the last two stages of moving blades are fitted with 
stellite shields on the leading edges. 

Another feature of interest is the coupling between turbine 
rotor and gear pinion. The coupling shaft is not the conven- 
tional short cardan shaft but more correctly a quill shaft 
connecting the aft ends of both turbine rotor and primary 
pinion. Both ends are of the fine-tooth male and female type. 


Reheat HP Turbine UR Type 

The Kawasaki design of the reheat HP turbine is shown in 
Fig. 18. 

Inlet steam is admitted from the manceuvring valve assem- 
bly via a single pipe to an integrally-cast steam chest on the 
bottom half. A group of nozzles is permanently open to the 


1 HP turbine steam inlet 


2 HP turbine steam outlet(to reheater 
3 IP turbine steam inlet(from reheater) 
4 IP turbine steam outlet 


FIG. 


main steam inlet flow of steam but a second group of nozzles 
contained within a separate chamber in the steam chest is 
controlled by a single nozzle group control valve also in the 
bottom half. 

The first control stage is the semi-Curtis type previously 
mentioned, followed by three impulse-reaction stages. 

The reheated steam enters on the top half of the cylinder 
through seven further stages, leaving by an outlet on the 
bottom half which leads directly downwards to the cross-over 
pipe which loops down and away from the engine below the 
engine seating before returning to the LP turbine bottom half. 

The same flexible coupling of the self-centring type is used 
as mentioned previously. 

There is a flexible coupling connection on the forward end 
of the HP rotor to drive the main generator through a clutch 
and reduction gear. This system is employed on both the UB 
and UR types. A two-row Curtis wheel back-up turbine is 
used to drive the turbo-generator when the main engine-drive 
clutch is disengaged. 

Vacuum pumps are used in preference to steam air ejectors, 
and feed pumps are driven by separate turbines, although 


Bleeder connection 


HP turbine 


IP 


turbine 
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Reheat HP-—IP turbine. 
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provision can be made to drive the feed pump from the main 
turbine if the Owner requires it. 
Lubricating oil is condensate-cooled. 


Reheat Turbine Type UR-315—General Information 


M.C.R. 30,000 s.h.p. at 90 r.p.m. 

Normal service 28,000 s.h.p. at 88 r.p.m. 

Steam conditions 1,420 p.s.i. 520°C /520°C (Reheat pressure 
341 p.s.i.). 

Vacuum 722 mm. Hg. 

One-and-a-half boilers (Main and Auxiliary). 

Evaporation rate 87 T/hr. at M.C.R. from the Main Boiler 
and 35 T/hr. from the Auxiliary Boiler. 

The main generator is driven from the forward end of the 
main HP turbine through gearing. A hydraulically-operated 
clutch connects the main turbine to the generator. When 
disengaged. a back-up turbine drives the main generator. The 
arrangement is such that the back-up turbine is always turning 
when the main generator is turning, so some windage loss 
must be inevitable. There is a separate stand-by generator and 
an auxiliary diesel-driven generator of about one-third of the 
output of the other two. 

The main and stand-by feed pumps are separately turbine- 
driven. 

Lubricating oil is circulated by an electric motor-driven 
vertical screw pump, whilst the stand-by lubricating oil pump 
is turbine-driven. 

In view of the high steam conditions boiler water treatment 
requires close attention and the use of sodium phosphate 
instead of the caustic soda treatment used in conventional 
lower-pressure boilers. Phosphate injection is controlled by 
continuous detection of boiler water alkalinity. 

External water treatment both of feed water and make-up 
water includes an ion-exchanger which keeps the silica con- 
tent of make-up water to less than 0°05 p.p.m. and con- 
ductivity to | micro-ohm per centimetre. 

Oil detectors and filters with magnets are also used to keep 
the purity high and eliminate sludge and scale. 

For manceuvring purposes, in port, and going astern, reheat 
is not required, therefore control of reheat temperature is 
necessary. This is done by closing the reheat dampers and 
opening the by-pass dampers. The Kawasaki main boiler is 
program-controlled, so that under normal change-over condi- 
tions the reheater temperature is changed gradually to avoid 
thermal shock to the turbine. It is possible to reverse the 
change-over in the middle of the program. 

Rapid shut-down of the reheater occurs when, for example, 
a crash-astern is required, or when the main turbine trips out, 
or reheated steam pressure drops. 

It is interesting to note that the manufacturers had consider- 
able trouble with pipe flange connections and, as standard 
practice, have gone over to welded connections in all main 
steam piping from the superheater via the manceuvring valve 
to the ahead and astern turbines. Welded pipe jointing is also 
used in the main feed discharge piping except for the feed 
pump outlet. 

One important consideration which none of the makers of 
reheat turbines seems to have considered, according to the 
numerous drawings of turbines and piping arrangements seen 
by the Author, is the omission of a relay-operated shut-off 
valve in the reheat pipe which returns to the IP section of the 
HP/IP combined turbine. In the event of a main propeller 


shaft failure or loss of propeller, the main steam supply would 
immediately be shut off as the overspeed trip came into opera- 
tion, but with two lengths of reheat piping and reheater tubing 
in the boiler full of steam, the volume of steam contained in 
these pipes may be sufficient to increase the turbine speed 
beyond the rated 110 per cent or 115 per cent at which it 
trips because there is nothing to prevent the residual steam 
in the pipes from continuing through the IP and LP turbines. 
This would also apply in the event of failure of either the 
HP or LP couplings to the gearing. 

The two vessels referred to by the manufacturers achieved 
a fuel consumption rate of 0°415 Ib./hp-hr. and 0°413 
Ib./hp-hr., respectively. 

Apart from some preliminary difficulties the Kawasaki 
reheat cycle seems to have performed satisfactorily, though 
only two years have elapsed since they were commissioned. A 
longer period of operation will enable a better assessment of 
the overall economics and reliability of the marine reheat 
cycle to be undertaken. It is hoped that the Owners will 
eventually make this information known. 


DE LAVAL TURBINE INCORPORATION (New Jersey) 


De Laval marine steam turbines are not featured largely 
among the merchant marine fleets of the world, but they have 
produced many units for the American Navy. 

They currently hold the position of building the highest 
torque marine unit ever built in the world rated at 50,000 
s.h.p. and 100 r.p.m. for installation in the 225,000 tons dwt. 
“Seatrain” tankers being built at Brooklyn. Reports indicate 
that these tankers will be capable of operating at 174 knots. 

The present ‘3 series” range of non-reheat turbine units is 
illustrated in Figs. 19(a), 20(a) and 21(a), whilst the relation- 
ship between a given propeller torque and propeller r.p.m. 
given in Figs. 19(b), 20(b) and 21(b) determines the particular 
frame sizes of both HP and LP turbines. All three types of 
basic design operate at 850 p.s.i.g., and 513°C with 284 in. of 
mercury in the condenser. 

The range of powers and speeds offered in Fig. 19(b) has 
been extended to a 65H and 65L frame size with a capability 
of up to 70,000 s.h.p. It is this new frame size which is being 
installed in the “Seatrain” tankers. 

The outline of the second series of frame size illustrated 
in Fig. 22 gives the overall dimensions of a 32,000 s.h.p., 103 
r.p.m. unit employing 40 HP and 40 LP frame sizes with 
locked-train gearing. 

Gear sizes have been developed using low speed gear 
diameters as a base and varying the face width to accept the 
required torque. 


HP Turbine 


The sectional elevation of the 40 H frame non-reheat tur- 
bine is shown in Fig. 23. The control valve chest is cast 
integral with the top half and consists of a number of groups 
of nozzles controlled by throttle valves which open sequen- 
tially as a common supporting valve bar is lifted. The nozzle 
box is cast integral with the steam chest. The diffusing cham- 
ber at the aft end has a cross-over outlet cast into the bottom 
half casing for easier maintenance, and the aft end is mounted 
solidly on the bedplate while the forward end is mounted on 
a flexible plate support which permits axial expansion. The 
thrust bearing is also at the forward end. 
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De-Laval turbine frame sizes. 
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Outline of 32000 SHP marine turbines and main reduction gear 


Fic. 22 


eS) 
A 
Wa) 
i 
=! 
5 
o. 
an) 
v 
g 
io] 
_ 
ad 
es 
) 
+ 


LP Turbines 

The 30 L type is a downward-flow exhaust type with casing 
of the prefabricated type. It has nine impulse/reaction stages, 
the last four stages having twisted and tapered blades. The 


astern turbine comprises one Curtis wheel and one impulse 
wheel. 

The axial flow exhaust LP turbine shown in Fig. 24 has a 
cast casing, and blading and diaphragms are very similar to 
the downflow exhaust LP turbine. 

The astern turbine outlet faces downstream as is usual with 
haust casings, the turbine having two Curtis 


axial flow 
wheel stages. 


Reheat Turbine 

The reheat turbine shown in Fig. 25 is similar to all other 
designs with regard to flow path, but it is interesting to note 
that the first (control) stage is a Curtis wheel rather than an 
impulse wheel which is somewhat unusual considering the 
lower efficiency compared with the impulse stage. 


Lubrication System 
The turbine shaft - driven positive - displacement 
provide the over-speed signal to the governing system. 
Oil supply is at 120°F and the rise is restricted to 50°F. 
Lubricating oil and control-actuating oil is supplied by the 


pumps 


Fic. 24 
30L frame LP turbine. 
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main lubricating oil system at full discharge pressure. Fig. 26 
is a diagram of the lubricating system. 


Journal Bearings 

All turbine journal bearings are of the segmental tilting-pad 
type. This type inherently provides some self-alignment, but 
more important this bearing has been proved by experience 
to have greater stability. Oil whirl problems are therefore 
eliminated. 


Thrust Bearings 


The thrust collar is forged integral with the shaft and over- 
sized to provide some machining of the collar to be under- 
taken should a failure occur. 

The six segmental thrust pads on each side are supported 
on levelling plates which serve to equalise the loading between 
pairs of pads. 


Low pressure 
turbine 


IMO pump 
discharge- 
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Diagram of lubrication system. 
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ENGLISH ELECTRIC/AEI (Manchester) 


The full range of marine steam turbines marketed by the 
English Electric/AEI Company is set out in Table VI. 
Reheat turbines would be available when required but none 
has been built to date. 

Details of a few of the frame sizes have been listed in 
Table VII. Each frame size is offered in many different com- 
binations. Among the single cylinder turbines steam inlet 
conditions, power, r.p.m., condenser cooling water tempera- 
ture, and arrangement of condenser flows can be varied over 
a fairly wide range. The cross-compound turbines offer the 
further choice of a downward-flow or axial-flow exhaust. 
There is thus a wide choice of turbines for marine applica- 
tions offered by the Company. 
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Single Cylinder Turbines 


The main advantages of the single-cylinder propulsion 
turbine is the relatively low cost due to fewer moving parts, 
reduced complexity of gearing, pipework, etc. The width is 
considerably reduced compared with a cross-compound unit 
and, of course, it can be adapted for turbo-electric drive. The 
prime disadvantage is that, compared with the standard cross- 
compound set, the thermal efficiency is about 3} per cent 
lower. 

The design of such a turbine is based on acceptable com- 
promises. In effect the centrifugal stress in the last row of 
moving blades determines the maximum blade diameter and 
speed of the rotor. To arrive at a good balance of efficiency 
between high and low pressure sections, some compromise has 
to be made in design. 
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Range of English Electric/ AEJ turbine frames. 
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Turbine— _ 


Steam Conditions at T.S.V. (Max.) 
Vacuum at Service Power (Nominal) 


Maximum Economic Power Range 


Maximum Astern Power 


Nominal Power Division 


Maximum Rotor Speed 


Staging 


Staging 


Staging 


Lubricating Oil 


Requirements (turbine only 
Pressure 


Frame 


HP turbine/LP turbine 


| 
HP turbine | 


LP turbine 


HP turbine 


LP turbine 


Astern turbine 


Nore.—All stages other than 2 row control stages (Curtis) in fact use impulse-reaction blading. In above table the term ‘“‘reaction’’ means 
stages with cast diaphragms and twisted runner blades. 


TABLE VII 


AEI MARINE PROPULSION GEARED TURBINES 


CROSS-COMPOUND 


900 p.s.i.g. 950°F 
28-5/" Hg in 75°F seas 
28,000 to 40,000 s.h.p. 
50% Ahead Power 
50% -50% 


6,500 r.p.m. 
3,500 r.p.m. 


Single row control 
+7 impulse stages 


4 impulse stages 
+3 reaction stages 
2 row Curtis 


+2 impulse stages 


105 g.p.m. 
10-15 p.s.i.g. 


2H70M 


900 p.s.i.g. 950°F 
28-5’ Hg in 75°F seas 
40,000 to 65,000 s.h.p. 
50% Ahead Power 
50%-50% 


5,000 r.p.m. 
3,000 r.p.m. 


Single row control 
+7 impulse stages 


3 impulse stages 
+3 reaction stages 
2 row Curtis 


+2 impulse stages 


10-15 p.s.i.g. 


SINGLE CYLINDER 


900 p.s.i.g. 950°F 
28-5’7 Hg in 75°F seas 
7,000 to 13,500 s.h.p. 
C.P. Propeller 


Single Cylinder 


6,300 r.p.m. 


Single row control 
+8 impulse stages 
+3 reaction stages 
or 
2 row control 
+7 impulse +3 reaction 


None 


30 g.p.m. 
10-15 p.s.i.g. 


H47M 


900 p.s.i.g. 950°F 
28-5/" Hg in 75°F seas 
20,000 to 28,000 s.h.p. 
50% Ahead Power 


Single Cylinder 


5,000 r.p.m. 


Single row control 
+10 impulse stages 
+4 reaction stages 


2 row Curtis 
+1 impulse stage 


10-15 p.s.i.g. 


REHEAT 


2RH70M 


1,400 p.s.i.g. 950/950°F 
28-5’ Hg in 75°F seas 
47,000 to 70,000 s.h.p. 
50% Ahead Power 
50%-50% 


5,000 r.p.m. 
3,000 r.p.m. 


Single row control 
+4 impulse stages 


+4 impulse stages 


5 impulse stages 
+3 reaction stages 


2 row Curtis 
+2 impulse stages 


10-15 p.s.i.g. 


Figs. 27 and 28 show sections of the complete unit and the 
turbine respectively. The conventional Rateau staging is 
employed except for the astern turbine which is a Curtis stage 
followed by a single impulse stage. 

The ahead and astern cylinders are rigidly supported from 
their vertical joints at the exhaust end. These vertical joints 
are themselves rigidly supported from two fore and aft beams 
on each side of the centreline. The astern cylinder is canti- 
levered out from the forward vertical joint while the forward 
bearing is carried on an extension of the lower half casing. 

A separate pedestal supports the ahead casing at the aft end 
by palms near the horizontal joint which are keyed to the aft 
bearing pedestal. There is also a vertical key on the bottom 
half of the casing to maintain alignment yet allow axial 
expansion. 

Gearing is of the double-helical dual-tandem articulated 
type, the pinions being nitrided. 


Cross-Compound Turbine 


HP Turbine 

A sectional elevation of the HP turbine is shown in Fig. 29. 
Since efficiency at low powers is not of particular importance 
in tankers and container ships, sequentially-operated manceu 
vring is not used on standard designs. A single ahead 
manceuvring valve supplies steam to the main group of nozzles 
in the bottom half-cylinder, and when required by opening 
one or two hand valves to smaller groups. The arrangement 
gives good efficiency at high powers without using more than 
one valve. 

Bled-steam tappings can be provided at almost any stage as 
required. The cross-over pipe is a short straight pipe incor- 
porating a bellows expansion piece and tie bolts. 

All other pipe connections are located in the bottom half 
to facilitate lifting the top half-casing. 


Overall width 13ft 6in 
Overall length 32ft é6in 
Overall height 21ft 4in 
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Single-cylinder turbine. 
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Fic. 28 
Section through single-cylinder turbine. 
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HP turbine. 


Thrust Bearing 


Thrust bearings on all the manufacturer’s rotors are of the 
tilting pad type with oil outlet at the top and separate thrust 
collars with case-hardened faces, which are retained on the 
rotor by means of an interference fit, a longitudinal key and 
a circumferential retaining-ring. 


Control Gear 


The manceuvring valves are contained in a separate steam 
chest mounted so as to resist forces and moments imposed by 
the main steam piping. 

Valves are hydraulically operated at 150 p.s.i. oil pressure 
supplied by a positive-displacement pump, driven by an elec- 
tric motor. There is a standby pump, also electrically-driven. 

The manceuvring valve control gear has a cam-operated 
feedback, giving an almost linear relationship between con- 
troller and propeller speed. 

The ahead manceuvring valve is provided with a speed- 
sensitive control which can be set to operate at any speed 
between 70 per cent and 100 per cent. 

An overspeed trip set for 115 per cent of the rated speed 
drains the oil closing the ahead manceuvring valve but steam 
can still be supplied to the astern turbine. 

A governor is fitted on the forward end of the HP rotor as 
illustrated in Fig. 30 which provides a speed-sensitive oil 
pressure signal to operate the ahead manceuvring valve. It 
consists of a balanced cantilever leak-off valve with a supply 
orifice and viscosity-compensating system to give consistent 
speed/ pressure settings. 


Fic. 30 


Governor used for speed control of propulsion turbines. 


The overspeed trip unit consists of an electrical impulse 
inductive sensing-head, operating a trip valve through an 
amplifier. Means are provided to depress the tripping speed so 
as to enable the device to be tested at normal speed. 


LP Turbine 


The LP casing is of prefabricated construction, Fig. 31, the 
first four diaphragms being of welded construction whereas 
the larger fixed blades at the exhaust end are cast into high 
quality cast iron. Special drainage belts are provided in the 
wet steam region of the ahead turbine with shaped dams 
behind drainage holes to collect water and lead it to the 
condenser. 

The astern turbine nozzle box inlet and belt are located in 
the bottom half-casing. 

The aft support feet are free to move laterally and the 
forward feet may move both laterally and fore-and-aft to 
accommodate thermal expansion, while keys at the bottom of 
both the forward and aft bearing pedestals maintain the 
athwartships position. 

The couplings between both the HP and LP rotors and 
their corresponding gear pinion shafts are of the Turboflex 
plate type. 


Bauman Multi-Exhaust 


A feature of particular interest which could be employed 
in single-cylinder or cross-compound LP turbine exhausts can 
be seen in Fig. 32. The flow of steam passing the penultimate 
LP stage is split into two flows by a circular ring on the 
nozzle. The outer flow at the tip is delivered directly into the 
condenser space whilst the inner flow is continued through the 
last stage blading and out to the condenser space. The volume 
of steam flowing into the final stage is therefore less and the 
final stage blade-length can be reduced. Since as previously 
mentioned, in the case of single cylinder turbines the exhaust 
area is determined by the maximum centrifugal stress of the 
last stage blades, by shortening the last stage blade, higher 
rotational speeds can be employed, enabling a higher power 
to be developed. 

The split-flow moving blade is of a special shape and it has 
been claimed that with three additional rows of blades the 
power may be increased four times for the same speed and 
factor of safety. Normally, however, only one split flow is 
used. 

The special shape of the penultimate moving blade and the 
special diaphragms would, of course, increase the cost of such 
a turbine, but the gain in power may overcome that disadvan- 
tage. It is possible that the single cylinder turbines in the 
20,000 to 38,000 s.h.p. range will be designed on this principle. 


BLOHM & VOSS (Hamburg) 


HP Turbine 

The most outstanding feature of the B. & V. propulsion 
unit is the unconventional HP turbine which is an all-reaction 
type, 26-stage unit employing throttle-valve control with full 
360° inlet steam admission area. 
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Baumann multi-exhaust. 


It will be seen in Fig. 33 that the construction of the rotor 
is the solid drum type with the fixed blades on two separate 
cylindrical carriers which are spigotted circumferentially into 
the outer casing, supported at the horizontal joint and 
dowelled top and bottom. The circumferential spigots act as 
partitions between the inlet, bled steam, and outlet spaces. The 
inner cylinders have bolted horizontal joints (not shown in 
the diagram). 

Notice the dummy piston on the rotor at the inlet steam 
end. There will, no doubt, be some leakage losses on this 
section. 

The outer casing and inner casings are designed to be sym- 
metrical top and bottom at each section. 
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Steam enters top and bottom and exhausts top and bottom, 
while the cross section illustrates the smooth transition from 
shell thickness to flange. 

The casing design is intended to reduce unequal heating and 
minimise inner and outer casing thermal distortion, for whilst 
50 per cent reaction blades are less affected by friction losses 
than impulse blades, leakage losses over the blade tips have a 
marked effect upon the efficiency of reaction turbines. The 
working clearances between blade tip and casing and tip and 
rotor have of necessity to be small. Thus the circularity of the 
inner casing must be maintained under all transient operating 
conditions. 

The manufacturers claim that symmetrically arranged inlet 
and outlet pipes reduce forces and moments on the casing. 
By halving the cross-section of the pipes, diameters and wall 
thicknesses are reduced and section modulii are correspond- 
ingly smaller, which is an important factor in relatively short 
pipes. 

Outer casing horizontal joint bolts have the usual central 
holes for heating rods which achieve accurate pre-tensioning. 
Expansion sleeves ensure that bolts will not be stretched 
excessively when steam is first applied to the turbine. 

The outer casing is bolted fore and aft to the two main 
bearing pedestals by means of half-ring flanges cast integral 
with the bottom half. 

The turbine is mounted on an anti-torsion bedplate with 
seatings for the two bearing pedestals. The aft pedestal is 
fixed rigidly to the aft bedplate seating, while the forward 
pedestal is free to slide fore and aft on the bedplate seating 
guided by a central fitted keyway, and the thrust bearing is 
located at the forward end. 

It is stated that the critical speed of the HP rotor is at least 
25 per cent above the maximum operating speed. The Author 
would agree that the large solid rotor employed may never 
exhibit the characteristics associated with operation at the 
critical speed, but he would question this claim unless the 
operating speeds are extremely low. 

A novel feature of the HP reaction blade tips is shown in 
Fig. 34. The moving and fixed blades are identical at each 
stage and rely on close tolerances between tip and surface to 
reduce leakage over the tips. Some years ago reaction blade 
manufacture was completed with machining of the tips to 
produce a fine rubbing edge which destroyed both the concave 
and convex profile at the tip. The diagram illustrates that 
Blohm and Voss in their earlier designs milled the concave 
side of the profile. Their present design, however, employs 
spark-machining of the tip which hollows out the blade tip 
leaving the profile unaffected. This has led to an improvement 
in stage efficiency, and as illustrated acts in the same way as a 
gland seal arrangement with two steam throttling fins. 

The manufacturer’s claim, with the aid of the H-@ diagram 
in Fig. 35, to show the higher efficiency of the throttle- 
controlled reaction turbine at full load, and the reduced effi- 
ciency of the throttle controlled reaction turbine at 50 per 
cent load, both of which are compared with the nozzle-group 
controlled impulse turbine. Of course, the comparison is 
dependent on many factors such as the type of turbine using 
nozzle-group control, the steam cycle arrangement, blade and 
nozzle design, and the numbers of nozzles in each group, etc. 

P, and t, are the steam inlet conditions, while P, and t, 
are the pressure and temperature behind the fully open con- 
trolling valves. At 100 per cent power the throttle-controlled 
reaction turbine enthalpy is greater than the nozzle-group 
type, where P, and t, represent the steam conditions in the 
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HP turbine (reaction type). 


Blade-tip thinned on one side by machining 
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Tip-thinning on fixed and moving blades. 
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nozzle-group wheel chamber, P,, being the common condenser 
pressure. 

It is a well known fact that an impulse stage is less efficient 
than a reaction stage, but the heat-drop in the impulse stage is 
much larger than the heat-drop in a single reaction stage, and 
thus a reaction turbine requires many more stages to complete 
the same expansion. It is because the heat-drop in the impulse 
wheel is so large (from P, t, to P, t,) that the two expansion 
curves at 100 per cent power are so far displaced from one 
another. 

The 50 per cent power curve illustrates that the reaction 
turbine is less efficient because the throttled steam at P,’ and 
t,’ results in a smaller total heat-drop to the common con- 
denser pressure P,’. The curve of 50 per cent power for the 
impulse wheel turbine illustrates that the first stage does 
most of the work at reduced powers less efficiently. 

It should be pointed out that Blohm and Voss have not 
mentioned shaft r.p.m., but because reaction stage efficiencies 
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are better at high velocity ratios ( —). so to maintain 
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reasonable rotor speeds, the mean blade diameters are probably 
smaller than the usual impulse turbine, depending upon the 
fixed blade steam outlet velocities. 


LP Turbine 


The LP turbine is conventional in most respects with the 
majority of other manufacturers of LP turbines. The ahead 
blades are mounted on wheels of the same diameter, therefore 
in broad terms as the blade lengths increase the degree of 
reaction increases proportionally. The manufacturers state 
that the degree of reaction at the mean blade section of stage 
1 is about +20 per cent increasing to about +45 per cent at 
the last stage. 

Had the concept of an all-reaction LP turbine been em- 
ployed here the rotor would have to be extremely long, and 
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LP turbine. 
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in consequence the overall length of the unit would be pro- 
hibitive if the axial-exhaust and combined astern wheel were 
employed. The problem could be overcome with a double 
flow (split-flow) LP rotor, but this would necessitate a down- 
ward flow exhaust, and the overall height of the unit would 
be prohibitive. 

The astern turbine down-stream of the ahead turbine 
exhausts axially in the same direction as the ahead turbine, 
which is one of the conventional arrangements of modern 
turbines which also prevents heating of the ahead turbine 
when the astern turbine is operating. There are two velocity- 
compounded stages in the astern turbine. 

The LP casing and the astern inner casing are obviously 
cast rather than prefabricated and the principle of symmetry 
of the casing is employed here also. The exhaust end (forward) 
is fixed and the casing, which is bolted to the bearing pedestal 
in the same way as the HP turbine, is allowed to expand aft. 
Access to the forward bearing is through a well in the LP 
casing. The arrangement is shown clearly in Fig. 36, whilst 
the overall dimensions are shown in Fig. 37. 

Table VIII sets out the various combinations of HP and LP 
turbines for a given maximum power. 

The manufacturers state that they are presently employed 
on developing reheat steam turbine units up to about 60,000 
s.h.p. 

The manceuvring valve and control diagram is not included 
but these are quite conventional, employing an oil impeller on 
the forward end of the LP shaft to hydraulically control the 
speed of the unit. An oil impeller is also installed on the HP 
shaft forward end which can be used in emergency. There are 
the usual other safety devices installed. 


TABLE VIII 

Type HP Turbine | LP Turbine NA Bin EOWE 

[PS] 
| | 

PT 20 PIN 20) 23 000 

Pies PTH 32 PTN 25 28 000 

Pigs2 PIN 32 35 000 

j TN « 5 
PT 40 PTH 50 PTN 40 45 000 
Pio PTN 50 55 000 


Blohm & Voss turbine frame sizes. 


THE IMMEDIATE FUTURE 
(Shipping Statistics up to July 1971) 


It is worth examining the market for steam turbines in the 
immediate future so that some idea of the numbers and 
powers required can be seen. It is not intended to present 
arguments in favour or against the motor or turbine for main 
propulsion of vessels but merely to illustrate the present trends 
and the likely numbers of steam turbines required. Leaving 
aside vessels like passenger ships and general cargo ships on 


the grounds that there are insufficient of the former built to 
make much impact on turbine manufacturers, and the latter 
on the grounds that both size and tradition make the use 
of steam turbines unlikely, five other types of vessel were 
examined : — 


(1) The Oil Tanker. 

(2) The Container ship. 

(3) The Ore, Bulk and Ore/ Oil Carrier. 
(4) The Liquefied Gas Carrier. 

(5) The Chemicals Tanker. 


Up to July 1971, when the statistics were examined, chemi- 
cals tankers could be ruled out as offering a suitable market 
for steam turbines. Of the 225 vessels considered, the largest 
was 37,625 tons deadweight with a steam turbine delivering 
16,000 s.h.p. at 174 knots. The majority was of the 400 to 
7,000 tons deadweight size, and only five of the 225 were 
steam turbine-powered. 

Figs. 38, 39, 40 and 41 illustrate the total number of steam 
turbine-powered vessels built and on order each year with 
accompanying curves of the average s.h.p. per screw for each 
vessel. 


Tankers 


The service speed of tankers is limited between 15 to 17 
knots, Fig. 42, and this average speed is carried over to the 
vessels on order up to 1975. 

The cost per ton of carrying a cargo of oil decreases with 
increasing size of vessel in theory but the present trend shows 
that the cost of freighting levels off at a deadweight size for a 
VLCC of about 300,000 tons. With these limitations of the 
major parameters it is not surprising that the average s.h.p. 
requirements for tankers are rising slowly. 

On the other hand, the numbers of vessels greater than 80,000 
tons dwt. on order for the next three years or so is at least 
maintained at a high level of 60 to 70 vessels per year. This 
market can therefore be said to be steady both in numbers 
and in power requirements. 


Container Ships 


The average s.h.p. requirements per screw for container 
ships are steadily rising as both deadweights and service speeds 
increase. Some power units will be required of up to 60,000 
s.h.p. per screw. These are 43,400 tons deadweight vessels, 
with twin screws, capable of 33 knots. 

Of the total number of container ships on order about 50 
per cent are twin screw. One 21,300 tons deadweight vessel 
is to be powered by a steam turbine delivering 50,000 s.h.p. 
on a single screw with a service speed of 25 knots. The num- 
ber of container ships built since 1968 is comparatively few, 
however, and although the number on order rises to 31 at the 
end of 1972, 1973 does not show a continued increase in the 
numbers. 

Surprisingly there are 227 container ships in operation at 
the time of this survey. Some 60 or more converted by the 
Americans from oil tankers, cargo vessels and Naval craft 
operate at 13 to 16 knots and are steam turbine-powered. In 
fact the number of container ships now in service may be too 
many for the market, hence the decline in numbers on order 
for 1973. Nevertheless, this is a market for the largest steam 
turbines afloat. 
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The conventional container ship market may well be 
affected by the new concepts of LASH and SEABEE ships. 
(LASH—lighter aboard ship; SEABEE—sea barge). There 
are some 13 LASH vessels with steam turbine propulsion due 
for delivery between August 1971 and July 1974, all of which 
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are of De Laval manufacture developing 32,000 s.h.p. on a 
single screw, and 3 SEABEE vessels with G.E.C. 36,000 s.h.p. 
steam turbines, are due for delivery between September 1971 
and June 1972. 


ORE, BULK, ORE/OIL CARRIERS & LIQUEFIED 
GAS CARRIERS 


Ore, Bulk, Ore/Oil Carriers (OBO’s) and Liquefied Gas 
Carriers have not presented a large market for steam turbines, 
but average power requirements show an upward trend as 
sizes of vesséls are increased each year. Therefore it may be 
expected that the numbers powered with steam turbines will 
increase as deadweights increase and may be considered to be 
a developing market. 

Like Oil Tankers, average speeds are 15 to 17 knots, so the 
power requirements will be roughly in line with increasing 
size, and steam turbines will be preferred for propulsion as 
deadweights increase. 

There is some evidence that Liquefied Gas Carriers may 
require larger powers because service speeds are tending to 
increase. 


Changes in Trading Pattern 


Fig. 43—the total number of tankers in the world up to 
Ist January, 1971, illustrates the decline in numbers of tankers 
of 60,000 to 150,000 tons deadweight following the Suez 
Canal closure in 1967. Although the VLCC (very large crude 
oil carrier) was initiated before the Suez closure, vessels of up 
to 200,000 tons dwt. could only pass through the Canal in the 
ballast condition. The Suez closure therefore provided the 
required impetus for wholesale ordering which followed, and 
the subsequent increase in size beyond 200,000 tons dwt. This 
is an example of geographical influences on the shipping 
markets. There could also be some changes in market trends 
with the development of a larger European Economic Com- 
munity and the opening of a new market with countries like 
Communist China. 
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Manufacturers 

Table IX was compiled from statistics obtained at the end 
of September 1971 and illustrates the distribution of turbines 
ordered for Newbuilding vessels up to 1975, showing the num- 
bers of a particular design chosen. Many of the types will be 
manufactured under licence agreements with Enginebuilders 
outside the country of origin. 

This raises an important point in connection with future 
trends, for some Shipbuilders are offering a standard hull 
design for tankers, for example, and incorporating a particu- 
lar make of main steam turbine for which their Enginebuilders 
are the licencees. If this trend spreads to other Yards, the 
market for particular makes of turbine may be determined to 
a large extent by the present licence agreements. 

Table IX illustrates clearly that turbines designed by Messrs. 
Stal-Laval have the largest share of the marine steam turbine 
market to date with G.E.C. of America following. The 
Japanese manufacturers are individually highly placed, and 
collectively with 142 have about the same share as Stal-Laval. 
Collectively the American manufacturers have a lower figure 
of 111 turbines on order. 

It is probably significant that Stal-Laval have licence agree- 
ments with about nine Enginebuilders in Ireland, Britain, 
France, Italy, Germany and Japan which is probably the 
largest number of licence agreements for any one make of 
turbine. 

Only a company with adequate back-up market, and tech- 
nical research facilities can survive in this field. Many of the 
large manufacturers also build land turbine sets and thereby 
have the benefit of accumulated experience to contribute to 
the marine side, or supply turbo-generators for marine use as 
a diversification of products. Other manufacturers have large 
contracts to supply turbine machinery for Naval vessels. In 
this country with the untimely demise of Pametrada at Wall- 
send only one combine exists for the design and manufac- 
ture of marine steam turbines, and since Naval vessels in this 
country’s defence system have gone over to gas turbine pro- 
pulsion machinery, British-designed marine steam turbines 
may soon be in the minority or worse, unless the upswing to 
turbine machinery can be improved and the British-designed 
steam turbine produced competitively for the foreign market. 


Nuclear Propulsion for Tankers 


Whilst nuclear reactor steam-raising plant and wet steam 
cycle turbines are a demonstrably feasible proposition, both in 
naval and merchant shipping, capital costs are still too high to 
be attractive to the independent Owners who own 60 per cent 
of the world tanker tonnage. Furthermore, fuel oil costs are 
probably not rising as rapidly as other costs. If nuclear reactor 
boilers ever came within range of competition with fuel oil, it 
is likely that oil costs would be undercut to maintain the 
Status quo. 

Further, it will take many years to convince pollution con- 
scious public and private sectors that nuclear reactors will be 
inherently safe in collision or total loss. The likelihood of 
nuclear propulsion of VLCC’s therefore seems most remote 
when viewed in terms of pollution hazards alone. 


Gas Turbines 


Economic studies undertaken in America have concluded 
that the steam propulsion plant will be the preferred propul- 
sion installation. However, comparisons are extremely difficult 
to make without the benefit of adequate experience in opera- 
ting gas turbine installations in merchant shipping. 


43 


The Euro-freighter concept is pioneering the “marinised” 
aero-engine gas turbine power plant of 30,000 s.h.p. on each 
of twin screws, and may provide some very interesting data 
in due course. 

The great advantage of the steam plant is still the fact that 
it can burn low quality residual fuels, whereas the gas turbine 
requires elaborate fuel oil treatment. There is also the problem 
of operation in a salt-laden air environment which could build 
up deposits on the moving and fixed blades, unless some form 
of filtration of intake air is employed. 


MANUFACTURERS’ FORECASTS FOR THE FUTURE 


In general terms Stal-Laval believe that powers will increase 
as tanker sizes increase and the use of the single screw run- 
ning at its optimum r.p.m. will be extended for as far as it is 
possible to do so. 

The manufacturers predict that when the limit of the single 
screw has been reached the overlapping and contra-rotating 
propeller arrangements will be used. Of the two arrangements, 
Shipowners’ interest has shown a slight preference for over- 
lapping propellers due to the less complicated layout, and the 
higher flexibility with regard to emergency operation. 

The economic break-even point for reheat versus the 
straight cycle is said by the company to occur at 50,000 s.h.p. 
for a single engine plant and 100,000 s.h.p. for a twin engine 
plant. Alternatively, higher operating conditions may be em- 
ployed in a straight cycle. 

Power requirements for the late 1970’s are put in the region 
of 100,000 to 150,000 s.h.p. for tankers and 200,000 to 300,000 
s.h.p. for container ships. 

Hitachi Zosen have put the maximum power on a single 
screw for the 1,000,000 tons dwt. tanker at between 70.000 to 
80,000 s.h.p., and powers between 70,000 to 100,000 s.h.p. for 
twin screw container ships, both of which will be on order 
within the next five years. There is also a forecast of the super 
high-speed container ship carrying 3,000 containers at a maxi- 
mum speed of 35 knots on the three screws requiring a total 
power of 280,000 s.h.p. 

Steam conditions are expected to remain at 850 p.s.i.g. 
950°F for some five years yet. Reheat is not expected in 
numbers yet. 

De Laval have mentioned a possible demand for powering 
small tankers in the 15—20,000 s.h.p. range. 

Both Blohm & Voss, and English Electric/AEI have men- 
tioned the possibility of the combined steam-gas cycle with 
supercharged boiler which should be an attractive proposition 
on account of its low fuel consumption rate. Powers of up to 
40,000 s.h.p. are considered for this type of cycle. 

John Brown Engineering (Clydebank) Limited have been 
working for some time on applications of the G.E.C. marine 
version of the heavy duty long-life industrial gas turbine to 
power tankers, product carriers, and LNG carriers. 

The combined steam and gas turbine cycle is but one of the 
many applications proposed. The gas turbine cycle regenerator 
is replaced by a boiler fed with exhaust gas at 510°C and 
supplying sufficient steam to produce up to 60 per cent of the 
power of the gas turbine alone. 

G.E.C. For straight cycles 850 p.s.i. and 950°F are best 
suited for powers from 45,000 to 70,000 s.h.p. At higher 
power levels, 70,000 to 120,000 s.h.p., steam conditions of 1,450 
p.s.i. and 950°F will be employed, whether it be a straight or 
reheat cycle. 
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For Arctic tankers greater astern powers can be obtained 
quite readily by providing six astern stages instead of the 
usual two or three. 

The company are also considering contra-rotating and over- 
lapping propellers, in addition to the alternative twin-screw 
arrangement (referred to as therma-coupled) where the HP 
cylinder drives one shaft and the LP the other shaft. 

For higher power units triple reduction parallel torque path 
gearing in conjunction with cross-compound turbines are being 
developed. 


Remarks 


The Author’s own thoughts for the future centre round the 
problems of higher availability and lower capital costs of 
steam turbine machinery. Only by some form of standardisa- 


tion of cycles and auxiliary equipment and greater concentra- 
tion on reduced capital costs by introducing new manufactur- 
ing techniques and designs of steam generation equipment, 
turbines and gearing, will the market for steam turbine pro- 
pulsion units continue to prosper. 

It may be found to be cheaper to be able to replace com- 
plete units like turbines or boilers, for example, than to con- 
tinue with the expensive repair facilities as tankers become 
larger and container ships increase in operational speeds. By 
designing steam plant in “packaged” units easily replaceable 
there may be benefits for Shipowners and steam plant manu- 
facturers alike. 

The Author’s impression of steam turbine development is 
that there could be a revival of design innovation in the 
coming years particularly in Japan, but that Western designs 
will tend to consolidate and follow a common line. 


PART 2 


(1) Faults which may be seen when the turbine top-half 
casing is lifted for an internal examination. 


1. Erosion of blading. 
(a) Ahead blading. 
(b) Astern blading. 


2. Fouling of blades with deposits. 
Rubbing of labyrinth glands. 


4. Rubbing of moving blade tip seals. 
(a) Axial rubbing. 
(b) Blade tip rubbing. 


Blockage of bled steam drains or water extraction drains. 


n 


6. Lacing wire brazing failure. 
7. Failure of fixed blading or nozzles. 
8 


Warp of horizontal joints. 


An introduction to blade and wheel vibration. 
1. Blade vibration. 

2. Wheel vibration. 

3. Blade vibration under operating conditions. 

4. Manufacture and fitting. 

5. Blade frequencies and stresses in operation. 

6. Eliminating or mistuning resonant frequencies. 


(11) 
1. During trials. 


Rough running of turbine machinery. 


2. After a period of satisfactory running. 


(IV) 
1. Critical speeds—Historical introduction. 


The balancing of flexible rotors. 


2. Balancing of flexible rotors. 
3. Methods of achieving balance. 


(V) 
(VI) 


Measurement and limits of vibration. 


Technical investigation cases. 


(1) (1) Erosion of Blading 


(a) Ahead Blading 


The last two or three stages in a condensing turbine could 
be subject to erosion damage, because to achieve the best 
possible thermal efficiency, expansion of the steam into the 
saturated region is necessary. 

It is not the “fog” of water particles in this region which 
causes the damage, but the larger droplets formed when the 
particles (less than 0-2 ,, in diameter) coalesce on the fixed 
blades forming rivulets which flow over the surface and break 
away at the trailing edges. By this time the droplets are 100 j, 
to 500 j, in diameter, and are too large to accelerate with the 
steam. Consequently they strike the moving blade on the back 
of the leading edge and remove metal at a rate which is pro- 
portional to the near cube of the impact velocity. 

It is usual in present-day designs to provide water extraction 
channels in the annular space between fixed blades in the final 
stages so that water centrifuged off the moving blades can be 
collected and drained away. Some manufacturers also fit 
stellite shields on the leading edges of the last two or three 
moving blades in the LP turbine to reduce the rate of erosion 
to the minimum. 

Turbine designers are well aware of the dangers of erosion, 
and one of the main design parameters of the LP turbine is 
the limitation of the last stage tip speed to avoid erosion 
damage. The cost of machining blades from special steels 
or of providing stellite shields has to be carefully balanced 
against other limitations for a given power output. 

One manufacturer has reported that the weight loss with 


dw 
time iar is equal to K (V—V,)" where K is a constant, V is 


the impact velocity, V, the threshold velocity, and “h” is an 
exponent of the order 2.5 to 3.0. The threshold velocity is 
that below which significant erosion does not occur. It varies 
from 300 ft. per second for mild steel to 1,000 ft. per second 
for certain special steels and stellite. The manufacturer’s tur- 
bines were reported as limited to a last stage blade tip speed 
of 1,325 ft. per second. 

The incidence of erosion in modern marine turbines is very 
small, and cases where it has become significant are usually due 
to operation at low superheat temperatures, high vacuum, lack 
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of or inadequate water extraction channels, blocked draining 
orifices, or combinations of all these factors over a period of 
time. 

If lacing wires are located near to the eroded leading edges 
of reaction blades there is a danger of blade or lacing wire 
failure. Any cases of serious blade erosion should be further 
investigated in the light of the above remarks regarding faulty 
Operation or control. 


(b) 


If there has been extensive erosion of ahead blading result- 
ing from high moisture content, it may be found that astern 
blading is also eroded due to water droplets forming on the 
outer casing and dripping into the exhaust end of the astern 
casing. 

It will be appreciated that when the astern turbine is turning 
ahead, it tends to act like a compressor, drawing in the drips 
of water falling past the exhaust, which erode the astern wheel 
blades in much the same manner as in the ahead stages, 
except that the water drops strike the trailing edges of the 
astern blades. There may be more incidence of this effect 
when both ahead and astern exhausts are adjacent and the 
flow is downward into the condenser than in the case of the 
axial exhaust LP turbine where both ahead and astern casings 
exhaust in one direction downstream. 


Astern Blading 


(2) Fouling ef Blades with Deposits 
Boiler salts can enter the turbine in three ways: — 


(a) By priming. When the concentration of boiler solids is 
high there is a tendency of the water to foam. Bubbles explode 
on the surface carrying over tiny drops of water into the 
superheater and on into the turbine. 


(b) By taking over a quantity of water as a result of heavy 
rolling also by allowing the water level to drop to a low level, 
resulting in an increase in the pressure in the drum. Make-up 
water pumped in rapidly cools the water in the drum and the 
resulting drop in pressure may cause the drum to fill rapidly 
with water and overflow in large quantities. 


(c) In a closed system consisting of water containing dis- 
solved matter, in equilibrium with the vapour, the dissolved 
matter distributes itself quantitatively between the vapour and 
the water, in a ratio which depends on the nature of the dis- 
solved matter and the temperature and pressure of the system. 
(This ratio is called the distribution ratio, and it increases as 
the temperature is raised.) 


At boiler pressures of 850 p.s.i. or above the effect becomes 
significant with regard to silica. In effect the silica becomes 
volatile in steam. The presence of caustic soda reduces the 
ratio for silica, but if the silica content is not kept at low 
levels, it will be carried over in quantity and precipitated out 
at some stage in the turbine and be deposited on the blades. 

The incidence of (b) is probably small these days when 
drums are arranged fore and aft, but the thermal shock 
stresses attendant on “slugs” of water quenching nozzles, 
blading and rotor is much more serious than any deposition 
of salts and there is also a likelihood of thrust bearing failures, 
due to the sudden axial force exerted on the rotor. 


Deposits 


During some experiments on land sets it was found that 
salts had precipitated in areas of the turbine roughly as 
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follows : — 
Sulphate In early HP turbine zone. 
Sodium Around the 600°F area (melting point 604°F). 
Chloride A little lower down the turbine. 
Iron All through the machine. 
Silica Lower HP zone and downstream. 


The pressure was 1,175 p.s.i.g. and 960°F at the superheat 
outlet. On this 60 M.W. machine a total of 7:7 lb. of deposit 
per annum was estimated, or equivalent to a deposit of 00026 
Ib. per 10° lb. of steam. 

Deposits on moving blades reduce the flow passages and 
increase the pressure difference across the blades. If the 
deposition is extensive there is a risk of overloading the thrust 
bearing. 

Nozzle steam impulses increase in intensity with fouling and 
could lead to moving blade failures from metal fatigue where 
previously the design limits against failure were satisfactory. 

Deposits on nozzle diaphragms also increase the pressure 
drop across the nozzles and increase the diaphragm deflection, 
setting up large stresses and could result in permanent distor- 
tion due to creep. There is a general deterioration in perform- 
ance of the turbine due to reduced efficiency. 

Again, experiments on land sets have indicated that by suit- 
ably reducing the boiler outlet temperature and pressure over 
a period of some hours, the state point is moved close to the 
saturation line and in this way wet steam washing on load can 
be carried out. Such a system might be adopted for marine 
practice. It is reported that 85 per cent of the turbine can be 
washed in this way with no erosion damage. 


(3) Rubbing of Labyrinth Glands 


There are two types of labyrinth glands, the atmospheric 
gland and the interstage gland. Both types work in the same 
way by throttling the steam between the shaft and the gland 
knife-edge, but the atmospheric glands are more numerous 
because at the inlet end of the HP turbine they usually have 
to throttle the steam from the first stage nozzle outlet pressure 
down to atmospheric pressure. There are many designs of 
shaft glands, but probably the most common type at present 
is that of the spring back knife-edge segments in the housing 
which are replaceable. 

Up to temperatures of 750°F leaded-nickel-bronze glands 
are normally used of composition nickel 12-14 per cent, zinc 
18-20 per cent, tin 15-25 per cent, lead 4—S per cent, iron 1-5 
per cent (max.), phosphorous 0-2 per cent, manganese 0-5 per 
cent (max.), the remainder copper. 

On occasions this material has been used up to 900°F plus, 
but at these higher temperatures rapid de-zincification and 
resulting cracking may occur which could lead to severe shaft 
damage if rubbing took place. 13 per cent chromium stainless 
iron gland material is generally used above operating tempera- 
tures of 800°F. 

Knife edges cut on the shaft will be easily damaged in 
handling the rotor and can only be re-cut with difficulty and 
then only to a limited diameter. On the other hand, knife 
edges on the shaft are said to dissipate the heat generated 
more rapidly when the glands rub. 

Gland rubbing can occur as a result of (a) casing thermal 
distortion, (b) a thermal bend in the rotor, (c) displacement of 
the casing relative to the bearings due to pipe thrusts or 
moments. 

Theoretically a bent shaft should be the only circumstance 
under which rubbing aggravates the bend by heating the out- 


ward bowed perimeter of the shaft and increasing the bend 
in that direction, but rubbing of a straight shaft can induce a 
thermal bend under certain circumstances, particularly if the 
running speed corresponds with a shaft critical whirling speed, 
when the slightest temperature differential across a diameter 
could cause instability of the shaft. If a rub has continued 
long enough on a straight shaft the temperature distribution 
along the shaft will eventually become unequal and again a 
thermal bend will result. 

If a permanent bend results it is interesting to note that 
when cool the shaft will be bowed in the opposite direction 
to the sector of the rotor which has rubbed. This is because 
the outer skin of the rotor has yielded in compression when 
heated locally by the rub and pulls the rotor into a bent con- 
dition with the rub on the concave side when cool. 


(4) Rubbing of Moving Blade Tip Seals 


(a) Axial Rubbing. Because impulse stages are usually 
designed with some degree of reaction, axial tip sealing and 
shrouding of the moving blades is necessary to reduce flow 
losses over the tip. The tip seals are either part of the shroud- 
ing, or projections from the diaphragms onto the shrouding 
with small clearances at the inlet stages gradually increasing 
downstream. Some designs also have radial sealing which acts 
in the same manner. 

The thrust bearing is usually located at the steam inlet end 
of a turbine, so that when steam is admitted working up to 
service power the rotor which is heated more rapidly than the 
larger mass of the casing expands at a faster rate than the 
casing, and the rotor discs and blades move away from the 
diaphragms increasing the axial clearance. Since the casing 
expands less rapidly it will be some time before conditions are 
stable and clearances are once more restored to near the 
original value. 

When power is being reduced the opposite effect takes place. 
Closing in the manceuvring valve or throttle valves, the steam 
is throttled to a lower temperature and pressure and the rotor 
is cooled more rapidly than the casing, and axial clearances 
are reduced. It is important to realise therefore that particu- 
larly in the case of the HP turbine where rotors are a relatively 
small mass compared with the casing and its insulation, the 
differential expansion is the important parameter (i.e. the 
expansion or contraction of the rotor relative to the casing). 
(LP turbines may well have a reverse relationship of masses.) 
Thus an indicator which shows only casing expansion is of 
little value. Differential expansion should be indicated at the 
end furthest from the thrust bearing, and set at zero when 
casing and rotor are at the same temperature cold, indicating 
a positive or negative differential. A negative differential 
expansion will reduce rotor/diaphragm clearances when the 
thrust bearing is at the steam inlet end. 

In general, therefore, if an axial rub has occurred the cause 
will be reduced clearance from a rapid drop in the steam tem- 
perature which is also related to the different rates of tem- 
perature change of casing and rotor, or it could be due to 
incorrect adjustment of clearances when first installed, or at a 
later time after maintenance. 

The checking of clearances will only be correct when both 
rotor and casing are at the same temperature, and various 
angular positions of the rotor should be tried to see if clear- 
ances are the same all round. 

Axial rubbing could overheat shrouding, diaphragms, or 
blade roots if there is a blade root seal as well as a tip seal, 
causing local yield and distortion. 
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(b) Blade Tip Rubbing. The last few stages of an LP tur- 
bine embody stages with a high degree of reaction and 
although shrouding would also be an advantage to prevent tip 
leakage the length of the blades employed and their shape do 
not always enable shrouding to be fitted. 

In such cases tip leakage is prevented by installing small 
clearances between casing (or diaphragm rim extension) and 
moving blades. 

The tips of the moving blades are machined to provide fine 
edges so that if radial tip rubbing should occur the blade tip 
will be worn away without damage to the blade. 

Some designs of LP casing are integral with an underslung 
downward flow single or dual condenser and the rotor incor- 
porates the astern turbine. During manceuvring operations 
going ahead and astern, the LP casing is often subject to 
thermal distortion and the blade tips touch the casing. If 
lacing wires are incorporated, the rubbing could put a strain 
on the brazing between wire and blade, and cause failure of 
the brazing. [Some land sets incorporate what is termed 
catenary shrouding on the last stage long tapered and twisted 
blades. Lengths of shrouding riveted between the tips are 
curved radially inward in the form of a catenary, so that the 
centrifugal force of rotation sets up a purely compressive 
stress along the length of each shroud piece.] 


(5) Blockage of Bled Steam Drains or Water Extraction 
Drains 

It is important that bleed belt drains, and water extraction 
belt drains are kept open and free of dirt. They are usually 
orifices led by a pipe to an atmospheric drain tank, or directly 
through the bottom of the inner casing into the condenser. LP 
casings almost always have water collector channels between 
the last few stages. The wet steam droplets centrifuged to 
these channels coalesce and flow down to the bottom where 
they pass through a drain orifice. If these holes are blocked, 
the channels fill with water until they spill over into the next 
stage, causing erosion damage to the moving blades, particu- 
larly at the tips. 

Bleed belts can, under certain circumstances, fill with water, 
and unless drains are clear this can cause not only a local 
thermal shock on the casing and blades but could also distort 
the turbine cylinder sufficiently to cause interstage gland 
rubbing. 

Drains led to a drain tank can be easily tested for blockage, 
but the type which drains directly into the condenser is diffi- 
cult to test for blockage without lifting out the rotor. The 
only test in these conditions is to pour water into the drain 
channels and look to see if the water drains out into the 
condenser. 


(6) Lacing Wire Brazing Failure 


Lacing wires are used primarily to inhibit certain modes of 
moving blade vibration which may otherwise cause fatigue 
failures. A number of blades are secured to one another by 
brazing the wire to each blade, a process which should be 
closely controlled in the building stage to ensure that the 
braze material runs well into the hole and fills the spaces 
between the wire and the hole by capilliary action, leaving 
neat fillets on both sides of the blade. If, for any reason, the 
holes are not adequately filled, the brazing may fail after a 
period of running and one or more blades is then no longer 
inhibited and may be able to vibrate on its own. Damping 
wires do not inhibit blade vibration but merely limit the 
amplitude at resonance by providing dry friction damping. 


These wires are not brazed to the blades and may be single- 
pitch lengths, or cover a number of blades depending upon 
the manufacturer's design. 


(7) Failure of Fixed Blading or Nozzles 

If fixed blades, such as are found in reaction turbines, 
break off they will cause damage to moving and fixed blades 
downstream. 

There is unlikely to be failure of fixed reaction blades due 
to vibration because steam bending stresses are usually low 
and there is no centrifugal force on the blades. 

Diaphragm nozzles sometimes break away at the trailing 
edges. If the trailing edges are sharp-edged large stress con- 
centrations could cause cracks to run into the fixed blades as 
a result of thermal stresses from carry-over or water thrown 
up from an undrained bled steam belt. The pressure difference 
across a diaphragm causes it to deflect like a uniformly 
loaded semi-circular disc simply supported at the rim. The 
nozzles are usually the weakest section of the diaphragm and 
the maximum deflection is always at the corners of the bore 
supporting the sealing glands. The highest stresses are in the 
nozzles at an angle somewhere between the vertical and hori- 
zontal axes symmetrical about the vertical axis. If a row of 
moving blades with axial seals rubs hard on the downstream 
side of the diaphragm it is possible that plastic yield of the 
diaphragm due to the localised heating could result in a 
permanent deformation of the diaphragm, causing the centre 
to deflect downstream. In addition there are the steady-state 
and transient thermal stresses to be considered. 


moving blades as a temporary measure leaving the roots in 
place. In these circumstances, if the corresponding fixed row 
of blades or nozzles is not damaged, they should be left in 
place to drop the pressure before the next set of fixed blades, 
otherwise excessive pressures may be set up which could cause 
damage to diaphragms downstream. 


(8) Warp of Horizontal Joints 


It is sometimes found that when the top and bottom half 
HP casings are parted the horizontal joint is no longer flat. 
A straight edge placed diametrically across the flanges may 
show the outer edge of the flange to be higher than the inner, 
and in some instances the joint has been made good again by 
filing and scraping the flange faces to meet flat. 

In fact, this is not necessary because the cause of the warp 
is high temperature creep of the inner fibres of the casing in 
compression and making good the joints will allow further 
creep to take place later. The joints should be left alone and 
the horizontal joint bolts pulled up hard to close the gap on 
the inside. Although the cold pull-up in the bolts will produce 
high stresses, when warming through the turbine and running 
up again the stress on the bolts will be relieved immediately. 
Remaking of the flanges will only be necessary where it is 
found that there has been leakage which has wire-drawn the 
flange face, and under those circumstances the manufacturer 
should be consulted. The leakage may have been caused by 
creep in the joint bolts, relieving the stress on the inside edge 
of the flange, and allowing a gap to appear when reducing 
steam flow and temperature. 


(11) An Introduction to Blade and Wheel Vibration 


(1) Blade Vibration 


Blade vibration is an important feature of turbines, for if 
one considers that there may be upwards of 3,000 blades in a 
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compound turbine, and the failure of a single blade could 
put half the unit out of action, it is perhaps surprising that 
more attention is not paid to this subject. 


Blades 


Most modern turbines have impulse blading with varying 
degrees of reaction in the HP turbine and also in the LP 
turbine. Only the last three to four stages in LP turbines are 
of the reaction type. Each stage of blading is preceded by a 
group of nozzles, a full circle, except for the first stage which 
is usually a Curtis wheel or Rateau wheel, the inlet nozzles 
for each being of the partial admission type. Not many first 
stage blading failures occur, the blades being very short. 
Fundamental frequencies are usually far in excess of any 
excitation which may be present. 


Disks 


The wheels on to which the moving blades are fixed vibrate 
like a disk in the plane of the wheel, the blading and shroud- 
ing acting like an extension of the wheel. 


Blade Shrouding, Lacing Wires, Damping Wires 


Impulse-reaction blading is usually shrouded with a cover 
band fixed to the blade tips. Although the function of the 
shrouding is to prevent steam losses over the blade tips, they 
also serve to inhibit vibration if properly designed. Lacing 
wires on the other hand are fitted and fastened to each blade 
specifically to inhibit certain modes of vibration. Damping 
wires are not fastened to blades, but limit the amplitude of 
vibration. 


Blade Roots 


There are many methods by which blades are fixed to the 
wheel. Fig. 44 illustrates some of the more common forms of 
root fixing in use today. Blade vibration characteristics depend 
upon the type of root employed so far as frequencies, damp- 
ing and vibration stresses are concerned. At the same time 
since blades are subjected to high centrifugal force when the 
wheels rotate, the roots and wheel rims must be capable of 
withstanding high centrifugal (steady) stresses. Some manu- 
facturers have a standard size root for various blade lengths 
of the same profile. In this way a rotor can be fitted with 
blade lengths appropriate to each stage depending on the cycle 
requirements of individual Owners. One manufacturer, for 
example, uses 24 different blade lengths from 12,6 mm. to 67 
mm. employing an identical root size and blade profile for 
each. From the tooling and quantity production aspect cost 
will be reduced, but other problems are introduced as will be 
described elsewhere in the paper. The design of the root fixing 
is most important. 


Modes of Blade Vibration 


Strictly, blade vibration should always be considered in 
terms of the total dynamic system of wheels and rotor since 
resonant frequencies damping and energy distribution are all 
affected by the system. For convenience, however, it is accept- 
able to think of a single blade or “packets” of blades when 
referring to the various modes of vibration. 


Single Blades 

When a single blade is clamped at the root and excited to 
vibrate at its lowest natural frequency, the mode will be 
similar to a prismatic bar (Fig. 45(a)) the maximum amplitude 
being at the tip, the maximum stress being at the root. The 
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direction of vibration will be perpendicular to the axis cor- 
responding to the minimum moment of inertia. The chord of 
a turbine blade is usually at an angle to the plane of the 
turbine wheel, hence the axis of the minimum moment of 
inertia will also be displaced (Fig. 45(b)). This is known as the 
flapwise fundamental mode of vibration (or fundamental 
tangential mode when referred to the rim of the wheel). 

Modes of vibration in the flapwise direction continue from 
the fundamental to the first, second, third, etc., harmonics 
(Fig. 45(c)) with one, two, three, etc., nodes, each at 
correspondingly higher frequencies. For prismatic bars, 
if the fundamental frequency is n_ cycles/sec., the first 
harmonic will be n x 6°39 c/s, the second harmonic n x 17°5 
c/s, the third harmonic n x 34°3 c/s and so on. 

In a similar manner (Fig. 45(d)) the single blade can vibrate 
at its lowest natural frequency in an edgewise direction in a 
plane perpendicular to the axis of minimum moment of inertia 
(axial fundamental mode when referred to the rotor wheel). 
The edgewise fundamental frequency is usually higher than 
the flapwise fundamental. The ratio of the flapwise to the 
edgewise is approximately equal to the square root of the ratio 
of minimum to maximum moment of inertia of the blade 
section. Again the other modes of vibration are the first, 
second, third, etc., harmonics. 

The third form of vibration of a single blade is the torsional 
fundamental mode in which the tip swings torsionally about a 
radial axis. The frequency of the fundamental mode is usually 
higher than either of the other two, and again there are higher 
harmonics with nodes at positions up the blade, sections of 
the blade either side of a node swinging in anti-phase. 

Each of the modes mentioned has a discrete frequency. At 
high frequencies, it may be, for example, that one of the 
harmonics is close to, or even coupled to, another harmonic 
of a different type. In that case the blade will vibrate in a 
mixed mode condition, at the common frequency. 


Packets of Shrouded Blades 


Blades linked together with a shrouding strip are termed a 
batch and behave in much the same way as single blades 
except that in addition to the three fundamental types of 
vibration a further three types are introduced. These are the 
clamped-pinned modes of flapwise, edgewise and torsional 
vibration. The edgewise and torsional modes of vibration are 
rather more complex, however, since the two are often 
coupled. They do not behave exactly like the flapwise modes. 

The name clamped-pinned is something of a misnomer 
because the tips are not truly pinned nor the roots truly 
clamped. The shrouding introduces a small bending moment, 
dependent upon the shroud and fixing stiffness. 

The feature of the clamped-pinned mode is that there are 
a number of ways in which the individual blades in a batch 
can vibrate relative to one another, i.e. in different phase 
relationships. Each phase relationship exists at a discrete fre- 
quency within a frequency band. They are called collectively 
the clamp-pinned modes. 

The number of frequencies is (m—1) where m is the num- 
ber of blades in a batch. A packet of six identical blades for 
example has five different frequencies within the same fre- 
quency band-width as a packet of 20 of the same blades. 

Looking at Fig. 46, it can be seen that in the packet of six 
blades, there are five different phase and amplitude groupings 


of blades. Fig. 46 also shows curves of frequency ratio of the 
batch fundamental tangential frequency, the batch clamped- 
pinned frequency, and the first harmonic batch frequency, in 
terms of the stiffness ratio: — 

(Stiffness of 1 pitch of shrouding) 

endithe (Stiffness of | blade) 


sp ts acaba (Mass of 1 pitch of shrouding) 


(Mass of 1 blade) 


where frequency ratio is the frequency of the packet divided 
by the frequency of a single blade. 

Thus, if the single blade frequency is known together with 
the mass and stiffness ratios, it is possible to predict the packet 
fundamental, clamped-pinned, and first harmonic frequencies 
with reasonable accuracy. 


Excitation 

The most common form of excitation is the steam impulse 
which a moving blade experiences as it passes the stationary 
nozzles. This is also the largest excitation the blade will be 
subjected to, particularly in the HP turbine. Other forms of 
excitation are those transmitted through the rotor from claw 
couplings and gearing, known as mechanical excitation. This 
form of excitation is often quoted without much knowledge 
of the mechanism by which it could cause blades to fail, and 
not many cases exist which prove mechanical excitation 
exclusively. 

Steam excitation can also result from variations in flow, or 
pressure, or both, round the circumference of a diaphragm 
due to bleeding off quantities of steam. If this variation is 
known, a harmonic analysis of the distribution may reveal a 
component which could excite blades. This is probably more 
common with regard to long blades in the LP turbine. 


Damping 
There are three sources of damping when the blades are 
working under operating conditions : — 


(a) Internal damping of the material used in the manufacture 
of blades. 


Inherent dry friction damping of the blade assembly at 
root and tip. 


(c) Fluid or viscous damping of the steam environment. 


It is usual to consider the dynamic magnification factor 
“M”, however, since this is the quantity which is measured in 
vibration testing of blades. 

Vibration tests to determine damping are not carried out 
during running conditions so the fluid damping is an unknown 
component as also is the effect upon root fixing when sub- 
jected to centrifugal force. A newly assembled rotor will have 
higher blade damping properties than one which has been 
running for a period in service due to the accumulation of 
oxide and fretting products. 

Values of **M” used in calculations vary, but a value of 100 
is often quoted. 

One simple method of determining the dynamic magnifica- 
tion factor in a static test when the shape of the resonance 
curve is known is shown in Fig. 47. By this means the Author 
has measured a relative value of M,=500 on a newly bladed 
rotor, 
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' (2) Wheel Vibration 


If wheels and shrouded blades be thought of as an integral 
disc, they also have definite modes of vibration. 


Nodal Diameters 


If a disc is held rigidly at the centre and an impulse is given 
to some point on the rim, waves will travel round the rim 
in both clockwise and anti-clockwise directions. Suppose the 
wave lengths to be 27r, there will be two nodes on the rim 
diametrically opposite each other and at +90° from the 
source of the impulse. 

The movement of a point diametrically opposite the source 
of the impulse will be 180° out of phase with the direction of 
movement of the source. If now the two nodes at the rim are 
joined by a line through the centre, the disc is said to have 
one nodal diameter. 

Similarly, if the source frequency were increased until the 
travelling ripples had a wave length of ar, they would 
reinforce each other as they coincided, such that four nodes 
would occur round the rim. If these nodes were then joined 
diametrically, the disc would have two nodal diameters, and 
so on, each section between the nodal diameters moving in 
anti-phase with its neighbour (Fig. 48(a)). It is usual in design 
of the wheel to ensure that wheel modes up to 4 nodal 
diameters cannot be steam-excited to vibrate within the run- 
ning speed range, to avoid wheel fatigue failure. Higher modes 
require a larger energy input to excite them. 


Nodal Circles 


If the disc is held at the centre and vibrated at that position 
the rim will vibrate in anti-phase in much the same manner 
as a cantilever when vibrated at its base. The fundamental 
mode, called the umbrella mode, occurs at low frequency. As 
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the frequency is increased to the equivalent of the first 
harmonic frequency of a cantilever, a circular node appears 
on the disk. This is the one-nodal circle. 

Increase the frequency still further and at a discrete resonant 
frequency two circular nodes appear, and so on. Areas between 
the nodal circles move in anti-phase with each other (Fig. 
48(b)). 


Mixed Nodes 


It often happens that nodal diameter frequencies and nodal 
circle frequencies coincide, and a complex pattern of both 
circles and diameters occurs (Fig. 48(c)). 


Blade and Wheel Vibration 

Blades attached to the wheel rim form an extension of the 
wheel in terms of wheel vibration and must be considered as 
part of a complete coupled system. If blade and wheel vibra- 
tions occur at the same frequency they interact one upon the 
other modifying each slightly. When a bladed wheel is acted 
upon by steam excitation to vibrate in the nodal-diameters 
mode, waves run backwards at the rotational speed round the 
rim and blades (relative to the casing, the nodal diameters 
remain fixed). 


(3) Blade Vibration Under Operating Conditions 

The primary object of the blades is to convert a given heat 
drop across a stage into useful work by the most efficient 
means. There are certain compromises which have to be 
satisfied in order to manufaciure the blades at a reasonable 
cost. Most manufacturers also give some _ consideration 
to the vibration characteristics of the blades when they are 
in the design stage, and again after manufacture they should 
be vibration-tested to ensure that calculations are confirmed 
by measured results. All too often manufacturers neglect the 
effect of root-fixing, and merely calculate the vibration fre- 
quency of the aerofoil section of the blade alone. 

Referring back to Fig. 44 for example, if the blade length 
of the inverted T-root is considered as the distance from the 
tip to the line x, the actual frequency under operating condi- 
tions will in fact be lower than that calculated because, under 
the action of centrifugal force when rotating, the blade root 
jams hard up on the land of the T-root at z; so in effect the 
actual length of blade now vibrating is no longer the tip to x 
but tip to z. Thus, if a manufacturer has a number of blade 
lengths with the same root dimensions, then the shorter the 
blade the greater the percentage error in calculated frequency 
if the root length is neglected as being an integral part of the 
vibrating blade. 

Root design and manufacture is most important and, ideally, 
the blade-stressing engineer should be consulted when manu- 
facturing and fitting methods are being decided. Neither side 
can work in isolation. 

When blades are vibrating under operating conditions, there 
are a number of factors to be considered : — 


(a) 
(b) 
(c) 
(d) 
(e) 
(f) 


Steam damping and centrifugal force effect on root fixing. 
Temperature effects. 

Rotational effects. 

Steam bending stress. 

Vibratory stress. 

Increase in full load torque. 

(a) In addition to friction damping and material internal 
damping, steam damping due to the density of the working 
fluid takes place. Very little information is available since no 
comparative environmental tests of steam density damping 
have been carried out. Centrifugal force effects on the root 
fixing can change damping characteristics, though very little 
is known about this subject either. 

(b) The most important effect of temperature apart from 
slightly reducing the vibration natural frequency is to reduce 
the metal fatigue limits, and this must be taken into account 
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when calculating the safety margins against fatigue failure. 
Usually metal fatigue tests are carried out on test pieces of 
the blade material early on in the design stage at elevated 
temperatures. If resonance in blades or wheels occurs at 
reduced engine speed, then the appropriate fatigue limit at the 
reduced operating temperature must be used. 

(c) Rotation increases the natural frequency of blades due 
to the centrifugal force stiffening effect. The centrifugal stress 
on the root of a blade increases as the square of the rotational 
speed. If the centre of gravity of the blade is not in a radial 
line with the axis of the root, an offset component is intro- 
duced tending to increase root stresses by imposing a bending 
moment on the blades. 

(d) The steam bending moment is calculated by considering 
the tangential steam velocity and the mass flow per blade at 
small sections up the blade length and obtaining the bending 
moments at each section. The resultant is found by vector 
addition, then knowing the root area, the steam bending stress 
can be calculated. The steam bending stress is roughly pro- 
portional to the rotational speed ratio squared. The steam 
bending stress is referred to as the steady steam bending 
stress to distinguish it from the vibratory component. 

(e) The vibratory stress is a function of the steady steam 
bending stress at the resonant speed and is often expressed as 

as 0,=+D osy 
| v (dynamic) ; ? 


where D=V, S, x, H,, lov (static) \ 
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- (the dam 
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H,, =deflection factor <0°2 
o, = Packet factor (O<acgr 120) 
(this depends on pitch ratio and phase angle 
distribution). 
S,=Stimulus, which is dependent upon 
(1) Nozzle profile and trailing edge thickness. 
(2) Surface finish. 
(3) Axial clearance. 
(4) Parsons ratio. 
(5) Mach number. 
(6) Reynolds number. 
A simpler form of relationship assumes that :— 
D=exQ 
where e=steam excitation factor taken as 0:10 
Q=dynamic magnifier (taken as 100) 
whereupon D=10 
This is a crude expression, however, since it is intended to 
cover a variety of different blade types, and excludes all forms 
of stress concentration factor. 
Another expression includes a resonant response factor K 
and a fractional value of stimulus “S” for each mode of 
vibration of a packet of blades: — 


and V,= ping factor) 


then D=K-—S 


where §=log decrement, and S=steam stimulus fraction 
K =resonant response factor. 

The difficulty in all calculations is not only to obtain the 
correct calculated steady steam bending stress, but the exciting 
force as well. Ideally manufacturers should have completed 
tests on their own nozzles and blades under running condi- 


tions, and be able to predict the value of “D”, applying a 
factor of safety which is sufficient to cover inaccuracies in 
calculation and in blade manufacture. 

(f) When a ship’s hull has become fouled and roughened, 
the skin resistance increases, requiring more power to propel 
the vessel through the water at the same forward speed. Since 
this is not possible the propeller revolutions decrease to match 
the available power, and the forward speed of the vessel 
drops. If, however, the main propulsion turbine has been 
maintained in good condition it should be able to deliver 
nearly the maximum power; therefore the shaft torque in- 
creases. Hull fouling, roughening, heavy weather, etc., together 
can reduce the propeller revolutions by 3 per cent—S per cent 
and thus the shaft torque will increase by nearly the same 
amount. Apart from the increase in shaft torque and gear 
loads, however, from the blading aspect steady steam bending 
stresses and vibratory stresses are also increased. Centrifugal 
stresses are reduced, of course, but this hardly affects the 
mean stress, particularly in the case of the short blade of an 
HP impulse-reaction type turbine. 

The turbine should always be considered as a part of the 
total power transmission system, and where a torque meter is 
provided this should be used as the controlling factor, and 
should preferably be direct reading with maximum limiting 
torque clearly marked. 


(4) Manufacture and Fitting 


The manufacture of blades and wheels has to be carried out 
to fine tolerances. All blades require hand-fitting onto the 
wheel, and some hand-dressing is usually necessary to ensure 
a smooth flow surface. All radii in the highly stressed regions 
of the root fixing should be large to reduce stress concen- 
trations, and hand-dressing must be careful to leave no file 
marks, or deep scratches in way of root radii or blade profile. 
To reduce the amount of rotor balancing required, blades are 
sometimes individually weighed and sorted into matching 
groups. 

Shrouding should be fitted to suit the pitching of the blade 
tips without bending or twisting the blades. 

Leading and trailing edges should never be sharp, but have 
at least a small radius to reduce the likelihood of notching. 


(5) Blade Frequencies and Stresses in Operation 


When blades have been designed and manufactured, it is 
usual to carry out blade vibration tests on a packet of blades, 
and in some cases a fully bladed rotor is vibration-tested both 
statically and dynamically, but not very often are bladed 
rotors tested under actual operating conditions. 


(a) Assume that a packet of blades has been vibration- 
tested, and resonant frequencies in the static condition are 
known, together with the calculated static steam bending 
stresses and centrifugal stresses at full power. 

A Campbell diagram (Fig. 49) is plotted which sets down 
all the vibration frequencies measured during static tests, and 
the effects of centrifugal stiffening are included. 

All known excitation frequencies are then plotted as orders 
of the rotational speed. If, for example, there are 50 nozzles 
in a complete ring, a moving blade will experience 50 impulses 
per revolution, hence the excitation frequency is fiftieth order. 
Unequal pitch of nozzles at the horizontal joint would be 
2 x rotational speed or second order, etc. 

Where the order lines cross the frequency lines, excitation 
frequency is equal to the blade resonance. There will be many 
such points and a decision has to be made of the relative 


56 


Frequency cycles /sec 


pinned band width 


Mean|\value=— 


| 
ti 
| 


Fundamental axial 


| 
| ! | 

2nd order number due to nozzle 
pitch irregularity at horizontal joint 


Rotor speed revs/sec 
32 48 
Propeller speed rev/min 


Fic. 49 


Campbell diagram. 


importance of each point in terms of blade stresses. To begin 
with, all points near the service speed will be checked. 
Then if R=speed ratio (=1-0 at service speed) 
o.=Froot centrifugal stress at service speed (calculated) 
O.,=root steam bending stress at service speed (calcu- 
lated) 
F.,=stress concentration factor in tension at the root 
F,,=stress concentration factor in bending at the root 
assumed the same value for both steady and 
vibratory regimes. 
mean stress=R? (0. F.+o., Fy) 
Vibratory stress 6,=-+-D ga, F, 


7 
where D=K es 


If the log decrement § and resonant response factor K for 
each mode has been measured during static vibratory tests, 
then by taking a value for the steam stimulus fraction of, say, 
seer the vibratory stress can be calculated. 

The mean and vibratory stresses are then plotted on a metal 
fatigue limit diagram constructed from values of 6, and 
o,, at the corresponding temperature. 

It is usual to plot a diagram for each point, the fatigue limit 
curve being constructed for the operating temperature at 
resonance (which depends on the speed ratio). 

The Goodman and the Gerber limit curves are constructed 
(Fig. 50) as a function of the vibratory and mean stress com- 
ponents, knowing the vibratory fatigue limit at zero mean 
stress g, and the ultimate stress g,, at the corresponding tem- 
perature. Measured values of fatigue limit usually lie between 
the Gerber and Goodman lines, therefore the limiting line for 
failure is taken as the Goodman limit. To allow for manu- 
facturing inequalities and other assumptions, construct a line 
below the Goodman limit representing a factor of safety of, 
say, 1°35. 
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Points which lie below the factor of safety line can be 
considered as safe under ideal operating conditions, all other 
factors being equal. 

(b) Assume that the frequency of the various nodal 
diameters and circles of the bladed wheels has been measured 
under rotating conditions, then a wave speed diagram is con- 
structed (Fig. 51) from which the relation between nodal 
diameters and speed of rotation can be seen and the possible 
coupling of blade and wheel frequencies. The 4—-ND point 
must be above the running speed. 

(c) Steps can be taken to limit blade vibration. If the funda- 
mental tangential packet mode is easily excited it may be that 
there are insufficient blades in a batch. 


If f=frequency of single unshrouded blade (C/S). 
m=number of blades in a packet. 
n=number of revolutions of shaft per second. 


f 
then since ——=wave length (=1-0 usually) 
mn 
f 
n=- 
n 
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(6) Elimination or Detuning of Resonant Frequencies 

(a) Changing the number of nozzles. 

(b) Skewing the nozzle trailing edges to the radial line of the 
blades. 

(c) Eliminating nozzle pitch errors at the horizontal joint or 
round the circumference elsewhere. 

(d) Increasing the axial clearance between nozzle trailing 
edges and moving blade inlet edges. 

(e) Removing or detuning the effect of stringers or radial 
spokes downstream of the last stage blades*. 

(f) Increasing or decreasing the number of bled steam holes 
downstream or upstream of a row of moving blades, or 
any such arrangement which causes irregularities in steam 
flow around the circumference. 

(g) Detuning the moving blades by reinforcing the blade 
near the root. 

(h) Thickening the whole profile of the blades and thus having 
fewer moving blades. 

(j) Install lacing wires to inhibit clamped-pinned tangential 
modes. 

(k) Provide snubbers or damping wires to limit the peak 


amplitudes at mid-span or at the tips. 


(111) Rough Running of Turbine Machinery 


When a marine steam turbine is first run, a number of tests 
are carried out in the manufacturer’s test bay. Generally these 
spin tests are not meant to establish much more than that the 
machine will run satisfactorily up to its maximum speed plus 
about 10 per cent coupled to the gearing train. The oppor- 
tunity is taken to set the overspeed trip gear and ensure that 
this is operational. Checks are made of rotor balance and 
bearing oil film stability by measuring vibration levels on the 
bearing keeps, but short of ensuring that the turbine will turn 
when steam is applied, the tests are of very little use. The 
main sea trials will establish the matching of the propulsion 
system and propeller and whether full load can be achieved 
according to the design data. It is only when the full flow and 
inlet steam temperature and pressure are achieved that the 
turbine machinery can be said to have been properly tested. 


(1) During Trials 


Some manufacturers carry out modal balancing of turbine 
rotors during the spin tests, and this aspect is mentioned later 
in the section which deals with modal balancing. 

During trials, therefore, rough running will probably be 
associated with the high rate of heat flow into the turbine, 
not apparent during spin testing, such as: — 


(a) Casing distortion. 
(b) Pipe forces. 
(c) Rotor/gearing misalignment. 


(a) Casing Distortion 

A turbine casing is far from being a continuous homogene- 
ous cylinder. There are horizontal joints requiring thick 
flanges, a shell of varying diameter, penetrations in the shell 
for steam inlet and outlet and ends which are re-entrant and 
penetrated for the rotor. The different masses of metal heat at 


* The flow pattern downstream of the last row of moving blades will be 
affected by the condenser opening and position. If a probe measuring velocity 
of flow and density were traversed round the circumference it would be 
possible to carry out a wave analysis and determine the frequencies of the 
various components together with the relative strength of each harmonic. 


Wave speed curve 


1 000 SF 2 ; a2 T 7 
900 }———__________} -—t | = Bai iz “ == 
800-—____—_—__ a} Whar Meeiaord Pcs | ——}_} t ie = 
70) 3 ie = 
if irers| ] 
(0, ee eee + + — +} 9 a = 
500 —— ah 4 ltl —|—— Lathe 
400 + 4 | { 
200 — 
io) 
© 
® 
= 
o 
> 
a 
= 
se) 
c 
5 
Ps Ee a etna cre 
ees 48) Sees ae & 4 Lee =| aes Sees Pe: 
hi I tt 
= 80 ~ ; -} + 
2 
9 70 eee = et ae 
iS me Service speed (RPS) 
50 ——_—_____ ————- -4- 
40} 1 es = 
30 }— = Sl a PY Ln ae ES | & = a 
i 
Blade fundamental Blade fundamental 
tangential frequency axial frequency 
20 | —— _—_ eal Le ——+ eee : | id 
Disc umberella mode Nodal circle —1! 
10 L ot 
10 20 30 40 50 60 70 8090100 200 300 400 600 800 1000 
Frequency (cycles/sec) 500 700 900 


Fic. 51 


58 


different rates and distortion becomes extremely complicated 
to visualise. During transient conditions such as starting up 
and working up to full power, casing distortion can be quite 
significant depending upon the rate of increase of power, 
especially when one considers the fine tolerances between fixed 
and moving parts. If a gland rub occurs, vibration of the rotor 
may ensue and the turbine should be run at reduced speed 
until the vibration is within accepted limits and then run up to 
full power. Persistent vibration from rubbing means that some 
excessive thermal distortion may be taking place. 

It may be the presence of water in the bottom half casing, 
possibly in a bled steam belt which is not properly drained, 
or it may be that the proper expansion of the casing in an 
axial or transverse direction is prevented by sticking palm 
support keys, coming hard up against pipes and other struc- 
tures, etc., giving rise to displacement of the casing relative to 
the journal bearings. 


(b) Pipe Forces 

While HP casings are becoming smaller and more compact, 
steam pipes are increasing in size and pipe thrusts and 
moments becoming greater. Torque reaction is also increasing. 
All these factors make it difficult to prevent the cylinder from 
lifting off supporting palms, and to provide keying arrange- 
ments adequate to allow the casing to expand freely and yet 
withstand thrusts in various directions. Careful attention should 
always be paid to the flexibility of the pipework to the turbine, 
to the position of hangers, clearance of holes through bulk- 
heads for pipes and to pipe expansion movements generally. 
It may be necessary for powers in excess of 40,000 s.h.p. to 
copy land practice with separate steam chests and symmetri- 
cally arranged loop pipes to the HP casing for instance. 

Pipe forces which push the turbine casing upwards or side- 
ways are destroying the gear shaft/rotor shaft alignment, 
quite apart from possibly initiating a gland rub. 


(c) Rotor/Gearing Alignment 


Gearing pinions and turbine rotors should ideally be in a 
straight line when running at the maximum design power, yet 
in most cases the only means to check alignment is when 
stationary, and cold. If the total relative movement in the 
vertical and horizontal direction of both the pinion bearings 
and the turbine bearings can be calculated, then an offset 
alignment can be made cold. However, the problem is one not 
only of offset but angle between the axes of the shafts as well, 
and this is extremely difficult to predict since one needs to 
know precisely the direction of movement from cold to hot 
of both pinion bearing centres and both rotor bearing centres. 

The side of a gearbox near the turbine will reach tempera- 
tures higher than those at the aft side because of the proximity 
of turbine casing, gland seal pipes, cross-over pipes, etc., and 
thus displace the pinion bearing centres by different amounts. 
Similarly, turbine pedestals and engine seatings may not be 
equally heated. Typical examples of this occur when bleed 
pipes are placed nearer to one bearing pedestal than another. 

Sometimes the bearing pedestals are mounted on box 
girders which are themselves supported by steel columns. The 
box girders in way of bled steam pipes are subject to distor- 
tion and in turn affect the alignment by tilting the bearing 
pedestals. 

Fine tooth couplings will take up an amount of misalign- 
ment, but when transmitting the maximum torque it is possible 
that the coupling could lock hard, and instead of being truly 
flexible, becomes a possible source of unbalance at the end of 
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the rotor. Couplings associated with flexible rotors are often 
a source of rotor vibration, even though each component may 
be individually properly balanced. 


(2) After a period of satisfactory running a turbine rotor can 
develop vibration, and under these conditions one can state 
the apparently obvious—something has changed. It may be 


(a) Loss of blades, shrouding, lacing wire, closing pieces, 
(b) Rubbing, 

(c) Coupling unbalance, 

(d) Erosion damage, 

(e) Deposits of solids on the moving blades. 


(a) This type of vibration is usually evident by the sudden 
development of vibration as would be expected. However, 
the loss of a piece of lacing wire or shrouding may not result 
in large unbalance. Unless there is a continuous chart record- 
ing of vibration level the sudden slight change may go un- 
noticed. 

If vibration monitoring equipment is fitted it may be set 
to alarm, or to trip beyond predetermined limits depending 
upon the Owner’s requirement. 


(b) Rubbing, as already mentioned, can be initiated for a 
number of reasons but after a period of satisfactory running 
at or near the service speed, when all conditions are stable, 
gland rubbing is unlikely unless a slug of water passes over 
from the boiler, and bows the shaft, or water enters the gland 
steam and bends the rotor, or water enters the turbine cylinder 
from a bled steam pipe and distorts the casing or rotor. Very 
often even during stable conditions such events can occur, 
but are more likely under transient conditions. Rubbing will 
go on some time before vibration occurs, unless the speed is 
near to a rotor critical. 


(c) Coupling unbalance over the period of time between 
inspections can start from an accumulation of sludge in the 
coupling tube, or wear taking place in the coupling teeth due 
to inadequate lubrication or both. Whichever the cause, the 
nature of the build-up of unbalance will be gradual. 


(d) Erosion, as already mentioned, is a gradual process and 
is generally evenly spread over all blades, so that unbalance 
due to loss of metal from the moving blades may not be 
noticeable on the slower running LP rotor in terms of 
increased vibration. 

If, however, blades have been poorly fitted for any reason 
so that the axial distance from the fixed blades is not the 
same for all moving blades then those which are nearest the 
fixed blades will erode more rapidly than the rest and could 
result in slight unbalance and a gradual build-up of vibration 
levels. 

The most detrimental effect of erosion on balance of a rotor 
is on the trimming weights placed on the disc of the last stage 
ahead blades. if water drips from the top half casing into the 
condenser (at low superheat temperatures) the balance weights 
will be struck by water droplets and eroded away at the 
exhaust end. Depending upon the distance of the weights from 
the axis of rotation, and the magnitude of the weight there 
will be a slow change in the true balance condition. 

(e) Deposits of solid matter on the moving blades can upset 
rotor balance or cause thermal distortion of the rotor due to 
unequal heat transfer coefficient along blades and at different 
stages along the rotor. 


([V) The Balancing of Flexible Rotors 
(1) Critical Speeds—Historical Introduction 


Since marine steam turbines are inherently variable-speed 
machines the question of critical speeds is an important 
consideration. 

It was once common to specify rotor critical speeds as not 
less than 125 per cent of the design speed. It was thought that 
in this way rotor criticals could be dismissed as an item of 
concern in design. 

However, it became apparent that the as-built efficiencies 
were poorer than could be obtained with more moderate shaft 
sizes and that the internal efficiency of the turbine fell away 
rapidly because of leakage losses resulting from a high rate 
of wear of the steam sealing arrangement under abnormal 
operating conditions. The heavier shafts were more liable to 
thermal distortion such as bowing, and differential expansion. 
More important perhaps, there came the realisation that the 
125 per cent rule did not ensure that the first critical speed 
was outside the design speed. As better methods of measure- 
ment became available it was shown that bearing supports 
were far from solid as had been assumed in calculations, and 
that the measured critical speed was always below the calcu- 
lated value, as seen in Fig. 52, which is a plot of many such 
measurements. As can be seen, it is impracticable to place 
an actual critical speed above the running range, unless turbine 
speeds are greatly reduced from those of long standing 
practice. 
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Observed first-critical speeds of turbine rotors. 


For example, high pressure turbine rotors are designed to 
run at about 6,500 r.p.m. at service speed. The 125 per cent 
rule would call for a calculated rigid bearing critical speed of 
8,125 r.p.m. From Fig. 52 it would actually be between 4,000 
0 5,000 r.p.m., or 75 per cent of the service speed. Again, 
efforts to stiffen the shaft would only result in moving the 
critical speed nearer to the service speed, but never beyond it. 

The reason for the depression of the observed critical speed 
is the flexibility of the supporting structure of the bearings, 
and that of the oil film. Contrary to the early methods of 
calculaticn, the shaft bearings cannot be considered as nodal 
points, since they do in fact deflect and the nodes will be 
outside the bearing span. 

Another important characteristic of bearing performance 
is the strong damping effect of the oil film. It was this damp- 


ing which permitted trouble-free operation at the critical 
speed. Thus, the 125 per cent critical speed rule was for many 
years thought to be achieving its objective since no obvious 
critical speeds were observed during operation. It was only 
by deliberately fitting a large unbalance to the stiff rotors of 
those days that the presence of a critical within the operating 
range was found. 


(2) Balancing of Flexible Rotors 


Unlike the solid rotors of earlier years, rotors today are 
more flexible, with wheels (or discs) integral on small diameter 
shafts (sometimes called gashed rotors) and are termed over- 
critical (or super-critical) which means that the operating 
speed is higher than the first critical speed. (When the opera- 
ting speed is below the first critical speed it is termed under- 
critical or sub-critical.) 

Some modern high pressure rotors may be over-critical by 
as much as 50 per cent. 

If a flexible rotor is placed in a slow speed balancing 
machine with “soft” bearing supports, it will behave as though 
the rotor were a rigid shaft. The shaft will remain straight 
and vibrate at the resonant frequency of the supports in a 
mainly transverse plane (Fig. 53(a)) with amplitude X¥,=X,. 
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Static unbalance. 


This is equivalent to what is known as the static unbalance 
of the rotor. It will also exhibit the couple or dynamic un- 
balance, Fig. 53(b) vibrating again in a mainly transverse 
plane, but with the ends swinging in antiphase with a node 
at N. 
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Dynamic unbalance. 


These two rigid modes will occur simultaneously at the 
resonant frequency of the soft bearing supports. Unbalance 
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can be corrected by placing suitable weights in planes A and 
B. 

If now the balanced rotor is taken out of the low speed 
balancing machine and placed in the turbine bearings, the 
supports will be stiffer, and when the rotor is run up to its 
first critical speed it will behave as a flexible rotor and take 
up the deflected shape shown in Fig. 54(a). 
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First flexural mode. 


If the rotor were run at still higher speeds it would deflect 
into the second and third modal shapes, Figs. 54(b) and 54(c), 
with the amplitude of deflection increasing to a maximum at 
each critical speed. 
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Second flexural mode. 
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Third flexural mode. 
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It is clear that weights placed at planes A and B in Fig. 
54(a) will not balance the second flexural mode, and similarly 
weights placed in planes A and B 180° out of phase in Fig. 
54(b) will not balance the third flexural mode, Fig. 54(c). 
Therefore, careful selection of planes and angles of phase are 
immediately obvious. 

The newly assembled rotor contains a large number of 
unbalanced masses whose magnitude and position are quite 
random so the deflection curve of the rotor at a given speed 
will in general be a three dimensional curve. For convenience 
the deflection curve and bending moment diagram can be 
resolved into two planes at right angles fixed relative to the 
rotor and can be dealt with separately. 

The results of passing through critical speeds are: — 


(i) The vibration amplitude increases and starts to change 
in angle relative to some datum point on the rotor. 

As the critical speed is reached the vibration peaks are 
about 90° out of phase with the force on the bearings. As 
the critical speed is passed the phase angle increases to 
180°. 

In effect, the heavy side of an unbalanced rotor swings 
inwards towards the axis of rotation as the shaft comes 
near and passes the first critical speed. 

The light side of the rotor will then be on the outside 
of the deflection curve until the second critical speed is 
passed when it will once again turn through 180° so 
that the heavy side is on the outside. 

Although theory shows that the vibration amplitudes 
increase to infinity at the critical speed, bearing oil film 
damping forces prevent this from happening. 

Between the first and second critical the rotor tends to 
rotate about its mass centre, so that vibrations will tend 
to decrease. 


Because of the rapid change of vibration phase and 
amplitude at a critical speed a rotor running at the critical 
speed is extremely sensitive to small changes in condi- 
tions such as speed, and temperature. Consequently it is 
difficult to balance a rotor at the critical speed and 
critical speeds should be designed away from manceuvring 
speeds. 


(ii) 


(iii) 


(iv) 


(3) Methods of Achieving Balance 


One method used for the balancing of flexible rotors which 
gives satisfactory results is briefly as follows: — 


(v) The rotor Fig. 55(a) is balanced as a rigid rotor in a slow 
speed balancing machine with force and couple balance 
weights added, Figs. 55(b) and 55(c). 

(vi) The rotor is run near to its first flexural mode critical 
speed and weights are added as illustrated in Fig. 55(d). 
The effect of these weights is to compensate for the modal 
unbalance, but not to disturb the rigid rotor force balance 
of Figs. 55(b) and 55(c). 

(vii) If necessary, the rotor is then run near its second critical 
speed and weights added as illustrated in Fig. 55(e). The 
effect of these weights is to compensate for the modal 
unbalance, but will not disturb either the couple balancing 
of Figs. 55(b) and 55(c) since the resulting moments about 
the centre line are equal to zero, or the balancing of 
Fig. 55(d). 

The object of balancing the flexural modes is to reduce the 
deflection of the shaft at the critical speeds by balancing out 
the forces which produce the deflection, or in effect to reduce 


the corresponding bending moment diagram to a negligible 
amount. 


(viii) Most manufacturers would probably agree that modal 

balancing should be carried out when the rotor is in the 
turbine on its true supports, and when the rotor has 
attained a steady temperature. 
The Author knows that at least one manufacturer carries 
out modal balancing during the spin testing. Specially 
designed holes in the casing are provided in order to 
attach weights to the rotor in pre-selected planes using a 
special tool designed to screw metal slugs of the correct 
weight to the wheels at a known phase angle thus avoid- 
ing the necessity to lift the HP top half casing. This is 
done under vacuum conditions (the leakage through the 
holes being small), and the set can then be restarted soon 
after the weights are attached. The process is still lengthy, 
and could take from four to six days to complete the 
three critical speeds. The vibration is measured through 
direct-contact probes on the shaft and a_ sine-wave 
generator coupled to the forward free end of the rotor. 
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(V) Measurement and Limits of Vibrations 
Terms and Definitions 


Vibration velocity “V" in mm./sec. has been adopted as 
the standard form of measurement for vibratory levels in 
steam turbine machinery. 
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In the case of sinusoidal vibrations where V=V cos qt and 
also in the case of vibrations consisting of several components 
at different frequencies, the root-mean-square value (Veff) 
of the vibration velocity “V” is the characteristic value for the 
vibration strength. 

The value Veff can be measured directly by electrical 
instruments provided with a square law characteristic of 
velocity indication. 

If the non-harmonic, periodic or non-periodic vibrations 
are in recorded form, the effective value of the velocity must 
be formed as a root-mean-square value of the instantaneous 
value V(t) according to the following formula: — 


1 T 
ver=al tf V? (t) dt 


If the vibration trace has been analysed into components of 
. A A . . . 
amplitudes S,, S., etc., with corresponding angular frequencies 
@,, Me, ete., then 
= / A 9 ° A “ ° 
VefE= 1/4 (§,2@,2+S,2 2+ ete. 
or Veff=1/ 4 (V,2+V.2+ ete. 
In practice a recorded vibratory trace may show a pre- 
dominantly single sinusoidal wave form and a fair assessment 
of the velocity of vibration may be obtained by measuring 


this predominant wave form amplitude and frequency from 
the trace. 


Ard ana 
 Speetcatin 
/ 2 (60) 


where N=frequency in cycles per minute. 


then Vefrf— 


S=1 x peak to peak trace width in mm. (the single 
amplitude in mm.) 


Measuring Instruments 


The vibration measured on the bearing keeps can be indi- 
cated or recorded with either mechanically or electrically 
operated instruments. 

Ideally, the measuring instrument should consist of a vibra- 
tion pick-up with speed-monitoring mechanical/ electrical 
converter and an indicator with a square law characteristic. 

Instruments with linear characteristics such as_ linearly 
operating surface-contact rectifiers can produce inaccurate 
readings in the case of mixed frequency vibrations. These 
should be used only if there is a predominantly sinusoidal 
wave form having small mixed components. 

The linear working frequency range of the measuring instru- 
ment must be wide enough for all the frequency components 
which are needed for the evaluation of the vibration level to 
be indicated without distortion of amplitude. Its range of 
modulation and environmental stability must correspond to the 
measuring conditions in question. 

To exclude the possibility that vibrations normal to the 
direction of measurement will distort the indication of the 
vibrations in the direction of measurement, the vibration pick- 
up must be sufficiently direction sensitive. 

The error limits of each individual measurement are in 
addition affected by the coupling between the pick-up and the 
object being measured, and also by the reaction of the pick- 
up on the object. To keep the measuring error as small as 
possible, good coupling is important and a device should be 
used whose resonant mass represents only a few per cent of 
the local vibrating mass under consideration. A mass ratio of 


40— 


Vibration amplitude (A) in mm/1000 


MANUFACTURERS VIBRATION LEVELS. 


400 —— -— — — = 15,75 
- (Taken from Verein Deutscher Ingenieure recommendation 2056 “group The Mil 
1 

375 : — —}—— | | = | 7—— 14,8 

250r 55 Se he > ors | ty : + | | +9, 84 

200} ; a pa +— | 47,87 

| | 

160\= Sake Ss = =P | Amplitude i cl a ew Le 5,91 

125F —t . 4,92 

100 [—_+_+43, 94 

80) hey fe) 

CO a i 12,48 
50.——$<$——— | ; ay vb 
| £ 
| E 
40'— 1,57 & 
ae 
31,5) 1,24 3) 
| ll 
257 if 0,98 = 
malt ee |e ae 
32 
16— ; 0,63 < 
ca 
me) 
12,5 0,49 2 
| a 
| | Bs 5 
10 —— ee 10,394 © 
| SNA ANN 
PN ° 
Xe . . ) 0,315 § 
“el | } | e 

al : NE NS Nee lade 

| | 
| 
po ap ~- Ki — 0,197 
} . a ee oe LEVEY 
| 
poe th 6 oo < 0, 124 


0,098 


atin al — — 


0,079 


0,063 


Frequency f Hz 
5,0 6,0 8,0 10 15 20 30 40 50 80 100 150 


3,0 4,0 5,0 6,0 8,0 10 5 cee 5 encom e400 50 80 100 


Cycles/min 
100 


Fic. 56 


63 
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0,049 


400 


1 
0 should in no circumstances be exceeded. 


Measurements should preferably be carried out at the points 
where the vibration energy is transmitted to the mounting or 
to other parts. In the case of steam turbines the points of 
measurement should be on the bearing housing (keeps) in the 
horizontal direction at a height corresponding to the shaft 
centreline, vertically above the centre of the shaft centreline 
in the middle of the housing, and axially parallel to the shaft 
axis at shaft height. 

Fig. 56 is a graph af amplitude in mm. x 10- versus fre- 
quency in cycles per second, with a cross plot of vibration 
velocity (Veff) in mm./sec. RMS. 

Bands of vibration levels are denoted Good, Operational 
condition, Allowable, and Not allowable, which are terms 
which take into account the three quantities, frequency, ampli- 
tude, and velocity of vibration. 


The graph Fig. 56 is taken from the V.D.I. Directive 2056 
of October 1964, machinery group T, and is generally con- 
sidered to give the most suitable limiting vibration levels in 
marine steam turbines to date. 

In Fig. 57 the various levels of vibration velocity (Veff) 
used by manufacturers is portrayed. There is no hard and fast 
rule for the limits employed, but the majority of manufac- 
turers use the V.D.I. Directive 2056 (T) as a basis for alarm- 
ing or tripping or both. 

G.E.C. of America have made a strong plea for acceleration 
measurements in place of velocity at the bearing caps on the 
basis that this value will be directly related to the forces acting 
in the system. They have also stated that they are currently 
developing monitoring equipment based on acceleration mea- 
surements. It is not possible within the scope of this paper 
to mention all the important factors which should be con- 
sidered when embarking on the establishment of vibration 
units and levels which are universaliy acceptable. 
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There is a need for some further work to be carried out 
in this field, but the solution should be found on the basis of 
commonsense and simplicity of interpretation of the results. 


(VI) Technical Investigation Cases 
Case I—Tanker 

The starboard turbo-alternator had tripped out causing 
blackout and loss of helm on two separate occasions in May 
and June 1965 when passing the same position in the Suez 
Canal, Northward bound, in the loaded condition on each 
occasion. 


500 Graphs taken from Baily Control charts 
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After the first incident the turbine rotor shaft was found 
to be bent, and gear wheel and pinion were damaged. 

The shaft was straightened and rebalanced, but no thermal 
stability tests were carried out. 

On the second occasion when the set tripped out it was 
quickly re-set and the unit ran on no-load. After some time 
the vibration decreased and the set ran normally on load. 

On no other occasion had the set tripped out except, when 
once tied up alongside, the Chief Engineer had managed to 
trip the unit twice in succession on no-load by rapidly turning 
the manual speed control wheel from minimum to fully open. 

The Chief Engineer had noticed that the gland sealing 
segment tips were rubbed at mid-span of the rotor. He also 
stated that there was a small area of rusting at mid-span, 
about 2 in. long and + in. wide, but not in way of the gland 
sealing surface. 

Boiler salt content was normal each time and no carry-over 
noises were heard before the unit had tripped. 

Although hull vibration was measured as a matter of 
routine investigation, there was no good reason for believing 
that the trip had been initiated by hull vibration in the 
generator flat, even in shallow water conditions, particularly 
as only one of the two sets had been affected. 

Inspection of the Bailey Control Meter Chart soon revealed 
an interesting phenomenon. 

A period of some hours on standby waiting to join the 
Northbound convoy when the steam temperature was steady 
at 320°C on the first occasion and 340°C on the second 
occasion was followed by a rapid rise in steam temperature 
following the Pilot’s request for half-ahead. 

Figs. 58(a) and 58(b) shows the temperature increase on the 
first occasion as 24°C/min. and on the second occasion as 
14°C/min., and as indicated in Fig. 58(a) the unit tripped 
when the boiler steam temperature had risen to 420°C on the 
starboard boiler, and 460°C on the port boiler. 

There is no doubt that the sudden rise in temperature of the 
steam was responsible for the thermal bend which occurred, 
and this would be sufficient to trip the machine. The trip 
mechanism comprises a flat steel spring in the end of the rotor 
with a mass on the end (Fig. 59). When straight the bar would 
take up the attitude AB. A set screw bends the bar back so 
that the weight is offset just beyond the centreline of rotation. 
When the shaft overspeeds the increased centrifugal force on 
the weight bends the bar further and the weight knocks the 
trip finger L. Thus, as shown in Fig. 60, if the shaft bends, 
the weight is displaced from the normal offset and deflects 
the spring bar farther due to the increased radius of rotation 
of the weight at service speed, acting in the same way as a trip. 


Set screw 


Fic. 59 


Overspeed trip device. 


Fic. 60 
The effect of a bend in the shaft. 


Assuming the trip is set for 10 per cent overspeed, then this 
represents the centrifugal force required to bend the spring 
further than the offset. 

So, for a straight shaft, C.F. at overspeed=m @,* (1° 1)? r 
where @, =service speed. 

r=preset eccentricity at service speed. 
If Sr=increased eccentricity of weight due to a rotor bend 
when running at the service speed, then centrifugal force 


=m @,” (r+$r) 
ér 
..—=0'21 
r 


In other words, if the end of the shaft were displaced due 
to a bend in the rotor by one-fifth of the original weight offset 
distance, then the spring will bend and the unit will trip. 

In round figures an original offset of 0°020 in. will require 
the end of the rotor to be bent from the axis of rotation by 
0-004 in. to trip out. 

The most likely reasons for the shaft bending due to a 
sudden increase in temperature was the spot of rust on the 
rotor surface which caused a difference in temperature across 
the shaft diameter. Any blemish of this nature has a different 
coefficient of heat transfer and surface emissivity. A sudden 
application of heat to the rotor will show up either any such 
non-uniformity of the surface or non-homogeneity of the 
rotor material, which the more gentle treatment (even thermal 
stability tests) will not normally reveal. 

The fault in the boiler was probably the superheater bypass 
malfunctioning. Recommendations were made to examine the 
Operation and control of the boiler, and to remove the rust 
on the rotor. No further trouble was reported. 


Case Hi 


Inlet pressure 560 p.s.i.g., inlet temperature 840°F, 9,000 
r.p.m., built 1961, 900 kVA. 

This small passenger vessel had three turbo-alternators. The 
port T/A had failed in May 1966, and exactly one month 
later in June the starboard T/A had failed. It was stated that 
no excessive change in load or operating conditions had 
occurred prior to either failure. 

When the Author arrived on board in July, the port rotor 
had already been crated and taken ashore, but the starboard 
rotor was still in position, with the top half removed. 

As can be seen from the photographs, there was consider- 
able damage caused by the failure, but of all the cases investi- 
gated, this was to prove the most interesting to piece together 
and eventually to locate the source of the damage through 
painstaking examination of every piece. 

When the port rotor had been uncrated, the damaged rotor 
and associated bits were found to be almost identical with 
those of the starboard unit. 
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Looking at plates 1 and 2 it will be seen how remarkably 
similar the two damaged rotors appeared. 

Again, plates 3 and 4 show the fine-tooth coupling tubes to 
have suffered the same damage. 

The low pressure end journals had been bent, and broken 
off again, from plates 5 and 6, very alike on port and star- 
board units. 

Other damage was the same for both turbines as well, the 
only difference being the fracture of the inlet end journal 
which in turn destroyed the layshaft driving the gear-type oil 
pumps and governor mechanism. 

All blades on stages 6 and 7 had been torn off at the root, 
the sixth, seventh and eighth stage nozzle diaphragms had 
been destroyed, the interstage gland seals were flattened, the 
outlet end bearings were oval and right down to the steel 
housing, studs on the horizontal joint were stretched or 
sheared, the steel casting coupling housing was distorted and 
studs sheared, condenser tubes were sheared, and so on. 

Both coupling tubes retained the coupling ring on the 
turbine rotor end as shown in plates 3 and 4, though they had 
come off the gear pinion end. 

There was some evidence of sticking control valves due to 
relay oil contamination which may have had some significance 
in what was to come. 

As a picture of the damage was built up, there remained 
one leading question. What had bent and then broken off the 
outlet end journals? 

Had blades come off causing unbalance of the rotor, or a 
slug of water made the shaft bend and vibrate, hammering 
out the bearings, or had the sticky control valves resulted in 
an overspeed? 

Inspection showed that the face of the coupling flange 
which had broken off with the bearing journal was indented 
with the male teeth of the coupling tube (plates 5 and 6). This 
could only have happened if the tube was pressed into it 
before the bend in the journal had developed. 

The coupling oil sprayer which is fitted at the pinion end 
told the rest of the story, as seen in plate 7. 

The bolts of the gear pinion end coupling ring were found 
in the gearbox, and some were found still in the coupling 
(plates 8 and 9). These had been sheared off. Brinell tests on 
the remaining pieces of coupling bolts showed the turbine end 
bolts to be equivalent to a tensile strength of 33 tons/in.* and 
the pinion end coupling bolts 40 tons/in.*. A subsequent 
analysis showed the material to be identical, but the turbine 
end bolts were air-cooled or normalised, which gave them a 
higher tensile strength. 

The centre turbo-alternator which had not been damaged 
was examined, and the coupling bolts removed. These showed 
evidence of a partial shear of the gear pinion end coupling 
bolts. 

The bend in both journals was measured and is reproduced 
in Fig. 61 showing the final cause of the bend and subsequent 
failure. Briefly, the pinion end coupling bolts had sheared first, 
and the tube had gyrated wildly, working over the end of the 
oil sprayer (plate 7) pressing the other end into the outlet end 
flange of the rotor. The turbine end of the coupling tube had 
been held in place by the coupling ring circlip and when the 
pinion end had worked its way over the oil sprayer it had 
pulled the turbine flange over and bent the shaft. The tube 
had struck the steel casting housing and flattened the end 
(plates 3 and 4) the pinion end coupling ring having been 
thrown clear, and finally due to the enormous unbalance of 
the rotor at what was probably somewhere near the overspeed 


PEATE 1 


Port turbine rotor. 
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PLATE 2 


Starboard turbine rotor. 
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PLATE 3 


Port coupling tube. 
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PLATE 4 


Starboard coupling tube. 


PLATE 5 


Port turbine rotor coupling flange. 
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PLATE 6 


Starboard turbine rotor coupling flange. 


PLATE 7 


Damaged oil spray, screw head, and locking washer. 


PLATE 8 


Port turbine coupling ring. 


PLATE 9 


Starboard turbine coupling ring. 


r.p.m. the end of the rotor had been torn off. 

Calculations showed that the lower tensile steel bolts at the 
pinion end would require a torque of nearly 11 times the 
maximum rated torque to shear. 

It was considered that faulty synchronisation was the cause 
of the failures. 

One authority confirmed that the worst case of faulty syn- 
chronisation occurred when the machine was connected to the 
system 120° out of phase. The air-gap torque in this condition 
for a 600 kW alternator of 114 per cent reactance was 11°4 
times the full-load torque by calculation. Faulty 3-phase syn- 
chronising, faulty single-phase synchronising and line-to-line 
short circuit gave torques of about the same order. The short 
circuit condition happened so rarely that it could be ignored 
in this instance. 

It was significant that two installations had failed in one 
vessel at about the same time. Since the air-gap torques in two 
sets during synchronisation are inversely proportional to their 
size, these two being identical would receive the same torques. 
Again, the failure had occurred despite the provision of three 
distinct indications for synchronising and it seemed unlikely 
that all three would be faulty simultaneously. 


Case I1i—Twin Screw Passenger Vessel, built 1948 


This vessel had a long history of troubles which began four 
years before the Author attended on board. 

Most of the troubles were confined to the LP rotor and 
gearing, and were too lengthy and confused to be mentioned 
here in full. During the trial in 1964 reblading of the last LP 
stage had just been completed. Various other repairs had been 
carried out, and a trial voyage was intended both to test the 
repairs and to measure turbine vibration and noise levels of 
the gearing train. 

The Chief Engineer designed and built a “blade guard” 
round the bottom half casing in way of the downward flow 


steam exhaust area of the LP turbine to stop the recurrent 
problem of pierced condenser tubes. 

Although the Author and his colleague expressed some 
doubts about partial blockage of the steam flow path, some 
sympathy was felt for his solution to the problem. 

The blade guard consisted of two half-rings joined sideways 
by metal plating to form a semi-circular grid under the rotor 
outlet end. The plates were about 5/16 in. thick by 3 in. wide 
by 12 in. long and welded at the ends to the rings. The space 
at both sides of the exhaust were covered by two pieces of 
5 in. thick steel with holes drilled in them to allow the passage 
of steam. 

On the return leg of the voyage while measurements were 
being carried out on the starboard LP turbine, the port LP 
turbine suddenly failed. The set was shut down quickly, but 
not before considerable damage had been done. 

On opening up the port LP turbine it was found that a 
whole packet of seven blades had torn free from their root 
fixings, and as can be seen in plate 10, some of the spacers 
had been torn loose, some had remained. A case of poor 
fitting and poor brazing of the root spacers and blades. 

One of the lessons to be learnt from this particular failure 
is that the installation of the “blade guard” which was 
intended to protect the condenser tubes did more harm than 
good, because the blades which came away bounced off the 
specially constructed guard on to the adjacent last row of 
the astern wheel damaging those blades as well (plate 11) and 
with the added impetus forced a way through the blade guard 
(plate 12) and pierced the condenser tubes once again. 

Plate 13 is a view of the aft end bearing keep top half 
showing the fracture all the way along the flange. The un- 
balanced rotor was contained by the top half LP casing, for 
the bearing keep would not have been sufficient to retain it 
alone. Incidentally, a noise level of 115 dB was measured in 
way of the port gearbox, which did nothing to improve the 
environment in the engine room. 


Case LVY—Not to LR Class 


Maximum s.h.p. 22,000, 108 r.p.m., 41 kg./cm.?, 450°C at 
inlet (590 p.s.i. 840°F). 

Reaction turbine: HP turbine, Curtis wheel plus 18 reaction 
stages; LP turbine, double-flow reaction, 22 stages per flow. 

The investigation was concerned with the extensive erosion 
of the last six stages in both flows of the LP turbine. 

This was a particularly difficult case because the ship had 
changed hands just after building and the previous owners 
had uprated the maximum power from 20,000 to 22,000 s.h.p. 
during building. The boiler, however, was already installed in 
the vessel when the new engine capacity was called for, and 
although very little information was available with regard to 
the boiler, it was alleged that some modifications had been 
made to the boiler, but no details were forthcoming. From an 
examination of the log book it appeared that for most of the 
time the main engines were not developing full or even the 
normal service power. The Owners stated that in order to 
maintain full superheat temperature with the auxiliaries work- 
ing they developed only 17,000 s.h.p. 

Furthermore, the vessel did not achieve the full superheat 
temperature on trials. At 20,000 s.h.p. superheat temperature 
was 430°C, but the ship had been accepted because it was 
not appreciated that erosion would occur at the lower super- 
heat temperature. 

The ship was run at reduced revolutions and lower super- 
heat temperature than the turbine had been designed for, and 
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Diagramatic sketch showing likely manner in which 
turbine shaft was bent following shear failure of 
gear pinion coupling bolts 


The angle of bend in the shaft has been reproduced to scale 
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Relation between wetness, vacuum, pressure and temperature. 
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it was estimated that for most of the time the last stages were 
running approximately 13 to 14 per cent wet instead of the 
9 to 10 per cent for which they had been originally designed. 

This would account for the number of stages affected, no 
doubt, for the higher the percentage of wetness in the last 
stage, the greater the number of stages affected upstream. 

The curves in Figs. 62(a) and 62(b) show the relationship 
for this turbine of pressure, temperature and condenser 
vacuum on percentage of wetness for the nineteenth and 
twenty-second stages, respectively. 

It is clear that the most significant effect is that of super- 
heater temperature, pressure being less significant. It is also 
clear that the last few stages are more affected by condenser 
vacuum than those further upstream. 

From an examination of the log book it was seen that some 
period of time (particularly during the 12-4 a.m. watch) was 
spent steaming with an inlet temperature of 390°C and pres- 
sure 497 p.s.i.a. whilst the vacuum was 97-2 per cent. This 
corresponds to about 13°6 per cent wetness in the last stage. 

There were further complications concerning the auxiliaries. 

The Chief Engineer stated that superheater temperatures 
were difficult to maintain during a passage in the Gulf. With 
air conditioning, refrigeration, and both fixed speed circulating 
pumps operating, the total electrical load was beyond the 
capacity of one turbo-generator. 

For this reason, therefore, he usually ran the second turbo- 
generator in parallel with the first. The increase in steam 
throughput was additionally responsible for the reduction in 
superheater outlet temperature. 


A number of other defects were found such as: — 
(a) Blocked bleed belt drains, on both the forward and aft 
flows of the double-flow LP turbine. 


Pieces broken off the HP turbine inlet nozzle trailing 
edges measuring about | cm. square. 


(c) Superheater thermocouples non-operative. Mercury in 
steel thermometers were used instead, and one was read- 
ing high by 20°C. The location of these indicators was at 
the side of the boiler some 15 ft. to 20 ft. above the 
boiler operating flat. 
The mercury in steel thermometer at the HP turbine 
outlet was reading 290°C when the casing was at ambient 
temperature. 

The depth of erosion measured from the leading edge over 
a period of 4} years, which is shown in Fig. 63, would appear 
to be stabilizing, but due to the proximity of the lacing wire 
holes the Owners were advised to have them replaced. 

The erosion damage in the last rows of the forward flow 
can be seen in plate 14. 

It is thought that this trend of stabilization is due to two 
factors. 


(b) 


(d) 


(1) The axial distance from fixed blade trailing edge to 
moving blade leading edge is increased, and gives the 
droplets that much more time to accelerate and reach a 
velocity nearer that of the steam. 

) The jagged leading edge surface retains some of the water 
and cushions droplet impact. 


(2 


Erosion of this kind is not usual in modern machines and 
if such a case is found it will be because of operation at low 
superheater outlet temperature, or low temperature combined 
with low inlet pressure, and high vacuum. 

A survey of classed vessels over a period from 1952 to 1966 
showed only eight vessels in 600 to 700 had experienced 
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PLATE 14 


Erosion of last stage blades in forward flow. 


serious erosion in the first 24 months of service, six of these 
were serious within 12 months of service, and three vessels of 
the six were double-flow reaction turbines. 

Only four of the eight vessels had to have repairs, the 
remainder stabilised and were satisfactory. 

Slagging or sooting of superheater tubes will depress the 
outlet temperature and reduction of 15°F to 25°F is not 
uncommon, as a result of the grade of fuel oil burned com- 
bined with the impracticability of cleaning the superheater 
tubes at frequent intervals. 

Present day designs of special tapered and twisted last stage 
blades minimise erosion, with provision for moisture removal 
through water extraction channels. 
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Case V—250,000 tons dwt. tanker 

31,500 s.h.p. at 80 r.p.m. (Not to LR Class), HP rotor speed 
6,400 r.p.m. 

[his case is the classic rotor vibration incident resulting 
from a bent shaft run near the critical speed and hammering 
out the bearings. 


The vessel had completed a first trial, and was on the 
second trials in order to prove burners and various auxiliaries 
which had previously given trouble. 

In the early morning it that 
decreased to 25 r.p.m. to calibrate the torsion meter. 

Again, the facts were difficult to establish conclusively, but 
in the Author’s opinion there was an ingress of water through 


was stated revolutions were 


the first bled steam belt on to the hot rotor at low r.p.m., 
although it is conceivable that the shaft may have been 


stopped for some time during the calibration and a bend in 
the rotor initiated. 

When the main engine was run up again the vibration built 
up from 35-40 propeller r.p.m., until at about 40-50 r.p.m., a 
heavy rub developed, bending the shaft further and finally 
hammering out the white metal bearing surface, and running 
on the steel backing of the forward bearing. The aft bearing 
white metal was hammered and cracked but otherwise un 
damaged. The Curtis wheel was badly damaged and there was 
a permanent bend in the rotor of 0°00S5 in. at 180° to the 
position of the rub. (This is consistent with observed shaft 
rubbing phenomena.) The vibration was not noticed in the 
sound-proofed control room above the turbine flat until the 
rotor had begun to hammer out the bearings, since there was 
no vibration monitoring equipment fitted to the HP or LP 
turbines. 

The manufacturers stated that the critical whirling speed of 
the HP rotor shaft was 4,000 r.p.m. to 4,500 r.p.m., making 
due allowances for bearing oil film stiffness and bearing sup- 
port stiffness. (48 r.p.m. to 54 r.p.m. on the propeller shaft.) 
Once a bend is initiated it develops further with turbine r.p.m., 
and since the first critical speed is below the service speed, it 
will peak in amplitude, limited only by the diaphragm inter- 
stage glands and oil damping. The glands if spring-backed will 
bottom, cause heavy rubbing and finally heat the shaft until 
it becomes permanently bent. There is no alternative then but 
to remove the shaft and attempt to straighten it. On the other 
hand, a bend in the shaft due to thermal distortion (such 
as failing to turn the shaft with the turning gear when steam 
is shut off) if noticed in time at low r.p.m. before a significant 
rub has developed, can be straightened merely by turning the 
shaft on steam for a period of some hours at very low r.p.m. 
This will heat the shaft uniformly and usually remove the 
bend. The turbine can then be siowly taken up to speed while 
watching the vibration monitoring equipment. 

In the case considered here it was estimated that had the 
centre of gravity of the rotor been displaced by 0°0027 in. 
the centrifugal force would be equal to the weight of the 
rotor at 45 propeller r.p.m. The displacement of the CG of 
the rotor would, of course, depend on the flexural shape of 
the bend developed, but there is no doubt that the amplitude 
of the vibration was many times greater than 0°0027 in. in 
view of the heavy rub. Besides, the permanent bend in itself 
was 0:005 in. which usually represents a small proportion of 
the bend when whirling. 

From the damage to the bearings it had evidently bent more 
towards the forward end. 

The cause of the bend was not definitely established because 
the Author was not called in until some days later, but as 
already stated the most likely reason for the bend was ingress 
of water to the shaft through the faulty check valve in the 
first stage bled steam belt. 

The check valve was of the hand-operated non-return type. 
The valve bobbin was light-spring loaded to operate as a 
normal non-return valve, but a hand-wheel spindle could 


close the valve tight. Unfortunately the end of the spindle 
was not chamfered, and due to excessive tightening it had 
“mushroomed” and jammed onto the bobbin. 

When the valve was opened by hand, the bobbin had lifted 
off the seating against the spring pressure and was open, 
allowing steam into the feed heater line above the turbine 
flat. The feed heater valve was closed so steam was passing 
into the vertical leg of the pipe, condensing, and running 
back into the turbine at low r.p.m. filling the bleed belt and 
finally spilling out into the casing and being carried up to the 
rotor surface. The water in the bleed belt would cause the 
casing to hog as well, and thus make any tendency to rub 
more severe. 

When the Author went out on the third trial a replacement 
rotor had been fitted in the repaired casing. 

Vibration measurements on the bearing keeps were carried 
out under varying operating conditions and the vibration level 
never exceeded 0:135 in./sec. RMS velocity (3:0 mm./sec. 
RMS) which was quite satisfactory according to the manu- 
facturer’s limits of vibration for that rotor. 


Case VI—Tanker 


28,000 s.h.p. 85 r.p.m. 

During a scheduled voyage it was reported that the vibra- 
tion of the HP turbine increased over eight days from 0°0394 
in./sec. RMS to 0°158 in./sec. RMS and finally to 0°39 
in./sec. RMS on the last day (0°040 in./sec. RMS=1-0 
mm./sec. RMS; 0-158 in./sec. RMS=4:0 mm./sec. RMS; 
0°39 in./sec. RMS=10 mm./sec. RMS.) 

When the casing top half was removed, one blade of 59°5 
mm. in length had broken away leaving the root in place and 
ten other blades were found with cracks in the same position 
(Fig. 64). Two blades of the ten had fractures in more than 


A Blade missing 
B= Cracks in root 
T Cracked tip wires 
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Positions of blade failures. 
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95 per cent of the cross-section and were finally contained by 
the shrouding wire. The blade which had broken free had 
also been contained in place for some time even though it 
had failed at the root, as evident from damage to the nozzles. 
The failures had all occurred at the junction between the 
blade root shank and the bulb (Fig. 65) and had initiated on 
the corner of the shank in way of the blade leading edge 
(Fig. 66). The failure was due to metal fatigue, and some 
evidence of fretting was found near the start of the crack 
(though not at the point of initiation). 

An examination of the frequencies by the Author established 
that the most likely cause of failure was steam excitation of 
the clamped-pinned mode of vibration, and subsequent work 
confirmed the diagnosis. (It is interesting to note that this 
mode of vibration was responsible for the blade failures on 
the Queen Elizabeth 2 two months previous to this case.) 

The position of failure in the root also confirmed the 
Author’s opinion that under operating conditions the root 
became an extension of the blade and took part in the vibra- 
tion of the blade profile length. Frequencies of vibration must 
always be calculated assumirg this condition. The root shank 
was clear of the slot by about 0:0010 in. and one could be 
forgiven for considering the root as “tight” and not capable 
of vibration, but when one considers that at frequencies of 
4,500 c/s the maximum amplitude of vibration at about mid- 
height of the blades is probably not much more than about 
0-002 in. to 0-003 in., the root amplitude will be extremely 


Tip wire 


Tip platform 


Blade profile 


Root platform 


Bulb peened on each end 


Fic. 65 


Position of crack. 


small by comparison. Furthermore, it is not unreasonable that 
the bulb was not stationary in the wheel, but oscillated within 
the hole containing it. This would account for the fretting 
seen on the bulb surface at the points of highest load-bearing 
under centrifugal loading. Since the bulb is peened at the ends 
to fasten it tightly into the hole, one could again be forgiven 
for considering that with the additional centrifugal load the 
bulb would not move. Movements, however, occur on a 
microscopic scale. 


Tests carried out to confirm stress levels 


Blade vibration is acceptable provided the maximum stress 
does not exceed the safety limit of stress reversals based on 
some measured metal fatigue limit. In the case under discus- 
sion the maximum stress was greater than the calculated value, 
due to an under-estimation of the exciting force. 

In order to measure the exciting force the manufacturers 
\ ¢ devised a test under actual steaming conditions with strain 

gauges located on the blade at mid-height. This experiment 
was probably the first of its kind, for which due credit 
Origin of crack. must be given to the manufacturers. They intended to calcu- 
late the swinging-form deflection of the blade and thus 
relate the stress at mid-height to stress in the root accord- 
ing to the calculated bending moment diagram. This method 
would again rely on interpretation of the correct swinging 
form. To measure the corresponding stress in the root the 
Author initiated tests at the Society’s research laboratory on 
a packet of three blades. By placing gauges at the blade mid- 
height and a series of microscopic gauges on the root, it was 
possible to excite the blades in the clamped-pinned mode 
statically and obtain the stress ratio when the blades were 
vibrating in the correct swinging form deflections. The results 
confirmed that the steam exciting force was sufficient to cause 
failure in the root shank under operating conditions at a fre- 
“ quency close to the service speed. To overcome the problem 
a slightly longer blade was fitted (with a lower resonant fre- 
quency) and an increase in the number of fixed nozzles from 
50 to 64, thereby reducing the shaft speed at which resonance 
occurred, which in turn was at a lower stress level. 
From the Campbell diagram shown in Fig. 67, both the 
| steam bending and centrifugal stresses were reduced from 
(maximum stress) x (0°995)* to (maximum stress) x (0°715)°, 
i.e. stresses were reduced to 514 per cent of the stress when 
the blades failed. 

This particular case led to the Owner’s request for the 
Author to undertake an analysis of blading in their New- 
building Vessels with particular reference to the likelihood of 
failure in the clamped-pinned mode. 

Based on the information which was obtained from the 
tests during the first investigation, the Author was able to 
show that one stage could be at risk in three Newbuilding 
Vessels, and the Owner requested modified diaphragms to 

avoid blade resonance. 


The Author was recently invited to examine the blade 
characteristics of a second series of Newbuildings for the same 
OsumcOpstan 0,12 at 7d 074-090" oe 07 6am Oe 7eem0 Bn 2 ame O Owner, but it is of interest to note that no severe blade 
vibration characteristics were found in the second Newbuild- 
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Case VII 


Q.E.2. Twin screw. 52,000 s.h.p./screw maximum. 

Blade root fixing is an important aspect when considering 
the vibration characteristics of blading. The manufacturing 
department must work together with the stressing engineer 
and designers if the end product (a reliable turbine blade) is 
to result. 

A classic case of the division was evident during the 
Queen Elizabeth 2 investigation. The “Pametrada” design of 
roots was of the profiled root face type. Fig. 68(a) is a sketch 
showing the blade and root, and the integral spacer which 
butts against the adjoining blade. The profile must be radially 
angled to ensure that when fitted on the curve of the wheel 
rim (Fig. 68(c)), the faces do not leave any gaps. In the final 
fitting the root faces have to be “blued” to ensure correct 
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bedding of the blades one against the other. This is a laborious 
fitting job and the manufacturing department decided that if 
the root faces were flat, machining of the angle between flat 
faces would be more accurate, and consequently the fitting 
would be quicker. Unfortunately, the rectangular section of 
the root could not contain the complete blade profile owing to 
the angle of the chord line unless the rectangular root section 
were made deeper. This would mean that fewer blades could 
be used per wheel resulting in larger bending stresses, etc. 
Their solution, therefore, was to have an overhanging trailing 
edge (Fig. 68(b)). The radius between the blade overhanging 
trailing edge and root had been filed by hand, or so it 
appeared, and many had sharp notches. It was at these notches 
that the failures originated. The replacement blades reverted 
to the profiled root faces, combined with a thickening of the 
blade section toward the root. 

Despite the poor workmanship, the Author believes that 
this was probably only the “straw which broke the camel's 
back”. 

The prime cause of the failures was, of course, the large 
static steam bending stresses combined with steam excitation 
of the clamped-pinned mode of vibration of the moving blades 
which were resonant within the operating range for stages 8 
to 11 inclusive. 
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Discussion on K. M. B. Donald’s Paper 


MARINE STEAM TURBINES 
Some Problems Encountered and Future Outlook 


Dr. S. ARCHER 


The Author of this, I can only call it monumental, paper 
has undoubtedly broken new ground in filling a long-felt gap 
in the Transactions of our Technical Association. Out of some 
250 papers read over the 50-year period since its foundation, 
Mr. Donald’s paper is the only one specifically and exclusively 
devoted to the marine steam turbine, its design, manufacture, 
testing and service experience. Previous papers touching on 
steam turbines or covering specialised aspects have included 
the following: — 

“Turbo-Electric Installations’, by R. M. Hills (1951/52). 
“Stabilizing Turbine Rotors”, by L. R. Horne (1951/52). 


“Behaviour of Control Equipment in a Steam Turbine 
Tanker”, by D. Gray (1969/70). 


Part I of the paper gives a broad survey of the more 
important current turbine designs with descriptive notes aided 
by some really excellent illustrations. It concludes with a look 
into the future utilising some of Mr. Cashman’s statistics in 
conjunction with manufacturers’ own “crystal gazing”. 

Part II deals with operational problems likely to be encoun- 
tered at surveys (unfortunately also unpredictably between 
surveys!). It also gives very clear introductions to the pro- 
blems of blade and disc vibration and to the important subject 
of rotor balancing with its associated recommended vibration 
limits. In a final section the Author recounts some of his 
experiences of turbine operating problems when a member 
of the Technical Investigation Department. 

In reading through the paper, I came across a number of 
points which perhaps the Author could comment or enlarge 
upon? 

On definitions of types of turbine it is customary to talk of 
“pure reaction” or “pure impulse” stages. It is well to bear in 
mind, however, that reaction stages are also partly impulse, 
the reaction from the steam expansion in the moving blades 
(usually about 50 per cent of the total stage heat drop) adding 
to the work done by impulse. In impulse/reaction type 
blading, as is common in the later stages of modern turbines, 
the predominant work derives from the impulse effect. There 
is thus no clear demarcation between the limits represented 
by the Laval impulse type, on the one hand, and the Parson’s 
reaction type on the other. Incidentally, what does the Author 
mean by the term “negative reaction” on page 4? 

On page 8, Fig. 7, showing a Stal-Laval reheat HP/IP 
turbine, it is clear that, where you have contra-flow (as also 
in a divided LP turbine) the effects of relative expansion will 
be opposite in sense for the two flows. Thus, in Fig. 7 with 
the thrust arranged forward, sudden increase in steam tem- 
perature and flow will tend to close up axial clearances in the 
HP flow and open them up in the IP flow and vice versa 
on rapid reduction of power. For impulse type turbines, axial 
clearances are relatively large, but with end-tightened reaction 
blading this could present some operational problems. The 
Author’s comments on this point would be appreciated. 

On page 8 the Stal-Laval method of flexibly mounting 
the main gear case is described. This at first sight seems 


fraught with danger, although clearly it is a convenient means 
of adjusting pinion/wheel alignment after full torque trials. 
Whether it is so good from the point of view of maintaining 
HP turbine/ gearing alignment in a seaway or between ex- 
tremes of ship loading is quite another matter, perhaps. 
Personally, I feel the method used by A.E.I., whereby, with a 
relatively rigid gearbox, bearing shells are adjustable in their 
housings, seems to offer a more positive approach. 

On pages 9-11, Figs. 8 and 9, the Stal-Laval lubrication 
system is described. A recent case of a total “black-out” on a 
large fully-loaded Danish tanker may here be of topical 
interest. Due to various circumstances steam was lost on the 
main boiler carrying with it the turbo-alternator and the 
electrically driven independent lubricating oil pump. It was 
then found that the main engine-driven lubricating oil pump 
was inoperative and, in attempting to start up the standby 
diesel alternator, the crankshaft was badly damaged due to 
bearing oil starvation. The ship was thus coasting with pro- 
peller trailing for an estimated quarter hour without engine 
lubrication after the 15 minutes gravity tank supply was 
exhausted. As a consequence, both HP and LP turbine rotor 
bearings wiped and the ship had to be towed in. Admittedly 
a rare conjunction of disasters but very expensive! 

On page 12 reference is made to G.E.C. crossover pipe 
design. Recent problems with straight horizontal crossover 
pipes in association with excessive outboard deflections of 
rather flexibly mounted HP turbine casings (Stal-Laval) have 
highlighted the advantages of the vertical U-type crossover 
which is essentially pressure-balanced. Incidentally, on page 
30 it is stated that A.E.I./E.E. use a straight crossover with 
expansion bellows but (note well!) with fie bolts to take the 
unbalanced pressure load off the turbine casings. In the case 
of three recent large [talian-built tankers the Stal-Laval straight 
crossover has been successfully replaced by a fully pressure- 
balanced design utilising differential areas on a straight axis. 

On page 16 I was rather concerned to learn that G.E.C. are 
currently using an inflammable petroleum control oil at a 
pressure of 1100 lb/in® for their turbine stop valves, although, 
admittedly, they are seeking to replace it with a non-inflam- 
mable medium. The fire hazard here is emphasised by a recent 
case of a brand new ship in which sprayed oil from a leaky 
lubricating oil pressure pipe impinged on the HP turbine 
casing and the resulting fire burnt out the machinery control 
room and, to put out the fire, the engine room had to be 
flooded to a depth of 14 feet! 

On pages 18 and 20 the Kawasaki self-centring flexible 
coupling for their HP and reheat turbines and flexible quill 
drive for their LP turbines are examples of progressive design 
which have much to commend them from the aspect of 
turbine/gear alignment. 

On page 21 reference is made to arrangements for reheater 
shut-down during manceuvring or in emergency. On the 
Empress of Britain, built by Fairfields, the oil fuel shut-off 
valve was automatically controlled by the HP turbine exhaust 
pressure. The local B.O.T. Surveyor was most insistent that 
the operation of this valve should be demonstrated in actual 


Operation under way, overruling the builders’ pleas that it 
was enough to demonstrate statically that the valve did indeed 
shut at the required reduction of HP exhaust pressure! I do 
not think our rules give any guidance on this matter. Mr. 
Donald’s point about the need for avoiding acceleration of 
the IP and LP turbines from the stored steam in the re- 
heater in the event of overspeeding from propeller loss, etc., 
is a good one. A suitable automatically controlled shut-off 
valve could be installed near the IP turbine inlet for this 
purpose, but this should be so arranged as not to affect the 
operation of the reheater oil fuel shut-off, if this is actuated 
by low HP exhaust pressure. Mr. Donald states such a 
solution would apply also in the event of failure of either the 
HP or LP couplings to the gearing. However, more often 
than not the overspeed trip is on the LP turbine only (see 
Chapter H 830), it being considered (by Pametrada) that, in 
the event of propeller loss or equivalent, the HP turbine 
tends to be “self-choking” in that the inlet annulus will only 
pass a limited amount of steam. 

On page 33, could the Author explain the operation of the 
A.E.I. speed control governor? This is not at all clear from 
Fig. 30. 

On page 37, discussing reaction turbines, the Author points 
out that, to obtain high stage efficiencies, high velocity ratios 


(=) are necessary and that “to maintain reasonable rotor 
1 

speeds, the mean blade diameters are probably smaller than 
for the usual impulse turbine’. It is concluded the Author 
means “to maintain reasonably high rotor speeds”? 

In the section on blade vibration it is stated on page 52 
that “A packet of six identical blades . . . has five different 
frequencies within the same frequency band-width as a packet 
of 20 of the same blades”. Could the Author explain this 
seeming paradox as it does not appear to be obvious? 

In Fig. 47, page 54, it should be noted that the form of the 
resonance curve used to derive the dynamic magnification 
factor is only correct if the exciting force, or equilibrium 
amplitude, is constant over the frequency range. 

In the formule on page 55, could the Author define the 
Greek upsilon symbols “y” and the Parson’s ratio, which are 
not explicit in the text? It is clear that the make-up of several 
of the factors in the formula for “D”, especially the excitation 
stimulus S,, depends upon many variables whose accuracy 
may be suspect unless careful systematic research is carried 
out for any given design. In the absence of such, would the 
Author agree that, in general, a simpler empirical formula, 
such as those he has given, may serve well enough to sort out 
which criticals are the important ones? 

I would strongly support the Author’s advocacy of a direct- 
reading torsionmeter for steam turbine propelling machinery 
with maximum limiting torque clearly marked. With constant 
power machines such as steam turbines this seems the obvious 
way to avoid overloading of turbines, gears and propellers 
in heavy weather, for example, but one apparently not gener- 
ally appreciated. For even greater security the limiting torque 
could be indicated by a suitable alarm in machinery control 
room or on the bridge. 

On page 57 I note that, among the various causes of rough 
running or turbine machinery the Author makes no mention 
of the important need for thermal stabilisation of rotors, pre- 
sumably since this is specifically laid down in the Rules 
(Chapters H 807 and Q 637(e)). The object of this is, of course, 
mainly to eliminate built-in stresses due to manufacturing 


processes, but I believe there was some evidence in a paper 
some years ago to the Institution of Mechanical Engineers 
that differences of metallurgical structure could also be im- 
proved by the thermal stabilising process. The Author’s views 
on this would be appreciated. 

Fine tooth couplings are mentioned on page 59 and the 
danger of “lock-up” occurring with too great misalignment. 
This is one of the drawbacks of this type of coupling which 
can, however, be minimised by maintaining the maximum 
possible tooth length. Barrelling of the teeth is also favoured 
by some firms. It is perhaps largely for these reasons that 
designers today are looking towards diaphragm-type couplings 
such as the ‘“Turboflex” to replace the conventional fine tooth 
coupling. 

Case I on page 66 is an interesting example of a bent rotor 
causing an overspeed trip to come out early, resulting in 
“black-outs” and hazard to a ship in close waters. As regards 
the cause of the bend, it is difficult to believe that a 2’ 1” 
spot of rust could have been the “‘villain in the piece”! Much 
more likely, in my view, could have been the omission of 
thermal stress relief after the earlier rotor-straightening pro- 
cess. 

The inferences to be drawn from the Author’s final sentence 
on Case II, page 75, are by no means clear. Could the Author 
please elucidate? 

The statement on page 83, Case V, that “The vibration 
was not noticed in the sound-proofed control room above the 
turbine flat until the rotor had begun to hammer out the 
bearings, since there was no vibration-monitoring equipment 
fitted to the HP or LP turbines” brings home forcibly the 
prime importance of such a warning device. Although our 
Control Engineering Department strongly recommends that 
one be fitted, at least for UMS notation, in my view, this 
should now be a definite rule requirement for all turbine 
installations. 

Finally, | would like to congratulate Mr. Donald on a most 
valuable paper and one which, I am sure, will be used as a 
reference work for many years to come. It clearly represents 
an enormous amount of careful, detailed work and is an 
excellent example to those colleagues who may contribute 
papers in the future. 


Mr. C. CHARTAN 


Regarding Dr. Archer’s description of damage to the turbine 
bearings resulting from loss of lubricating oil: — 

Stopping time of a fully laden large tanker could be as long 
as half an hour, during which time the propeller will continue 
turning due to the forward motion of the ship. Emergency oil 
supply to the turbines, gravity fed, is designed for approxi- 
mately 15 minutes presumably on the basis of stopping times 
in by-gone days when ships were smaller. 

Revision of this design criterion is now overdue for large 
ships. 

I suggest that provision of a device for positive stopping 
of the shaft rotation, e.g. a disc brake, is preferable to 
increasing the capacity of gravity lubricating oil tanks, especi- 
ally in ships having UMS notation and recommend that this 
approach be reflected in the Rules. 


Mr. R. F. MUNRO 


A complete document which shall stand beside standard text 
books on Marine Steam Turbines for many years to come as 
a valuable work of reference, this paper contains so much 


information that it requires an index and I would ask the 
Author to cap his labours with this additional work for pub- 
lication in due course. 

One feature of the paper which impressed me very much 
was the great care which has been taken to arrange the text 
and illustrations in almost invariable juxtaposition throughout. 

The initiative displayed by the Chief Engineer of the twin 
screw passenger vessel which forms the subject of Case III 
on page 75 on the paper deserves some praise and indeed more 
than sympathy in hindsight when it appears that he had 
introduced a form of marine steam “trampoline” for the 
blades of his LP turbines. It is by describing such incidents 
that those following in the positions of designers in the 
industry may be made aware of some of the pitfalls which 
have troubled their predecessors. 

With the foregoing in mind it may be of interest to mention 
that in the 1950’s a number of marine steam turbine installa- 
tions suffered serious damage by distortion of rotors, thought 
at the time in many cases to have been due to priming of the 
boilers, but as cases recurred and were subjected to close 
analysis it eventually became apparent that these failures had 
common features such as would result from thermal shock 
due to water impingement on dummy and gland seals. This 
effect can be brought about when manceuvring a hot turbine 
in which water has collected in the gland steam collector and 
the connecting piping, which is injected into the turbine during 
hand adjustment of the gland steam. It was eventually found 
that by the simple expedient of installing a reliable float- 
operated steam trap in the gland collecter drain to the main 
condenser recurrence of this type of damage was prevented. 

It may be of some interest to recount here some details of 
one such case which occurred in 1955. The ship having been 
put into service in October, 1954, was of some 8825 tons 
gross, her machinery consisting of a triple expansion turbine 
of 5500 shp, single reduction geared to the screwshaft and 
taking steam at 450 Ib/in®? from two water tube boilers. 
Having picked up the pilot after a passage across the Atlantic, 
severe vibration was experienced which led to the vessel being 
towed into Bremen where the complete IP turbine was 
removed and dispatched by coaster to the Enginebuilders’ 
works in Scotland for repairs. The vessel meanwhile resumed 
her service running with HP and LP turbines compounded. 

Extensive repairs were found to be necessary including 
straightening of the rotor by the thermal process, renewal of 
a number of rows of rotor and casing blades, and renewal 
of diaphragm, dummy and gland labyrinth packing through- 
out. A gap of some 0,060 in between the casing joint faces 
was closed by the metal spray process followed by grinding 
as required until a steam-tight joint was obtained and by this 
means the time consuming and expensive major casing repair 
of planing the joint faces and subsequently boring out was 
avoided. 

On completion of the foregoing repairs the turbine was 
assembled and run under steam up to 2000 rpm and prior to 
dispatch to Rotterdam for re-installation on board the 
dynamic balance of the rotor was checked and found in order. 
No further difficulties were experienced with this installation. 


Mr. M. Z. NAVAZ 


I propose to confine my remarks to a very small section of 
the paper. 

The need for high powers for liquefied gas tankers carrying 
liquid methane is due to the fact that part of the cargo is lost 


on voyage between the loading and discharging port and a 
small amount of the cargo has to be retained on board for 
the return journey to the loading port in order to provide the 
refrigeration for the cargo tanks. Therefore it is easy to see 
why speed plays an important part in the quantity of cargo 
delivered and for the return journey to the loading port. 
Present-day speeds of 17/18 knots are likely to increase to 
20/21 knots in the near future. All this may be reversed 
depending on the development of the gas turbine and the 
advances being made in refrigeration and containment tech- 
niques. 

Although the steam turbine at present is the automatic 
choice because the evaporated cargo from the tanks can be 
easily burnt in the boilers, it is my opinion that the gas 
turbine will present an attractive challenge to the steam 
turbine. I am aware that the Author has dismissed the gas 
turbine challenge on the basis of high cost oil fuel treatment 
that is required. The present concern by environmental pollu- 
tion watch-dogs on atmospheric pollution will sooner or later 
call for more refinement in the treatment of oil fuel prior to 
burning in conventional steam generating boilers. 

At present the boil-off from a cargo of methane can 
effectively supply 70-80 per cent of the power needed for full 
speed. Methane gas pollution levels are less than 10 per cent 
of that of conventional oil fuel, but this fuel supply is depen- 
dent on the rate of boil-off and its utilization is also governed 
by atmospheric and sea conditions, 


i.e. when high powers are needed in good sea conditions, the 
boil-off is a minimum, 
when low powers are required during bad sea conditions, 
the boil-off is a maximum. 


Price of methane fuel is high. 
10° Btu of methane (liquid). Cost 35 to 55 U.K. pence. 
10° Btu of fuel oil. Cost 16 to 26 U.K. pence. 


It is anticipated that the price of methane fuel will rise at 
a far higher rate than fuel oil as pollution laws concerned 
with clean air become more severe. These laws will be most 
harsh within territorial waters than out at sea, but through 
IMCO it could be made applicable universally. Due to the 
above trends fuel oil treatment plants will begin to play an 
important part in the burning of fuel oil in boilers or gas 
turbines in order to meet clean air requirements. The antici- 
pated rapid rise in the cost of methane (liquid) will discourage 
the burning of such cargo in boilers. 
When one examines the cost of liquid methane cargoes the 
breakdown of cost is approximately as follows: — 
10° Btu of methane gas at the gas field cost=3 to 4 U.K. 
pence. 
10° Btu of methane gas to liquefy the liquid @ minus 
165°C=12 to 15 U.K. pence. 
(This can be saved if reliquefaction is provided on board 
ship). 
10° Btu of methane gas to gassify at the discharging 
port=3 to 5 U.K. pence. 
(This will drop with lower ship speeds.) 
The cost of transportation (depending on distance)=17 to 
Siw. pence, 
The present day boil-off ratios are about one ship volume 
per day, i.e. about 0,25 to 0,33 per cent of the liquid cargo 
volume or nearly a ship load per year. 


This shows further the need to maintain high speeds between 
ports. The above pattern will change depending on the engi- 
neering advances that are made on reliquefaction plants that 
can be provided on board ships to contain the cargo boil-off. 
When the investment cost and the power consumption costs 
are attractive, the speed/weight characteristic of liquefied 
methane carriers can be radically altered. With the electrical 
reliquefaction loads of such plants being in the region of 3-4 
megawatts for a 120 000 cubic metre ship—gas turbine electric 
propulsion appears to be a very attractive proposition coupled 
with a slower speed, particularly when considering its superior 
overall efficiency compared with steam turbines. 

As the Author has pointed out, superheat temperatures are 
continuing to creep to higher levels. This is also going to 
present thermal problems with the turbine stopped when the 
ship is manceuvring. My own experience has shown that there 
is the need for an automatic rotor turning device to be fitted. 
Such a device would enable the high pressure rotors to rotate 
at, say, | rpm without any apparent movement of the propeller 
blades when assistance is given to a ship by small crafts for 
berthing purposes. When the propeller is seen to move (par- 
ticularly in the ballast condition) small craft will not venture 
near the stern of a ship to assist it in berthing. Rotating a 
HP rotor very slowly by means of the manceuvring valve of 
the main engine is a very, very difficult process. From an 
engineering point of view it is not a difficult job to provide 
these facilities. 

Finally, | would like the Author to comment on the need 
to make provisions for speed control on small high speed 
impulse turbines used for auxiliary purposes such as feed 
pumps, cargo pumps, etc. I am aware that the Society’s Rules 
may not call for such speed controls—nevertheless, several 
serious accidents have taken place resulting in loss of life. Par- 
ticularly in view of recent factory act legislation and the 
demand in some quarters to cover shipboard machinery when 
within territorial waters, would the Author consider it im- 
perative that the Society makes provisions for such safe- 
guards? 


Mr. A. SAYLE 


I did not attend the meeting with the intention of making 
a contribution to the paper, but following Mr. Navaz’s 
remarks I feel I must lift the gauntlet. 


I feel the subject of the nuclear powered steam turbine 
has been somewhat summarily dismissed in the paper but am 
personally convinced that in the future, perhaps not within 
the next ten years but afterwards, that nuclear propulsion will 
gain in importance and take over from oil fuel steam turbine 
propulsion. I feel that the gas turbine must be dismissed as a 
flash in the pan means of propulsion, since in 50 years or so 
there will be a lack of fossil fuels to power them. 

Nuclear propulsion has suffered a set-back in the experience 
of the Savannah which is rather unfortunate, this being due 
to lack of technology in the nuclear field in years gone by. 

The pollution argument I feel is rather a “dead duck” since 
people who do not want to trust a nuclear powered ship in 
their vicinity, are very happy living in close proximity to 
much larger land reactors which seems strange. 

From my reading and understanding of the nuclear power 
subject I gather that the next generation of reactors are 
claimed to have a thermal efficiency of 48-49 per cent which 
makes them much more viable than the conventional fired 
plants. I think that the owners of ships will become more 
aware of this viability and the marine engineers become less 
sceptical in the future which will give added impetus to the 
building of nuclear powered ships. 

Thus looking at the Author’s prediction of an increase in 
the amount of steam turbine power for ships in the future, 
this will be greatly increased by the number of steam turbines 
with “nuclear boilers” hence increasing the future importance 
again of these machines. 

I believe it was Mr. Milton who felt that we should have 
Rules for design appraisal of turbines and that M.D.A.P.A.D. 
should carry out plan approval on them. We do in fact require 
in the Rules that the manufacturer should submit layout plans 
and plans of the most highly stressed parts for consideration. 
However, it should be said that it is left to the manufacturer’s 
discretion to state which is the most highly stressed parts and 
we have little control over this. One must bear in mind that 
to efficiently perform a rigorous design appraisal on turbines 
we would require a number of experts in that field and this 
would lead to even more paper work for what is already a 
greatly overweight task and for the Society’s purpose I feel 
this is not really on. From my short stay in Engine Plans | 
can say, however, we do in fact give turbines a good look at 
when we receive plans in the Department. 


AUTHOR’S REPLY TO DISCUSSION 


Dr. Archer’s contribution to the marine industry is held in 
very high regard in both this country and abroad, as I have 
discovered many times during my travels when working in the 
Technical Investigation Department. To have earned his praise 
for my paper, therefore, is praise indeed and very gratifying 
for me. 

If, in addition, the paper has been, or will be, of use and 
interest to my colleagues in the Society then the many hours 
spent in preparing the paper will have proved to be worth- 
while. 

I was very pleased that the meeting was well attended by 
both members of the Lloyd’s Register Technical Association 
and by our colleagues in the clerical and administrative depart- 
ments of the Society, all of whom showed an obvious interest 
in the subject presented. 

I shall now attempt to answer the questions which you have 
put to me, starting with Dr. Archer’s query about “negative 
reaction”. 

The degree of reaction “R” is defined as the ratio of the 
heat drop in the moving blades to the sum of the heat drops 
in the nozzles and moving blades. 
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The heat drop which takes place in the moving blades is 
manifest as an expansion of the steam during its passage 
through the moving blades and thus an increase in steam 
velocity. 

If a compression were to take place at some section along 
the blade length instead of an expansion, this would be 
equivalent to work being done on the steam so that the term 
“hy,” would become negative, and provided “hy” is > “hy,” 
the expression for degree of reaction becomes negative at the 
section considered. 

The way in which this apparent compression occurs is 
explained by the vortex flow theory, which can be simplified 
by saying that because of the oblique angle of the steam flow 
out of the nozzles, the flow path in the gap between the nozzle 
outlet and moving blade inlet follows a line of flow some- 
thing like a spiral, and that there must therefore be inertia 
forces set up which cause a variation in steam pressure in the 
radial direction in the gap. 

The radial pressure gradient is not so important in stages 
where the nozzle height ratio (ratio of radial height “1” of 
the nozzles to the mean diameter D) is small, but in those 
stages where the nozzle height ratio is large (such as in the 
final stages of an LP turbine where the volumetric flow is 
large) it has a profound effect on the distribution of heat drop 
in the nozzles and blades. 

It follows, therefore, that calculation of the steam conditions 
at mean blade height (which is the usual method by which the 
profile of the short blades of constant cross-section are deter- 
mined) is no longer indicative of the flow characteristics of 
the longer blades at the exhaust end of an LP turbine. 

In Fig. DI, which is a section through a “stage” comprising 
nozzles and moving blades, it is assumed that at entry to the 
nozzles and at exit from the moving blades the pressure is 
sensibly constant in a radial direction, i.e. the flow lines are 
entirely axial in direction relative to the casing. However, as 
already stated, there is a pressure gradient in the radial 
direction in the gap between the fixed nozzles and moving 
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blades, so that if the blade profile were calculated on the 
conditions prevailing at the mean height of the nozzles and 
blades, based on a pressure drop through the moving blades 
of (p.—p,), the pressure in the gap near the tip (p.,) would 
be greater than the mean height inlet pressure (p.), and the 
pressure near the root (py) would be less than the mean 
height inlet pressure (p.). 

It is clear I think that if the degree of reaction at the 
moving blade mean height were small, so that the expansion 
in the moving blades was small, then p. would be only slightly 
greater than p,, and the inlet pressure at the root (p.,) could 
in fact be less than (p,). This would lead to an apparent 
increase in pressure through a part of moving blades instead 
of an expansion, and according to the definition of degree of 
reaction, it would become negative. By the same token the 
pressure difference (p..—p,) at the tip could be greater than 
that at the mean height, so the degree of reaction would be 
positive but larger than at the mean height. 

Thus, the degree of reaction may increase from negative at 
the root to a larger positive value at the tip. 


To be strictly correct, of course, there is not necessarily a 
flow reversal at the section where negative reaction occurs as 
one would expect but simply an “over-expansion” of the 
steam at exit from the nozzles. Such a design of blade would 
be most inefficient, not only because of. the high losses asso- 
ciated with “negative” reaction, but also due to the shock 
losses at entry to the moving blades due to the incorrect inlet 
angles of the moving blades. 

It is usual to design the long exhaust-end LP turbine blades 
to have a small degree of positive reaction at the root at 
design conditions to avoid any negative reaction at off-design 
conditions. All other sections up the blade will have a pro- 
gressively greater degree of positive reaction. 

For the best efficiencies the degree of reaction at the root 
should be large, increasing still further towards the tip. 

There are practical difficulties in achieving this ideal, how- 
ever, for a large reaction at the root with increasing reaction 
up the blade could produce high axial loads on the thrust 
bearing. Again, with the correspondingly higher degree of 
reaction near the blade tips, steam sealing at the tips would 
need to be more effective to prevent leakage. Equally im- 
portant from the practical aspect would be the question of 
whether the blades would be able to withstand the larger 
bending forces in addition to the inertia forces due to rotation. 

The usual degree of reaction chosen for full power opera- 
tion is about 0,05 (5 per cent) at the root. 

Although these large blades are usually described as tapered 
and twisted (which indeed they are) the taper is designed 
primarily to reduce the stress at the root when subject to 
centrifugal force at full power. 

An example of a “twisted” blade is sketched out in Fig. D2, 
showing cross-sections of the aerofoil section at various posi- 
tions up the blade length. 

From the foregoing example of “degree of reaction” when 
applied to large LP turbine blades it is not surprising that 
the usual descriptions “reaction” or “impulse” turbine are not 
sufficiently definitive, for as Dr. Archer has pointed out, 
“reaction” blading is also partly “impulse”. Thus a long LP 
turbine blade may be nearly all “impulse” at the root and 
nearly all “reaction” at the tip (80 per cent “reaction” at the 
tip in some cases). 

One manufacturer has suggested that a distinction could 
be made by referring to an “impulse-type” turbine as a 
“diaphragm-type”, but even that could be misleading when 
considering the last few stages of an LP turbine. 

In my opinion the matter could be resolved by considering 
the degree of reaction at the mean height and calling all 
moving blades with up to 49 per cent reaction at full power 
“impulse-reaction”, and all blading designed for 50 per cent 
reaction or more at the mean blade height as “reaction”. 

A “pure impulse” blading turbine would still be referred to 
as “impulse” in this context. A “pure reaction” turbine is 
quite a different species and is not likely to be used as main 
propulsion machinery. 

The Parsons 50 per cent reaction turbines were fitted with 
blades of identical profile in the fixed and moving blade stages 
(equal heat drops in both fixed and moving blades). Hence the 
manufacture was relatively simple because extruded metal 
bars of a particular aerofoil section could be cut into lengths 
appropriate to the required blade heights for each stage and 
fitted to the casing and drum-type rotor in a manner similar 
to that shown in the last two examples of root fixing illus- 
trated in Fig. 44 of the paper. 
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The maintenance of good HP turbine/ gearing alignment 
is obviously something which any manufacturer endeavours to 
achieve, though to some extent he is at a disadvantage if his 
datum (the engine seating) is liable to distort in a seaway or 
between the extremes of ship loading. It is not too much to 
ask that a manufacturer be aware of the problem, however, 
and that the flexible coupling between turbine and gearcase 
should be capable of doing its job and permitting some mis- 
alignment, with good long coupling tubes, short barrelled 
teeth in way of the coupling and, if necessary, a centring 
device as designed by Kawasaki Heavy Industries, or alterna- 
tively, changing over to turbo-flex type couplings as used in 
the English Electric/ A.E.I. marine steam turbine. 

With regard to the flexibly-mounted Stal-Laval gearcase 
(which does seem to have been successful when considering 
the final reduction train) I believe that the flexibility in way 
of the pinion bearings may allow a certain amount of self- 
adjustment of the pinions towards an equilibrium position of 
uniform tooth contact distribution (which is not possible with 
a more rigid gearcase design) and which may re-adjust for 
different conditions of pinion to main wheel alignment. This 
may be one reason why Stal-Laval have not had any problems 
of pitting in their final reduction pinions and main wheel. 

The case quoted by Dr. Archer of the fully loaded Danish 
tanker which had to be taken in tow after wiping all its main 
turbine white metal bearings was a most unfortunate incident. 

Whilst it may be possible in some instances to replace wiped 
bearings at sea without lifting the top half casing, the rotor 
journals will usually have been scored as a result of running 
on the steel backing of the bearings. To avoid such damage, 
the re-introduction of brass safety strips at either end of the 
bearings may be worth consideration by manufacturers, even 


if their inclusion does result in some increase in the length 
of the rotor between bearing centres. 

Mr. Chartan has advocated the introduction of disc brakes 
or similar means to stop shaft rotation, presumably when this 
cannot be achieved by the astern turbine due to loss of steam 
generation. He suggests that this would be preferable to in- 
creasing the capacity of the gravity feed tank. 

Whilst the attendant danger with a gravity feed tank of 
“feeding” a possible fire is catered for to some extent in the 
Rules (E 912) by the requirement for gravity feed tank shut-off 
valves, | must agree with Mr. Chartan that an increased gravity 
feed tank storage capacity is not the answer. As V.L.C.C.’s, 
for example, become larger, headreach and therefore run-out 
times increase, which, if the policy of increasing the emer- 
gency oil supply capacity were followed, would result in ever- 
increasing oil storage capacity some 40 ft. or so above the 
main turbine flat. 

Quite apart from the practical consideration of having to 
provide additional sump tank storage capacity for the oil as it 
drains from the bearings there is always a potential danger 
from oil tanks located above the engine flat. 

With regard to reducing the vessel’s stopping distance in 
an emergency situation, Mr. Chartan’s suggestion is a good 
one because a more effective water-braking effect can be 
achieved by stopping the propeller than by allowing it to trail 
freely from full speed ahead, especially over the first third 
or so of the vessel’s stopping distance. 

However, there is a parallel need to rotate the turbine rotors 
slowly to prevent the initiation of a thermal bend, which in 
turn necessitates an oil supply (even a reduced oil supply) to 
the bearings. Stopping the shaft for more than about three to 
five minutes would be enough to start a thermal bend which 
would delay the main turbine start-up for some time after 
steam generation had been restored. 

A disc brake would require an independent source of power 
presumably, which could instead have been used to power a 
lubricating oil supply pump. 

This independent source of power to drive an emergency oil 
supply pump, operate a disc brake, or indeed any other system 
would of necessity have a limited capacity and require con- 
stant maintenance, so that it would in effect become an exten- 
sion of the standby system. It all comes back to the funda- 
mental question of how many faults can reasonably be 
expected to occur simultaneously or in succession if the 
standby system is checked regularly and properly maintained, 
and I suspect the latter may be the key to the problem in 
most cases. 

Dr. Archer is correct in concluding that on the second line 
of the right-hand column of page 37, it should read “reason- 
ably high rotor speeds . . .”, etc. 

The English Electric/A.E.I. governor for speed control of 
marine turbines, shown in Fig. 30, works by pressure change 
as the oil leaks out of the “T” pipe past the two balls covering 
the ends of the “T” pipe. Each ball is fixed (though adjustable) 
to the end of a cantilever. The whole unit of “T” pipe and 
cantilever is bolted on to the end of the rotor and rotates with 
it. An oil supply pipe on the right-hand side is held by a set- 
screw and sealed with an “O” ring to the stationary governor 
casing and a circumferential lip on the free end of the pipe 
lies in a white-metalled bearing in the rotating governor 
unit, so that oil can be supplied under pressure when the 
governing unit is rotating. As the turbine speeds up, the canti- 
levers move outwards under centrifugal force and oil leaks 


out of the “T” pipe past the ball valves, so reducing the 
pressure in the relay system and shutting in the manceuvring 
valve until the speed of the turbine drops. 

On page 52, under the heading ‘Packets of shrouded baldes”, 
| should, perhaps, have made a more general statement to the 
effect that regardless of the number of identical blades in a 
packet, the frequency range for the tangential clamped-pinned 
modes is, for all practical purposes, the same. 

The number of possible modes of this particular type of 
vibration is one less than the number of blades in the packet 
considered. Each mode of vibration is characterised by a 
distinct and individual resonant frequency. Thus the number 
of modes and corresponding frequencies increase as the num- 
ber of blades in a packet increases, but the upper and lower 
limits of the range are unchanged. It follows that the greater 
the number of blades in a packet the more closely bunched 
together are the individual frequencies. 

This leads, of course, to the important conclusion that 
changing the number of blades in a packet will not be effective 
in changing the range of resonant frequencies to avoid excita- 
tion in the clamp-pinned mode. 

(v (dynamic) NI 

, on page 
| y (static) 
55, is the square of the ratio of the blade resonant frequency 
when measured (or calculated) at the rotational speed cor- 
responding to excitation frequency, to the blade resonant 
frequency measured (or calculated) when stationary. 

The ratio will usually be greater than 1,0 since centrifugal 
stiffening effects tend to increase the blade resonant frequency, 
but it is possible for the ratio to be less than 1,0 under certain 
conditions, such as if the effective blade length were changed, 
as referred to in paragraph 2, section (3), page 55 of the paper. 

The percentage increase in frequency of a blade when 
rotating depends on the mean radius of rotation, blade length 
and rotational speed. The percentage becomes smaller at har- 
monics of the fundamental mode. 

The “Parson’s ratio” referred to on page 55, which is one 
of the factors affecting the nozzle stimulus, Sz, is better known 
as “Parson’s Number”. It is a “quality” factor useful for 
comparing the design of one type of turbine stage with 
another, though it is usually applied to the turbine overall. 
When comparing the steam stimulus for a particular stage in 
the turbine with that in another turbine, however, it is pro- 
bably better to distinguish it as a ratio. This ratio is basically 
the velocity equivalent of the isentropic heat drop in the 
moving blades to the blade tangential velocity at the mean 
height. 

I agree with Dr. Archer that the more simple empirical 
formule would serve to sort out some of the more important 
blade critical stresses, but only as long as the limitations of the 
formule are recognised. The static steam bending stress in the 
roots (gs»), will in nearly all cases be a calculated value any- 
way, so there would not be much point in obtaining a high 
degree of accuracy for the value of “D” to obtain the vibra- 
tory stresses (ov), in the root, if the steam bending stress were 
greatly in error. 

The nominal static steam bending stress (excluding any 
stress concentration factor) in the root is usually calculated 
from consideration of the mass flow and velocity, or the pres- 
sure field at a number of positions up the blade, thus obtaining 
a load distribution up the blade. The bending moment dia- 
gram, however, from which the steady or “static” stress at 


The expression in the brackets 


any section can be calculated, is dependent upon the root 
fixity (fully or partially clamped) and the restraint at the blade 
tip imposed by the shroud band. 

Mr. Sayle has pointed out that the Rules require a manu- 
facturer to submit layout plans and plans of the most highly 
stressed parts for consideration (not only for turbine main 
machinery incidentally) but I would suggest that in the case 
of turbine blading, for example, plans and layout plans do 
not convey the necessary information with which to assess the 
manufacturer’s stated stresses, his prediction of the resonant 
frequencies, or the likely causes of excitation which have been 
considered. 

Recent L.P. turbine blade failures of a number of turbines 
of different design and manufacture have shown that the 
existence of a safety factor based on working and allowable 
stresses in the order of “10” does not necessarily prevent 
fatigue failure when corrosion or fretting are contributory 
factors. 

I therefore feel that it is not enough to dismiss the question 
of design appraisal of main turbines on the grounds that it 
would require a number of experts in that field, or that the 
Society could not do it efficiently. | am rather surprised in 
fact that design appraisal of such machinery components was 
not introduced years ago. 

At the time of writing, the Stal-Laval reheat turbine has 
not been ordered by shipowners, so operational experience 
has not been obtained. 

Although other makes of reheat turbine have had quite a 
good deal of operating experience, I am not aware of any 
problems with regard to end-tightened blade tip seals. If the 
moving blades in the HP section of the reheat turbine are 
designed to incorporate a small degree of reaction, then blade 
tip sealing becomes quite important because the specific 
volume of the steam is small in the initial stages of the 
turbine. 

As Dr. Archer has said, with forward steam flow the axial 
clearances between the HP section moving blades will be 
reduced when the turbine is heating up if the thrust is located 
at the forward end, and it is just these stages which should 
be well sealed, not only at the blade tips but also at the shaft 
surface. 

Stal-Laval employ a form of radial seal attached to the 
diaphragm just above the nozzles, which protrude at an angle 
of about 45° on to the top of the integral blade shroud. Thus 
any axial movement of the rotor relative to the casing will 
not affect the seal clearance. The shaft sealing is maintained 
by the use of “Vernier” labyrinth grooves which again ensure 
good sealing under adverse axial differential expansion condi- 
tions. 

Stal-Laval have stated in technical brochures that the 
thermal inertia of both casing and rotor are designed to be 
as nearly equal as possible, but of course this is somewhat 
misleading because the casing, for example, can be considered 
as being made up of a number of different masses all of 
which have different thermal inertias (hence one of the reasons 
for thermal distortion of casings). 

A programmed automatic start-up could be adopted to limit 
excessive thermal gradients in the casing and, incidentally, 
help to reduce the differential rotor/casing expansions. 

Thermal distortion of the casing is the more usual problem 
associated with divided-flow LP turbines. The longer blades 
near the exhaust may not have shrouding, but rely on fine 
clearance between the casing and moving blade tips to prevent 


leakage. The astern turbine is usually incorporated on one 
end of the LP rotor and it is during manceuvring conditions 
with the application of astern steam that the LP ahead casing 
is most severely affected by thermal distortion and blade tips 
are most likely to rub on the inner casing walls. As mentioned 
in the paper these blades have thinned-down tips so that if 
rubbing should occur, the tip will wear away. Apart from 
increasing the clearance due to wear there is not usually much 
danger inherent in divided-flow LP turbines from the blade 
clearance aspect. 

After Mr. Munro’s tribute, how can I possibly refuse or 
even hesitate to provide the required index to my paper? Let 
it be a lesson to all keen young Surveyors; it’s not so much 
what you ask for, but how you phrase the request! 

In more serious vein, | wholly agree with Mr. Munro’s 
comment about making those of the generation who follow 
aware of the pitfalls which could trap them also. 

Often when a new design is introduced it may be based on 
a previous successful design but with certain apparent “frills” 
omitted, unaware that the “frills” were a vital modification 
or addition, born of hard-gained experience in the past. The 
problem is not confined to the marine industry, however, and 
will be with us as long as “design” remains a human and 
creative function. When “design” is computerised, perhaps, 
with a limitless “experience” (in the form of an enormous 
memory bank) the problem should not arise. Mr. Munro’s 
example of the solid rotors, such as were common in the days 
of the Parson’s 50 per cent reaction turbines in the middle 
‘fifties, may not be so far off the mark when, as illustrated in 
Fig. 33, Blohm and Voss (Hamburg) have rediscovered the 50 
per cent reaction turbine complete with solid rotors and 
dummy piston! 

The repair to the IP cylinder horizontal joint is most 
interesting and could doubtless be copied in some instances 
where other alternatives make the usual repair too expensive 
or lengthy. 

The investigation into the turbo-generator coupling-bolt 
failures, page 75, Case II, concluded with “the failure had 
occurred despite the provision of three distinct indications 
for synchronising, and it seemed unlikely that all three would 
be faulty simultaneously”. 

In answer to Dr. Archer’s request for clarification of a 
statement whose implications are admittedly not self-evident, 
the rule requirement is for two separate systems for syn- 
chronisation of the generators. However, the vessel in question 
had three systems, the three-light system, synchroscope and 
an automatic synchronising system. Manual speed regulation 
was necessary for all three methods. The automatic system 
closed the circuit-breakers only when the proper conditions 
of voltage and frequency were satisfied. 

As mentioned on page 66 of the paper, due to relay oil 
contamination, there was evidence that the steam control 
valves were sticking during operation. It is very likely, there- 
fore, that manual control at the switchboard could have been 
difficult due to the erratic response of the control valves. 
Under such conditions the operator using the automatic syn- 
chronisation system, unaware perhaps of the control valve 
relay oil contamination may have thought the fault to be in 
the automatic synchronisation system and attempted to syn- 
chronise using one of the two remaining methods neither of 
which would prevent the closing of the circuit-breakers if the 
turbo-generators were not synchronised. 

There are other possible causes of faulty synchronisation, 


but in view of the failure of two sets in the short space of one 
month and indications of the third having been subjected to a 
large torque, sticking control valves resulting in faulty syn- 
chronisation seems to be the most reasonable explanation. 

I take Mr. Navaz’s point about the need for an imper- 
ceptible propeller rotation while the main turbine is on 
“standby” between manceuvres, particularly if small craft are 
near the propeller of a tanker in the light ballast condition. 

There is no question about the need to turn the HP and LP 
turbine rotors periodically, to avoid the possibility of a thermal 
bend, but the turning gear is not usually engaged until the 
“finished with engines” signal is given, when tied up alongside. 

The most recent innovation, particularly for UMS operation, 
is the “auto-spin” system using live steam to rotate the turbine 
alternately ahead and astern automatically, at predetermined 
time intervals. 

In some instances, such as when a tanker is alongside an oil 
terminal mooring buoy, auto-spin has to be continued through- 
out the loading period, so that the vessel can get away quickly 
in an emergency. If the turning gear is engaged it is considered 
as temporarily immobilised. | personally do not know of any 
objection to the auto-spin system, though it is quite possible 
that propeller movement would be noticeable. 

The small high speed impulse turbines to which Mr. Navaz 
referred are often used to drive cargo pumps, ballast pumps 
and feed water pumps, etc. To the best of my knowledge they 
are invariably provided with governor operated speed control 
systems. In addition they will be fitted with trip mechanisms 
designed to shut off the main steam supply in the event of 
rotor overspeed, low lubricating oil supply pressure and 
increase in exhaust steam back-pressure. 

The simplest design of such a turbine includes both reduc- 
tion gear pinion and single-stage Curtis wheel on the same 
shaft. The shaft runs in two journal bearings, the gear pinion 
being between the bearings and the Curtis wheel overhangs 
outside the bearing span. 

The steam casing is bolted directly on to the gearbox 
through a semi-circular flange, and due to the considerable 
saving in overall length compared with the conventional 


flexibly coupled rotor/gear pinion shaft layout, it is suitable 
for installation in the “vertical” attitude in areas of restricted 
headroom. 

The design does not permit the conventional overspeed trip 
mechanism to be fitted on the overhung wheel, since it would 
have to operate in a steam environment, sometimes approach- 
ing steam inlet temperature, possibly up to about 400°C. 
There would also be the practical difficulty of obtaining access 
to the trip mechanism for adjustment purposes. 

The overspeed trip is usually fitted to the other free end 
of the shaft, so if the “torqued” part of the shaft between 
Curtis wheel and gear pinion should fail for any reason, the 
“free” wheel could accelerate very rapidly. The speed control 
would sense a speed reduction and tend to open the steam 
inlet valve, helping to accelerate the wheel. 

The main oil pump would slow down, of course, but the 
lubricating oil pressure would not necessarily fall to one-third 
of the working pressure rapidly enough to actuate the lubrica- 
ting oil low pressure trip. 

The output of currently operating turbines of this kind are 
in the region of 2000 to 2500 shp and I understand that 
powers projected in the immediate future will be of the order 
of 5000 shp. It is clear, | think, that more attention will have 
to be paid to the failsafe aspect of these turbines, in addition 
to minimising the possibility of failure by improvements on 
the standard of design and manufacture. I also think that 
personnel who operate such machinery should be of the 
highest standard of competence, fully aware of the correct 
operating procedures. 

Whether Lloyd’s Register of Shipping should be the instiga- 
tor of extra safeguards covering shipboard machinery is a 
debateable question. 

Unless agreement can be reached among the maritime 
nations and Classification Societies, there would seem to be 
little profit in “going it alone”. On the other side of the coin, 
the Society would be well placed to give advice to some inter- 
national organisation looking into the question of machinery 
safeguards, or to individual owners applying their own stan- 
dards. 


INDEX 


Each page can be considered as divided into four quadrants 
a, b, c and d. The left-hand column on each page, divided in 
half, is Section ‘‘a” at the top and “b” at the bottom. Similarly, 


the right-hand column, divided in half, being “‘c” at the top 
and “d” at the bottom, thus :— 

a c 

b d 
Astern blading, erosion of 47a 


Astern turbine, general details 3d 


Astern power (G.E.) (America) l6a 
Astern power (Stal-Laval) (Sweden) 7b, d 
Astern turbine (B & V) (Hamburg) 39a 


Balancing, of flexible rotors 60c, d, 61, 62a, b 


Baumann, multi-exhaust 33d, 35a, b 
Bearings, journal (tilting pad type) 27a 
Bearings, thrust Zhe 
Blade batches (packets) 52b, c, 57b 
Blade deposits 47b, c, 59d 
Blade erosion 35d, 46c, d, 47a 
Blade excitation 52c 
Blade failures (remedial actions) 57c 
Blade (fixed blade) failures 49a 
Blade frequencies 52a, b, c, 53, 56b, c, d, 57a, b 
Blade installation (Stal-Laval) 6b, d 
Blade lacing wire failures 48d, 49a 
Blade manufacture and fitting 56a, b 
Blade root types 44d, 50 
Blade shrouding 49c, 56b 
Blade, single, vibration of 49d, 51, 52b 
Blade, steam bending stress 55c 
Blade stresses SS oobyerd 
Blade tip rubbing 48a, b,c 
Blade tip thinning (B & V) 35d, 36b 
Blade vibration 49b, c, d, 51, 52, 53, 54, 55, 56, 57a, b, c 
Blade vibration, safety factors of blading 56d, 57a 
Blade, and wheel, vibration 54d, 55a 
Blading, general (design aspects) 4a, b,c 
Blocked drain orifices 48d 
Blohm & Voss (Hamburg) 33d 
Blohm & Voss, frame sizes 39b 
Blohm & Voss, general layout 38 
Blohm & Voss, HP turbine 33d, 35b, c, d, 36a, c, 37a, c 
Blohm & Voss, LP turbine 37b, c, d, 39a 
Boilers, salts 47b 
Builders (of marine steam turbines) 2b, d 
Campbell diagram 56b, c, 85b 
Casing distortion 57d, 59a 
Centrifugal blade stresses 5Se 
Chemical carriers 39¢ 
Clamped-pinned mode (of blade packets) 52b, c, 53 
Containerships 39d, 40c, d 
Control (steam) (EE/ AEI) 33a, b,c 
Control (steam) (G.E. America) 12d, l6a 
Control (general) 4d 


Control, nozzle group Sa, b 
Control, throttle valve Sa 


Coupling bolt failures 66-75 
Coupling, flexible, self-centring (Kawasaki) 18b, d, 19a, ¢ 
Coupling unbalance 59d 
Critical speed (rotors) 35d, 60a, b, c 
Curtis wheel 3d 
Damping (blade vibration) 52d, 54a 
De Laval Turbine Incorporation (New Jersey) 21c, d 
De Laval, frame sizes 22 
De Laval, HP turbine 21d 
De Laval, LP turbine 25a 
De Laval, lubricating system Z2Gp 21 


De Laval, 32 000 shp main engine 23 


Deposits, on blades 47b, c, 59d 
Discs (wheels), vibration of 49a, 54 
Discs, nodal circles 54b, c, d 
Discs, nodal diameters 54b, c, d 
Drain orifices (blockage of) 48c, d 
Dynamic magnifier (blade vibration) 52d, 55d 
Emergency lubricating oil supply (Stal-Laval) 9d 
English Electric/ A.E.I. turbines 28a 
English Electric/ A.E.I. turbines, design details 29 
English Electric/A.E.I., frame sizes 28b, d 
English Electric/ A.E.I., governor for speed control 33b 
English Electric/ A.E.I., HP turbine 30c, 32 
English Electric/A.E.I., LP turbine 33c, 34 


English Electric/ A.E.I., single-cylinder turbine 
28c, 30a, b, d, 31 


Epicyclic gearing 8b, d 
Erosion of blading (ahead) 46c, d, 47a, 59d, 75-83 
Erosion of blading (astern) 47a 
External lubricating oil system (Stal-Laval) 11 
Factors of safety (blade vibration) 56d, 57a 
Fatigue limits (blade vibration) 57a, b 
Fatigue limits (Gerber parabola) 57a, b 
Fatigue limits (Goodman diagram) 57a, b 


Frame sizes (introduction) 3b 
Future outlook (immediate) 41, 42, 43a, b, c 


Gearbox, epicyclic 8b, d 
General Electric (Massachusetts) 9d 


General Electric, control system 12d, loa 
General Electric, frame sizes 12a 
General Electric, HP turbine 12b, 13 


General Electric, LP turbine 12c 


General Electric, reheat turbine 12d 
Gerber fatigue limit curve 57a, b 
Gland rubbing 47d, 48a 
Goodman fatigue limit curve 57a, b 
Harmonics (of blade vibration) 49d, 51, 52a 
Horizontal joint, turbine, warp of 49b 
Impulses, steam (blade vibration) 52c, 56b 
Index to Part II of paper 46a, b 


Internal lubricating oil system (Stal-Laval) 9 
Immediate future 39b, c, d, 40, 41, 42, 43a, b, c 
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Japanese turbine manufacturers 
Ic, d, 2, 3d, 16-21, 43d, 44, 45 


Kawasaki Heavy Industries, turbines l6c 
Kawasaki, frame sizes 16b, d 
Kawasaki, reheat turbine (UR-315) 21a, b,c 
Kawasaki (UA) HP turbine l6c, 17 
Kawasaki (UA) & (UB) LP turbines 17b, c, d, 18a 


39c, 41c, d, 42c 
9b, d, 10, 11 


Liquefied gas carriers 
Lubrication (Stal-Laval) 


Manufacturers Io; 'd5 2,'43a,.0 
Manufacturers’ forecast for future 43c, d 
Manufacturers’ orders for turbines 44, 45 


Negative reaction 4c (and discussion) 


Nodal circles (wheel vibration) 54b, c, d 
Nodal diameter (wheel vibration) 54b, c, d, 55a, 57b 
Nozzle vane failure 49a 
Nuclear propulsion (for tankers) 43b 
O.B.O.’s (ore, bulk, ore/oil carriers) 41a, b, 42c 
Oil whip (or whirl) 3b 
Packets (batches), of shrouded blades 52b, c 
Panting plate, turbine supports 3b, 6a, c, 8a, c, 17, 19, 24, 26 
Partial admission Sa 
Pipe forces 59a 
Radial tip seals 4c 
“Rateau” turbine 3a, 4a 


3c, 4c (and discussion) 

4c (and discussion) 

3d, 4a, 7c, 8a, b, c, 9a, c, 12d, 
15, 16b, d, 25c, 43c, d 


Reaction, degree of 
Reaction, negative 
Reheat turbines 


Reheat turbines, general information 21a, b,c 
Revival of steam turbines Ib 
Roots (types) 49d, 50 
Rotor balancing (introduction) 60, 61, 62a, b 
Rotor, critical speed of 60a, b, c 
Rotor (modal balancing) 60, 61, 62a, b 
Rotor/ gear alignment 59b, ¢ 
Rotor, vibration 57d, 59 
Rotor, vibration limits 56, 57 
Rough running of turbines 57c, d, 58 
Rubbing of blade tips 48a, b,c 


Rubbing of labyrinth glands 47d, 48a, 59a, c 


Semi-Curtis control stage (Kawasaki) 18a, c, 19a 
Single cylinder turbine (EE/ AEI) 28c, 30a, b, d, 31 
Speed of tankers 42a 
Stal-Laval (Sweden) 5b 


{Stal-(Svenska Turbinfabriks Aktiebolaget Ljungstrom)-Laval] 


Stal-Laval, blade installation 6b, d, 7b, d 
Stal-Laval, epicyclic gears 8b 
Stal-Laval, frame sizes a{e 
Stal-Laval, HP turbine 5b, d, 6a, c 
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Stal-Laval, LP turbine 
Stal-Laval, reheat turbine Tc, 8a, b, c 


Stal-Laval, steam cycles 8d, 9a, b, c 
Steam bending stresses (blade vibration) 55c 
Steam turbine (revival) Ib 
Steam turbine, HP turbine, general description 3a, b,c 
Steam turbine, LP turbine, general description 3c, d 
Steam turbine, reheat turbine 3d 
Stellite shields 3c 
Stresses in blades 55, 56, 57a, b 
Sub-critical rotor vibration 60d 
Super-critical rotor vibration 60d 
Tankers, machinery for 39c, d, 40a, b 
Tankers, nuclear propulsion of 43b 
Tanker, speeds 42a 
Tanker, total number over 60 000 tons dwt. 42b, d 
Technical Investigation cases : — 
I. Tanker (turbo-generators tripping out) 65—66b 
II. Passenger vessel (turbo-generator coupling bolt failures) 
66-75 
III. Passenger vessel (blade guard over condenser) (Eb) ce 


IV. Tanker (LP blade erosion) Teller ry FEE 


80, 81, 82, 83a, b 


V. Tanker (bent rotor of main HP turbine) 83b, c, d, 84a 
VI. Tanker (HP turbine blade failures) 84, 85 
VII. Passenger vessel (Q.E.2 blade failures) 86 
Thrust bearings 27c, 33a 
Tilting pad journal bearings 27a 
Torque variation S6a 
Trading pattern (changes in) 42c 
Trials (vibration of turbines) 57d, 59a, b 
Turbines, in service and on order 44, 45 
Umbrella mode (wheel vibration) 54b, 58 


Vibration of blades 49 Ie Deo oo 0, ae 
Vibration, Campbeil diagram 56b, c 
Vibration, clamped-pinned mode (packets of blades) 52b, c, 53 
Vibration, excitation of 52¢ 
Vibration, frequencies 56b, c, d, 57a, b 
Vibration, limits of (rotors) 62b, c, 63, 64 


Vibration, measurement of (rotors) 62b, c, d, 63, 64 
Vibration, mixed modes 55a 
Vibration, modes of 49d, 51b, d, 52a, b, c 
Vibration, packets of blades 52b, ¢ 
Vibration, rotors 570559 
Vibration, rotor (on trials) 57d, 59 
Vibration, rotor (after a period of satisfactory running) 59c, d 
Vibration, single blades 49d, 52a 
Vibration, stresses in operation 25, 200y ie. tas O 
Vibration, under operating conditions 55, 56a 
Vibration, wave-speed curves (wheels) 57b, 58 
Wave speed curve 57b, 58 
Wheel (or disc), vibration 54b, c, d, 55a, 57b 
Whirl (oil) 55a, 57b 
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INTRODUCTION 


In the returns of the recent questionnaire circulated by the 
Staff Association quite a large number of Outport Surveyors 
requested a paper on refrigeration—a justifiable request since 
the last paper on this subject published by the Association was 
“Refrigerated Appliances in Ships”, by D. Gemmell, in the 
1937-38 session. 

It will be appreciated that the design, construction and 
operation of a refrigerated installation whether it forms part 
of ship, cold store or container is a specialised subject and 
experience in this subject is fragmented by the usual prac- 
tice of sub-contracting the machinery and insulation work to 
separate suppliers. Additionally, it should be appreciated that 
quite apart from the mechanical and structural aspects of 
design, the provision of suitable carrying conditions for pro- 


Section A 


CARRYING CONDITIONS 


The ability to successfully carry refrigerated food products 
depends, apart from storage time, on a number of factors 
including : — 

Carrying temperature. 

Taint. 

Micro-organisms. 

Loading conditions. 

Stowage. 

Ventilation (with fruit cargoes). 
Air circulation. 


duce is also a biological problem. The diversity of experience 
required to obtain a detailed knowledge in all the above fields 
is available to but few people and it is perhaps this aspect 
alone that limits the number of text books and papers that 
deal with refrigerated installations in general. 

Obviously it would be impossible for a paper of this nature 
to deal completely with the above subject, neither is it possible 
in the light of recent progress to be specific about practices 
now employed by the industry. In view of this it is proposed 
to present the basic fundamentals of the problems encoun- 
tered, as seen from Head Office, and so permit our outport 
colleagues to have a better understanding of the various 
arrangements encountered. 


(Al) Carrying Temperature 


The required carrying temperature of refrigerated produce 
is not the concern of the Society. However, in order to present 
a balanced view of the requirements of a refrigerated installa- 
tion the following notes and Fig. | concerning carrying tem- 
peratures are included. 

Broadly speaking refrigerated produce can be divided into 
two main groups which consists of : — 


(1) Dead products such as meat, fish and dairy produce. 
(2) Produce that is alive such as fruit and vegetable items. 


With dead products the object of refrigeration is primarily 
to prevent or reduce the development of micro-organisms and 
this is achieved in practice by reducing the carrying tempera- 
ture to below —8°C (18°F) the point at which micro-organism 


development is generally considered to have ceased. Above 
this temperature the bacteriological activity tends to increase 
and it is for this reason that chilled meat products have such 
a limited storage life even when subject to stringent carrying 
conditions. However, quite apart from bacteriological action, 
dead produce can decay due to the activity of the “Enzymes” 
contained in the cells of the body. To prevent this action the 
temperature of the produce requires to be reduced to approxi- 
mately —30°C (—16°F). 

With fruit and similar products the action of lowering the 


Living produce 


Therefore ventilation (air refreshing ) required 


Tropical & sub tropical 


Origin 


Lemons 55 - 58 F 
Bannanas 52 - 58°F 


temperature slows the metabolism of the produce and so 
retards the ripening process. In general, produce grown in 
temperate climates is carried at temperatures close to the 
freezing point of the juices. Whereas with tropical produce the 
optimum carrying temperatures are much higher, e.g. 11°-1S5°C 
(52°-S8°F) for bananas and these values are largely deter- 
mined by established practice. Should the carrying tempera- 
tures be allowed to drop below optimum values the produce 
can suffer damage—which usually shows as some form of 
freezer burn. 


Dead produce 


fe | - 


Temperate 
“Origin — 


50°F 410°C Potatoes , mangoes 50° F 3 
Cucumbers , limes 45 - 50 F 
melons 45-50°F 
Papayas 45 F 
Grapefruit 32 - 50°F 
AO°F 45°C Watermelons 36 - 40 F 
Melons cantaloupe 32 - 40° F 
Oranges 32 - 34° F Tomatoes , cabbages , carrots 32° F | Cheese 35 - 40° F Chilled meats 32-34°F 
o°c Blackberries , cherries 31 - 32° fe Butter 32-36 F 
30° F Strawberries , raspberries 31 - 32 F| Eggs 32°F 
Apples 30 - 32° F 
Bacterialogical Pears 29-31°F 
growth 
eliminated pa 
-5°C 
5 20° F 
18° F 
-10°C 
-15°C 
-20°C Lamb Frozen fruit 
Beef 6 
Fish Frozen 
Pork vegetables 
-25°C | 
Ice cream “15°F. 
Butter -10 to -20 F 
Poultry -20 F 
Fic. | 


Cargo Types with Associated Carrying Temperatures. 


(A2) Taint 

Certain odours have the ability to produce changes in the 
taste of some foods and if such a combination of odour and 
foods exists in a confined space the food becomes contamin- 
ated. This contamination generally being called “taint”. No 
methods exist to quantitatively measure the amount of smell 
or degree of taste and, therefore, no limits can be given 
regarding taint. 

A refrigerated chamber can be contaminated with odours 
from external or internal sources and to reduce the possibility 
of contamination from external sources : — 


1. Each independent cargo chamber should be of steel air- 
tight construction (including divisional bulkheads to other 
refrigerated chambers). Although, in the case of con- 
tainers, materials other than steel may be used. All 
chambers being tested for tightness by either a hose test 
before insulating the surfaces or a gas or smoke pressure 
test after insulating the chamber. 

2. The hatches, plugs, access doors, bilge limbers, etc., 
fitted in the insulated surfaces of both the chamber and 
its associated air cooler space must be air- and vapour- 
tight with efficient airtight joints. 

3. All piping, ducting, ventilators, thermometer pipes and 
leads, etc., which pierce the surrounding steel work of an 
insulated chamber must be efficiently sealed. 


4. Ventilators, ducting or pipes which pass completely 
through the chamber are made completely airtight. 


an 


All chamber and cooler tray drains require to be fitted 
with liquid sealed traps isolating the chamber from the 
bilge or any other independent chamber if joined to a 
common main drain line. 

6. All the air refreshing ventilators must be fitted with air- 
tight closing appliances and situated so as to prevent foul 
air being introduced into the chamber as detailed in 
Section A6. 


Even when all the foregoing requirements have been carried 
out, it is not considered good practice to carry cargoes which 
cause severe taint in one another in adjacent chambers in the 
same hold. Similarly, when cargoes which produce moderate 
taint in one another are stowed in adjacent chambers stringent 
safety precautions must be observed such as sealing doors, 
hatches, etc., with glued paper. General guidance on the com- 
patibility of cargoes being given by Appendix I. 

Further, the rules require the surfaces of oil tank tops and 
bulkheads to be provided with cofferdams or suitable coatings 
to prevent any oil leakage penetrating the insulation. 

Contamination from internal sources can be caused by the 
materials of construction, and under this heading the follow- 
ing items should be considered highly suspect and tested if 
doubt exists (see Appendix II regarding taint tests) : — 

(a) G.R.P. surfaces. The resins used in the formation of this 
plastic usually contains styrene which can cause contami- 
nation in foodstuffs carried in close proximity. The 
characteristic odours given off by styrene are primarily 
apparent during and immediately after construction and 
tend to diminish with time, they can, however, be reintro- 
duced by scratching or abrading the surface of the G.R.P. 
and also by temperature change. 

(b) Sealants. The materials used for sealing the joints of the 
internal linings are often of a petroleum or other spirit 
base and may be the source of contaminating odour. 


(c) Paints and varnishes. Contamination can originate from 
these sources when they have been newly applied. Special 
paints and varnishes for refrigerated chambers that are 
both non-odorous and suitable for low temperature are 
available and should be used to prevent contamination. 


(d) /nsulating material. Although the material should have 
been approved by Head Office prior to use the Surveyors 
should ensure the material on site is free from odour. 


(e) Tank top and deck coatings. This section refers to both 
the coatings applied to oil tank top and bulkheads in way 
of refrigerated chambers and to any mastic coatings used 
over the tank top insulation. 


The absence of injurious odours in a space should be 
ascertained at the Loading Port Survey. However, as the sense 
of smell is often impaired at low temperatures and the pos- 
sibility of an odour not being so pronounced should be taken 
into account during the survey. 

Taint may also be present in a chamber in service due to 
residual odours from a previously carried cargo and this is 
attributable to inefficient cleaning, dirty dunnage or gratings, 
or sometimes broached cargo being placed in cooler spaces, 
behind air screens, over trunks, etc. Elimination of these causes 
can only be accomplished by direct examination during the 
Loading Port Survey. 

The final elimination of residual smells is often carried out 
by use of an “Ozone” generator which produces the allotropic 
form of oxygen (O,) by means of an ultra violet lamp or 
silent discharge tube. Oxygen in the form O, having the 
property to combine with and oxidize the volatile substances 
causing taint. The concentration of ozone produced should be 
limited to 12 milligrams of ozone per 28,0 m.* (1,000 ft.*) 
except for fruit cargoes where the concentration should be 6 
milligrams 28,0 m.* (1,000 ft.*) the only exception to this being 
citrus fruits which are subjected to the 12 milligrams concen- 
tration, 


(A3) Micro-organisms 


Dirty conditions in the refrigerated chambers on board ship 
can reduce the safe storage period of any cargo carried by 
increasing the amount of micro-organism activity. This condi- 
tion can and should be eliminated by inspection of the cham- 
bers prior to loading during the Loading Port Survey. 

To clean a chamber efficiently it is necessary to initially 
sweep the floors when dry, and then, if necessary, by wet 
cleaning where the floors, gratings and vertical surfaces are 
sprayed with a weak solution of disinfectant such as a 0:2 per 
cent solution of sodium-ortho-phenyl-phenate or a weak soap 
or detergent and water solution. The surplus water left from 
such cleaning is then brushed to the scuppers, the fans are 
then run to completely dry out the chambers (if chambers are 
left damp, it would increase the activity of the micro- 
organisms). 

Further, when chilled beef is carried it is customary to 
fumigate the spaces and this is carried out by formaldehyde 
gas which can be produced by dissolving 0,5 kg. (1 1b.) of 
potassium permanganate crystals in a solution consisting of 
0,60 litre (1 pint) of commercial formalin and 0,30 litre 
pint) of water for each 28,0 m.* (1,000 ft.*) of space (the 
crystals being wrapped in newspaper to delay the commence- 
ment of the reaction and thus enable the operator to leave the 
space). Alternatively, the modern method is to vaporize 
formaldheyde tablets on specially designed electric heaters 


some 60 grams (2 0z.) of tablets per 28,0 m.* (1,000 ft.*) of 
space being required. 

The micro-organisms present exist as spores which are 
invisible to the naked eye, but which at normal temperatures 
settle on and consume food, by which process the food is 
made unfit for human consumption. 

The micro-organisms exist in three main groups as bacteria, 
yeast and moulds which flourish under different conditions : — 


1. Bacteria which have optimum growth conditions at 37°C 
(98°F) and produce toxins poisonous to human life and 
also smells associated with putrefaction. 

2. Micro-organisms with optimum growth conditions at 
21°C (70°F) and are still capable of growth at and below 
0°C (32°F). This group consisting of yeasts, moulds and 
bacteria which produce a form of slime on chilled meat. 
Yeast causing fermentation of any sugar present. 

3. Yeast and moulds which remain active down to about 
sf G1(20°R): 

There is no evidence of bacteriological development below 
—8°C (18°F) and produce carried below this temperature is 
termed “Frozen Cargo”. 

Numerous disinfectants and antibiotics exist which can kill 
these bacteria, however, sulphur dioxide is the only one gener- 
ally permitted by health authorities. 


(A4) Loading Conditions 
1. Produce. The condition of the produce at the time of 
loading can significantly affect the storage life. 


Meat Cargoes 


With meat, contamination can be caused by dirty conditions 
in the slaughter-house and handling rooms causing an increase 
in micro-organisms on the surface of the meat. This con- 
tamination is more severe with chilled meat and the effect 
will be further increased if the temperature of the meat is 
allowed to rise after the initial cooling, as condensation causes 
the stockinette wrapping and meat surfaces to become damp 
and so increases the activity of any micro-organisms present. 


Fruit Cargoes 


Normal practice is to cool down fruit on board ship after 
loading and the temperature at which the fruit is presented 
for shipment is important and is checked by use of a spear 
thermometer (remove speared fruit). The storage life of the 
fruit is also severely curtailed if allowed to remain above its 
optimum carrying temperature in the later stage of develop- 
ment as the speed of the ripening process is significantly 
increased. 

Further, as the fruit ripens the amount of heat generated 
increases, and thus an additional load is imposed on the 
refrigeration machinery. It is, therefore, apparent that for 
satisfactory carriage the fruit must not be over ripe and its 
temperature must be reduced to the optimum level without 
delay. 


(A5) Stowage 

The way a cargo is stowed is determined primarily by 
whether it generates heat and/or gases which require to be 
removed. 

Frozen meat cargoes normally generate neither heat nor 
gas and, therefore, the cargo need only be stowed in such a 
manner as to ensure air circulation over all interior sur- 


faces so as to remove any heat entering the chamber. This 
being ensured by the provision of battens on vertical surfaces 
and dunnage or gratings on the decks. If the cargo comes into 
contact with the warm surface, it prevents the circulating air 
removing the heat passing through the insulation, this heat 
then enters the cargo and increases the activity of the micro 
organisms. Battens are not required on air screen bulkheads 
by the rules, they are, however, desirable in way of inlet 
apertures to ensure satisfactory air circulation. 

Fruit generates both gas (CO.) and heat and, therefore, air 
passages to provide ventilation have to be introduced through 
the cargo in order to prevent the formation of hot spots and 
remove any CO.. The number and size of these passages is 
dependent on the heat of respiration of the fruit and its load- 
ing temperature and are determined by previous experience 
being usually arranged by introducing battens both under and 
between the layers of the cargo to produce passages in line 
with the air circulation path. 


(A6) Ventilation 


It is necessary with fruit cargoes to maintain the carbon 
dioxide (CO.) content of the air in the chamber to below 
2 per cent by volume which for bananas requires some 2-3 
complete fresh air changes per day. This ventilation is carried 
out by means of the air refreshing vents. The air inlet points 
are normally situated adjacent to the air circulation fan 
suction, the outlet points being from the fan discharge, both 
vent points being in positions accessible when the chambers 
are loaded with cargo. 

Separate air ventilators should be provided for each cham- 
ber, and their positions on deck should be carefully situated, 
especially when reversible fans are used to prevent contamina- 
ting air being drawn in from other chambers, oil tanks, etc. 
Further, the ventilators should be insulated outside the cham- 
ber and fitted with airtight closing flaps so as to reduce the 
heat load on the installation. 


(A7) Air Circulation 


The majority of modern refrigerated installations are cooled 
by the battery system in which air is circulated through the 
coolers and around the chambers by fans. The efficiency of 
this method is partially dependent on having the air circulated 
in sufficient quantities so that no dead spots occur in the 
chambers. 

The rate of air circulation should be based on the gross 
volume of the chamber when empty, and may be as high as 
80 air changes per hour for bananas, 60 air changes per hour 
for other fruit, 40 air changes per hour for frozen meat and 
15 to 30 air changes per hour with chilled meats. 

It will be appreciated that the difference between the air 
temperatures before and after the cooler is dependent on the 
rate of air change and in good practice this difference should 
not exceed 1°5°C (3°F) with steady carrying conditions of 
frozen produce. 

With high rates of air circulation it is possible to incur air 
pressure loading of the ducting sides and this is normally in 
the order of some 60 mm. (2-3 in.) water gauge with an 
associated air velocity of 5 m./sec. (16 ft./sec.) for maximum 
conditions. As the fan power required produces an additional 
heat load on the refrigerating machinery it is desirable to 
keep such power requirements to a minimum. 

On completion of the installation, the Surveyors should 
ensure that the contractors carry out air distribution tests 


(preferably with a vane anemometer) in each chamber and 
action should be taken to eliminate any dead spots found in 
the air circulation. Areas of poor air circulation can easily 
exist in insulated hatch trunks and adjacent to deep frames 
and beams and it is normal to provide extra supply and return 
ducting in these areas. 

The testing should be carried out by a competent contractor 
and should show both fan speed and power consumption 
together with air velocity and pressure in the ducting, the 
ducting velocities being the mean values of a number of 
readings taken over the duct cross-section and should be 
included on the First Entry Report. 


Section B 


REFRIGERANTS 
(B1) Primary Refrigerants 


While a large number of refrigerants are available, the only 
ones used in present classed installations are given in Table 1. 
In general most modern refrigerants are derived from halo- 
genated hydrocarbons and possess formidable chemical names 
and to simplify this an international numerical code is used 
which takes the form: — 

(1) “R” followed by a two digit number for refrigerants 
based on methane (CH,) such as R12 and R22 (the first 
digit being the number of hydrogen atoms +1 and the 
second digit being the number of fluorine atoms). 


(2) “R” followed by a three digit number where the first digit 
is always: — 

(a) “1” for refrigerants based on ethane (C,H,) (the second 
and third digits being for hydrogen and fluorine atoms as 
above). 

(b) “5” for refrigerants that are azeotropic (constant boiling 
point) mixtures of other refrigerants, such as R502. 

(c) “7” where the refrigerant is an inorganic compound and 


this group includes the classical refrigerants ammonia 
and carbon dioxide. 

With the exception of ammonia all the refrigerants used in 
classed installations are non-toxic and non-flammable. Since 
ammonia is both toxic and flammable the rules require the 
plant to be separated from the main machinery and accom- 
modation spaces. 

Similarly, consideration must be given when large plants 
using non-toxic refrigerants are installed in main machinery 
spaces and based on the practical limits of concentration given 
in BS 4434: 1969, the minimum required volume (ft.*) is 
2600 Liquid Receiver Volume (ft.*) for R12 and 3200 x 
Liquid Receiver Volume for R22, assuming the liquid receiver 
can contain the entire refrigerant charge. 


(B2) Design Pressures 

The design pressures for each refrigerant varies in relation 
to the maximum operational temperature experienced. With 
marine (water cooled) installations the minimum acceptable 
design pressure is based on the saturated vapour pressure at 
46°C (115°F) a condition that can exist when the plant is 
standing idle. Similarly, the design pressure for cold stores is 
based on the maximum ambient temperature plus 5°C (10°F) 
if water cooled. 

With air cooled installations the minimum design pressure 
must be based on the condensing temperature when operating 


nN 


at maximum ambient conditions which for refrigerated con- 
tainers is the ambient temperature plus 9°C (16°F). 


(B3) Method of Leak Detection 


The method of locating leaks in a refrigerant system varies 
with the refrigerant and in present practice these methods 
are: 


Halogenated Refrigerants 


1. Electronic detectors: These instruments are suitable for 
all halogenated refrigerants (except R14) and their use is 
normally confined to production work and possess a sensitivity 
in the order of 1 x 10-® ce./sec. although carbon monoxide 
and alcohol can cause interference. 


2. Halide lamp: This is also suitable for all halogenated 
refrigerants and the presence of a leak causes the flame to 
turn bluish-green. This method is not as sensitive as the elec- 
tronic detectors, but is the method most commonly employed. 


All Refrigerants 


3. Soap bubble method: This well known method is quite 
adequate for normal leaks in any system. It is convenient and 
can be used in explosive atmospheres. Some limitation may 
be found in locating small ammonia leaks with this method. 


4. Ultrasonic leak detectors: These instruments operate on 
the ultrasonic notes emitted by the leaking gas and are stated 
to be able to trace leakage of any gas through a hole 0,05 
mm. (°002 in.) diameter at 14 m. (45 ft.). 


5. A further test is to immerse the article completely under 
a liquid while it is subjected to a pneumatic pressure and this 
is the standard method required by the Rules at makers’ 
works. 


Ammonia 


6. Sulphur candle, or aerosol cans of sulphur dioxide: The 
presence of ammonia is denoted by a white cloud of ammo- 
nium sulphate at the leakage point. 


7. Hydrochloric acid acts similarly to the sulphur candle, a 
white cloud of ammonia chloride being produced. 


8. Litmus or other indicating paper: Ammonia produces a 
change in colour on dampened paper at the leakage point. 

The efficiency of the leak test methods Nos. 1, 2, 6, 7 and 
8 may be reduced if the atmosphere is already polluted by 
major refrigerant leakage and in such cases the initial tests 
should be by the soap bubble method. 


(B4) Effects of Refrigerant Contamination 
Oil 

The presence of oil in the refrigerant system reduces the 
heat transfer rate of the various heat exchangers, the effect 
being more pronounced at low temperatures. 

To eliminate oil carry-over the rules require an oil separator 
to be fitted in each compressor discharge line. In addition, 
where ammonia is the refrigerant, drains should be fitted at 
the bottom of each refrigerant vessel to retrieve any oil that 
accumulates due to ammonia and oil not being miscible. 


Water 

If the amount of moisture contained in a refrigerant exceeds 
the amounts shown in the refrigerant table, then it will exist 
as free water and cause ice deposits in the low temperature 


TABLE 1 


Miscibility - 
ao ee Water ~ Safety Group Leak pera th +. 2 : Les ee 
Refrigerant Solubility Bes! ue BSS 4434 Test Chemical Action with Normal Materials 
Dichlorodifluoromethane Attacks lead, tin, zinc, and magnesium 
; and their alloys. Effects on soldering and 
Freon 12 Nil Yes Group 1 2, 3: brazing alloys should be considered. 
Arcton 6 &5 Attacks natural rubber, some elastomers, 
Non-flammable Polystyrene and P.T.F.E. Care required 
R12 Non-toxic with aluminium (purity) and_ plastics. 
Decomposes to form toxic products in 
(CvCk (Fo) (2 ppm) presence of fire or intense heat. 
Monochlorodifluoro- 
methane 
Freon 22 Moderate Varies with Group | pe 
Arcton 8 Temperature 4&5 
| Non-flammable As above but more severe on plastics. 
R22 Non-toxic 
(CCHCL, F,) (300 ppm) | 
Ammonia | 
| Group 2 35-455. Attacks copper, zinc and their alloys. 
R717 Good No Flammable 6,.7&8 Attacks natural rubber, elastomers and 
Explosive & polyurethane. 
(NH,) Toxic 
Carbon Dioxide 
| 
R744 Good | Yes Group 1 3.4&5 
Attacks rubbers and neoprenes. 
(CO,) Non-flammable 
Non-toxic 
(Critical Temperature: 31°C (87-8°F)) 
| 
R502 Moderate Similar to Group 1 
R22 
R22 49%+ Non-flammable 1, 2, 3, Less severe on elastomers than R22. 
Non-toxic Weal 2.3) 
RIIS 51% | (560 ppm) 


areas of the systems. It should also be remembered that the 
ability of a gas to absorb moisture is reduced as its tempera- 
ture is lowered which amplifies this effect. A further effect of 
moisture in a system is to form corrosive compounds which 
may cause: — 
1. Copper plating and staining of valve plates, etc. 
2. Premature fatigue failure of compressor valve springs and 
reed valves. 
3. A breakdown in the electrical insulation of hermetic com- 
pressors. 


In practice minor amounts of water are eliminated from the 
system by driers consisting of cartridges of dessicating agent 
installed in the liquid line before the expansion valve. 

Alternatively, freeze-ups in moderately low temperature 
systems can be reduced by the addition of an anti-freeze 
agent: methyl alcohol being the agent generally used in 
amounts of up to 6,5 cc./kg. (3 cc./Ib.) of refrigerant. 

During manufacture the moisture content of package unit 
refrigerant circuits is reduced to 15 ppm for R12 and 25 ppm 
for R22 in order to prevent freezing-up occurring. For similar 
reasons air in systems is evacuated by a vacuum pump follow- 


ing installation or major repair to an absolute pressure of 
some 2 mm. mercury for temperatures above 2°C (35°F) and 
1 mm. for lower temperatures. 


Air and other Non-Condensable Gases 


The presence of air and non-condensable gases in the 
primary refrigerant circuit is also detrimental to the efficient 
operation of a refrigerant plant as these gases collect in the 
condenser and so increase the condensing pressure. 

If air or other non-condensable gases are present in the 
circuit a large temperature difference will be found between 
the condenser circulating water inlet temperature and the 
condensing temperature (which should not exceed some 
6°5°C-7°25°C (12°F-15°F). 

To purge the system of non-condensable gases, it is cus- 
tomary to close the liquid receiver discharge and pump the 
refrigerant gas into both condenser and liquid receiver until 
the compressor suction pressure is at or slightly above atmos- 
pheric pressure. With the condenser circulating water in 
operation, the condenser is isolated at its gas inlet, after some 
time, the temperatures of the condenser circulating water inlet 
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Diagrammatic Brine Circulation System. 
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and outlet and the temperature shown by the condenser refri- 
gerant gauge should be equal. If, however, the refrigerant 
gauge temperature does not correspond then non-condensable 
gases are present and the system should be purged at the 
condenser purge point until almost no temperature difference 
exists. To ensure large amounts of refrigerant are not dis- 
charged, the purge gas should be tested with a halide lamp or 
other similar test methods as indicated in the table although 
minor indications of refrigerant are always present. If large 
amounts of non-condensable gases are present, it may be 
necessary to repeat the purge procedure a number of times. 


(B5) Secondary Refrigerants (see Fig. 2) 

The use of a secondary refrigerant reduces the amount of 
expensive primary refrigerant and associated high pressure 
piping in an installation, and also can improve compressor 
suction conditions by eliminating the need for high refrigerant 
velocities to provide oil return in the suction lines of multi- 
level installations. A further advantage of any secondary 
refrigerant system is that, due to the amount of heat con- 
tained in the fluid, the problems of precise temperature control 
are reduced. 

Also, it is possible to produce brine circuits with inter- 
mediate temperatures by injecting from cold circuits. The 
amount of secondary refrigerant circulated in present systems 
is such that a difference of some 1°—1:5°C (2°F-3°F) exists 
between the inlet and outlet temperatures to the coolers. 

A general layout showing a brine secondary refrigerant 
system is shown in Fig. 2 and it should be noted that all liquid 
secondary refrigerant systems require to be provided with an 
expansion tank situated a minimum of 6 ft. above the highest 


point of the system and connected to the circulating pump 
suction line by an expansion line; any isolating valves fitted 
in this line being locked in the open position. 

The secondary refrigerants in general use today are as 
follows : — 


1. Brine which is a mixture of calcium chloride (Ca Cl.) 
and water with a specific gravity associated to the tempera- 
ture given in Table 2 below: — 

To prevent corrosion of grids and pipe work, the brine is 
normally maintained at a Ph 8-8°5 by the use of caustic soda 
or hydrochloric acid respectively, alternatively additions of 3 
per cent calcium bichromate may be used. Brine is normally 
used for temperatures down to —34°C (—30°F) below which 
pumping losses are increased by increasing viscosity (max. 
viscosity 18-25 centipoises). 


2. Trichloroethylene is used for temperatures down to 
—73°C (—100°F) and is well known as a degreasing agent. 
The gas, which is both toxic and heavier than air, has a maxi- 
mum permissible concentration in air of 200 ppm. Therefore, 
any associated machinery and drains should be isolated from 
both main machinery and accommodation spaces and adequate 
ventilation in the form of extraction fans with suction points 
located at the lowest point of the space should be provided 
and the efficiency of these arrangements should be verified at 
subsequent surveys. Trichloroethylene acis as solvent to most 
synthetic rubbers and jointing compounds, it is, however, non- 
flammable and the gas is non-explosive. The liquid is both 
heavier than, and immiscible with water, therefore any water 
in the system will freeze if subjected to temperatures below 
O°C (32°B). 


TABLE 2 
Specific Gravity at 15°C (60°F) 1-24 1-25 1-26 1-265 1-275 1-28 
Operating Temperature (°€) —21 -23 —26 -29 -32 ~34 
(°F) (—5) (-10) (-15) -20 -25 ~30 
Freezing Temperature GG) —30 -32 -35 -37 -41 -43 
(°F) 22 -26 31 -34 -41 ~45 
Specific Heat Keal./ Kg. 685 678 “671 667 “661 658 
BTU /Ib. -785 ‘716 769 763 757 754 


Section C 


REFRIGERATION PLANT AND MACHINERY 


With modern installations the compressors, fans and pumps, 
etc., are invariably driven by electric motors. There remain, 
however, a few installations where the compressors are driven 
by steam or diesel engines which require to be examined at 
each special survey, in accordance with normal machinery 
requirements. Some installations are found on ships classed 
with other Societies and in such cases the Surveyors should 
examine the generating plant under working conditions—the 
design approval and routine survey of this generating plant is, 
however, the responsibility of the Classification Society con- 
cerned. 

In ships with classed refrigerated installations there must be 
an adequate boiler or generator power plus stand-by capacity 
to supply the refrigeration machinery at all times and this 


requirement must be considered should there be generator 

failure on a refrigerated ship when loaded. 

Of the various methods available that produce a refrigera- 
ting effect the only method used in classed installations is the 
vapour compression system which has a cycle of operations 
being as shown in Fig. 3 which illustrates: — 

(1) A compression phase ((A) to (B)) in which the refrigerant 
pressure is raised to the relevant condensing pressure. 

(2) A cooling phase ((C) to (D)) in which both sensible heat 
(as superheat) and latent heat are removed and the refri- 
gerant condenses into the liquid form (which is slightly 
subcooled before leaving the condenser). 

(3) An optional liquid subcooling phase ((E) to (F)) in which 
the temperature of the liquid refrigerant is reduced (see 
Section C.37) and its refrigerating effect is further 
increased. 
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(4) A metering phase ((G) to (H)) in which the liquid refri- 
gerant is passed through an orifice which gives a reduc- 
tion in pressure as determined by compressor suction 
conditions. 

(5) A heat extraction phase ((I) to (J)) where the liquid refri- 
gerant due to the reduction in pressure now assumes a 
lower (saturated) temperature than that existing in the 
refrigerated chamber and the resulting heat flow provides 
latent heat to the liquid refrigerant which evaporates (and 
becomes slightly superheated). 

(6) The refrigerant gas now returns to the compressor ((J) to 
(A)) with a further small increase in superheat due both 
to heat leakage and pressure drop in the line. 

Perhaps the main component of the vapour compression 
system is the compressor which with classed installations is 
generally of the reciprocating type. However, in some recent 
installations rotary displacement screw compressors have been 
used and there is no doubt that more compressors of this type 
will be introduced. A few rotary vane compressors may be 
found especially with two-stage compression systems but con- 
sideration of this compressor type or of steam jet installations 
is not justified in this paper. 


(Cl) Reciprocating Compressors (see Figs. 4 and 5) 


The type of compressor that Surveyors are called upon to 
survey varies from the slow variable-speed (400 r.p.m.) single- 
cylinder double-acting CO, compressors to the modern high 
single-speed (1750 r.p.m.) multi-cylinder compressors operating 
with the various halocarbon refrigerants. 


With modern miulti-cylinder compressors the cylinders are 
arranged in a Vee or W formation, all cylinders in each bank 
being operated off the same crankpin. This, due to the reduc- 
tion in bearing area available, encourages manufacturers to 
provide minimum fillet radii and this point together with the 
finish of any oil holes should be noted during manufacture. 
All compressor crankshafts must be made to approved draw- 
ings and the material of construction whether it be steel or 
cast iron should comply with Q6 or Q8 of the rules respec- 
tively. While at present there are no requirements for crank 
shaft material to be impact tested when subjected to low 
temperatures, this provision could be introduced if the ten- 
dency towards lower carrying temperatures is maintained. 

In the case of small compressors (clip-on or integral units 
for containers, primarily) the cranks are often in the form of 
eccentric sheaves, and it should be noted that the position of 
crankpin bearings on the crankshaft is dependent on the 
gudgeon pin axial clearance which should be restricted with 
crankshafts of this design. 

Hydraulic and pneumatic pressure tests are required to be 
carried out on compressor castings, different test pressures 
being used for cylinders and crankcases (except for small R12 
compressors with cylinder bores below 115 mm. (4°5 in.) 
where the crankcase and cylinder castings are integral). The 
pressures required by paragraph N346 may, however, be 
modified when the compressors are for container or cold store 
Operation requiring different design conditions. With com- 
pressors of welded construction, workmanship should generally 
comply with the requirements of Chapter J with stress reliev- 
ing being carried out before any machining operations. 
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Reciprocating Compressor Section. 
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Reciprocating Compressor End View. 
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The rules require reciprocating compressors to be completely 
opened up for survey every four years with an intermediate 
survey every two years or 5000 hours. The requirements of 
the intermediate survey being best fulfilled by visual examina- 
tion of the compressor with the cylinder covers and crankcase 
doors removed (provided no further defects are anticipated). 

With modern compressors the manufacturers recommend 
cylinder liner renewal when maximum piston clearances are in 
the order of 0°0025 in./inch diameter for cast iron pistons 
(without piston rings) and 0:005 in./inch for aluminium 
pistons (with piston rings). Piston rings are renewed at every 
major overhaul the butt gaps being made some 0-015 in./inch 
of cylinder bore for plain rings and 0-012 in./inch for scraper 
rings (which should be arranged to scrape oil to the crank- 
case). 

The crankshaft and connecting rod bearings are normally 
provided by steel backed babbit metal shell bearings with 
clearances in the order of 0:001 in./inch of journal diameter 
renewal being carried out when this approaches 0°002 in./inch. 

When determining the condition of compressors it should 
always be remembered that the effects of wear on compressor 
capacity are more pronounced with machines that operate 
with small clearance volumes which in practice generally 
refers to high speed types. 

The suction and discharge valves may be provided by either 
spring-loaded valve plates or reed valves (end clamped or free 
floating type) depending on compressor size, both patterns 
require periodic renewal with maker’s spares, and in addition 
the valve seat may require to be lapped using suitable jigs. To 
prevent compressor damage should liquid slugs enter the com- 
pressor most discharge valve assemblies are spring loaded. 
however, in some designs the valve retaining arms are designed 
to fracture and provide relief and this detail should be noted 
during the survey. 


Some indication of the efficiency of a compressor can be 
gained by running the compressor and observing the terminal 
suction pressure obtained as the suction valve is closed. With 
normal discharge pressures the gauge reading should approach 
500 mm. (20 in.) Hg vacuum or higher for compressors in 
good order whereas if the reading is below 250 mm. (10 in.) 
Hg the compressor condition is doubtful. Care should be 
taken with this test since a sudden reduction in crankcase 
pressure can cause any refrigerant absorbed in the lubricating 
oil to froth with subsequent oil carry-over and compressor 
damage. The test should, therefore, be carried out by slowly 
closing the suction valve while the compressor is running. A 
further indication is also given by the rate at which the 
suction and discharge pressures equalise on stopping the com- 
pressor. In interpreting the results obtained, due consideration 
should be given to the effects of leaking stop valves. This test 
also enables the relief valve required by the rules for com- 
pressors driven by motors above 10 kW power to be tested 
for tightness. 

With older compressors capacity control was achieved by 
varying the compressor speed. The introduction of A.C. 
induction motors meant control had to be carried out by 
using a stop-start method or by eliminating the operation of 
various cylinders by preventing the suction valve from seating. 
The operation of such devices often being actuated by lubri- 
cating oil pressure which ensures that the compressor starts 
up in the unloaded condition. The efficiency of the unloading 
gear is, however, uncertain as the cylinder output may not be 
completely eliminated or conversely leakage may occur 
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through the discharge valves and it is for this reason that 
cylinder unloading gear should not be used during the balance 
test to control compressor capacity and should preferably be 
disconnected during the test. 

The compressor operation is generally monitored with 
regard to both high and low refrigerant pressure and lubri- 
cating oil pressure where pressurized lubricating system is 
used and it is good practice to verify the operation of these 
safety devices. 

A common source of leakage in large compressors is the 
crankshaft seal, which normally consists of a spring-loaded 
self-lubricated hard carbon ring bearing on to a steel collar, 
the seal to the crankshaft or crankcase housing being provided 
by synthetic rubber gaskets. This source of leakage is elimi- 
nated in small machines by making the compressors hermetic 
units in which the compressor and its electric drive motor are 
entirely housed in a steel pressure vessel. A further develop- 
ment found in classed installations being the semi-hermetic 
compressor in which access is provided to the compressor 
cylinder head assembly. 

An attendant danger with hermetic or semi-hermetic com- 
pressors is that of the electric motor developing a fault and 
burning out and so contaminating the refrigerant system. 
This danger is minimised by fitting a suitable tempera- 
ture cut-out to the electric motor, preferably with the sensor 
embedded in the motor windings. When a burn-out occurs, 
the method of cleaning the system is dependent on the degree 
of contamination, with a mild burn-out all that may be neces- 
sary is to renew the compressor and the liquid line filter / drier 
cartridge with subsequent evacuating and recharging. With 
severe burn-outs the compressor, expansion valve, and liquid 
line filter are renewed, an extra large suction line filter is 
installed in the suction line immediately before the compres- 
sor, and provision is made to obtain samples of the com- 
pressor lubricating oil. The system is then commissioned, the 
suction line filters being renewed until no pick-up is evident, 
after some 24 hours operation an oil sample is tested for 
acidity and, if clear (less than -O5 acid number), cleaning is 
acceptable. The system should, however, be rechecked after 
some two weeks to ensure freedom from air and non- 
condensable gases. 


(C2) Rotary Screw Displacement Compressors 


The machine consists of two rotors with male and female 
helical lobes that rotate inside a casing. The male rotor lobes 
meshing with the female lobes with a profile clearance of some 
0,08 mm. (003 in.) which almost provides a line contact this 
contact point moving in an axial direction when the rotors 
are rotated. The lobe clearance together with a similar rotor/ 
casing clearance are sealed by injecting oil at the point of 
rotor mesh. 

With current designs the male rotor which rotates at some 
3000 r.p.m. has four lobes and since it absorbs some 75 per 
cent of the power is the driven member. The female rotor has 
six lobes and is driven at two-thirds the male rotor speed by 
the lobe oil film. Suction and discharge openings to the lobe 
spaces are arranged by profiling each end of the rotor casing, 
leakage through unmeshed lobes being prevented by the end 
plate clearances. Compressor capacity control is obtained by 
a hydraulically operated by-pass valve returning high pressure 
gas to the compressor suction and this control should be set 
and fixed at 100 per cent capacity during all balance tests. 


Further, while compressor output can be varied by speed 
variation the relationship is not linear and hence output can 
not be corrected by direct proportion. 

Current development work in rotary screw displacement 
compressor design is to produce an oil free compressor as 
illustrated in Fig. 6. The principle of operation being identical 
to the oil injected compressor except that timing gears are 
used to maintain lobe separation and the male rotor speed is 
increased to some 10,000 r.p.m. to reduce leakage effects. 

Due to the close tolerances required in the assembly of 
screw compressors, it is to be preferred that major overhaul 
and survey of these compressors is carried out at the makers’ 
workshops after 25,000 running hours, provided the rotor lobe 
(backlash) and end clearances are verified by the Surveyors 
in accordance with the makers’ instructions at two-yearly inter- 
vals and the compressor is examined and found satisfactory 
under working conditions. The spare gear required for rotary 
compressors should be in accordance with the makers’ 
approved specification. 

The hydraulic test pressures applied to the casings of rotary 
compressors are 1°5 and 2 times the approved working pres- 
sure for casings constructed of steel and cast materials 
respectively. 


(C3) Pressure Vessels 


From the compressor the refrigerant is discharged into a 
series of pressure vessels as shown by the simple refrigerant 
circuit used with refrigerants R12 and R22 shown in Fig. 7 


which also indicates survey requirements during design, con 
struction and routine survey for the various components. 

The design of all refrigerant pressure vessels in the refri 
gerant circuit should be in accordance with Chapter J of the 
rules except where the shell is made from seamless pipe. in 
which case the scantlings are calculated in accordance with 
paragraph N340. This latter rule allows a shell thickness below 
fe in. (S mm.) to be used for the numerous small refrigerant 
pressure vessels found in modern practice. 

No special rule requirements have as yet been made con 
cerning the impact testing of pressure vessel materials as with 
the refrigerants used and minimum temperatures found in 
present installations the refrigerant pressure and hence material 
stress approaches zero. Some consideration is, however, re 
quired for components such as brine coolers, pumps and 
associated pipe work that may be stressed at low temperatures. 

The rules require all vessels that can be filled with liquid 
refrigerant to be provided with a safety device and in practice 
this is applied to all vessels that may contain liquid refrigerant 
the only exceptions being liquid drier/ filters. The safety device 
ideally takes the form of a bursting disc in series with and 
before a spring-loaded valve with the discharge being led to a 
safe place either above deck or as required by a National 
Authority. 

This arrangement is often modified so that all discharges are 
led into a common main, controlled by a single bursting disc 
spring-loaded valve assembly—which is acceptable provided 
each pressure vessel in the network is protected by a safety 
device that is not affected by back pressure, such a a spring- 
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Rotary Screw Development Compressor. Exploded View. 
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Minimum rule requirements(see N838) for refrigeration machinery during:- 


DESIGN & MANUFACTURE [INSTALLATION] ___ RUNNING SURVEY SPECTAT SURVEY 


N306 Stand by units N815,829 Examine under working N839 Running survey plus items below 
conditions if possible 
See pressure vessel requirements below | N349 Location of filter(usually internal | As liquid receiver Internal examination and as liquid 
with compressor) receiver 


N202 Submission of plans N314 Machinery location(ammonia) Every two years or 5 000 hours running N830(b) Completely opened up for 
N337 Minimum design pressures and ventilation q EF : full survey 

N320-322 N355 Access to machinery N830, N83la Examine with cylinder N840 Survey prime mover 

N33] N503 Operational (balance)test on covers ond crankase doors N857 Test steam pipes 

N322-336 Crankshaft design completion kemiciies Screw compressors surveyed at 
N352 Relief valves N835 Examine prime mover makers works after 25 000hrs 
G44) Pressure’ fasts Special provision for screw 
N310 Number units required pee MRE 

N315-318 Prime movers 


\ Material requirements 


service 


Pressure vessel design N348 Provided in all systems (As liquid receiver) As liquid receiver 

N202 submission of plans usually at compressor discharge 

N302 Coil in casing heat exchanger 
design 

N338 Construction to requirements 
of J1-6 

N339 & 341 Limitations with ammonia 
as refrigerant 

N340 Vessels constructed from steel 
tube 

N346 Hydraulic and pneumatic 
pressure tests 


N355 Access to machinery N825 External examinations N825 External examination 

N356 Inspection doors N832 Remove water end covers in two N841 Examine safety devices 

N311 Duplication of circulating year cycles with shell and tube N843 Selected removal of insulation 
water supply and double tube type condenser (f fitted) 

N313 Circulating water supply from 
separate inlets 

N354 Safety valve on water side 


At second and subsequent special 
surveys pressure tests as: 

N850 For "Coil in casing" type 

N852 For "Shell and tube" type 


Note :Intercoolers, surge drums 
and other pressure vessels, 
similarly dealt with 


N825 External examination with N843 External examination with 
removal of any damp insulation selected insulation removed 
N841 Examine safety devices 


N350 Fitted with R12, R22 systems only Internal examination(gives indication 
by-pass orrangements required As liquid receiver of system) and as liquid receiver 
N349 Location of filter 


N307 Arrangement of sub cooling units | As liquid receiver As liquid receiver 


Not usually subjected to survey N357 Duplication or by-pass N815,825 General examination under | N815 General examination 
requirements see approved refrigerant working conditions under working condition 
diagram for valve type 


N361 Two sections required N347 Pressure tests after erection Air coolers Air coolers at second and subsequent 
N346 Pressure tests N356 Access to coolers N824 Examination at standing pressure | surveys pressure tests as : 

N363 Cooler area N507 Test defrost systems N823 Brine circulated coolers and N856 Primary refrigerant coolers 
N369 Drip trays and drains grids 

N368 Defrosting system 


Brine system N367 Expansion tank vent pipes Brine evaporators Brine evaporators at second and 
N346 Pressure tests N347 Pressure tests after erection N825 External examination with subsequent surveys pressure tests as: 
N351 Closed system removal of damp insulation N851 "Coil in casing" type 

N360, 361 Two sections required N852 "Shell and tube" type 

N367 Expansion tanks N853 "Inner fin" type 

N354 Relief valves N841 Examine safety devices 


M429 Fan motors N828 General examination and Megger | N828 General examination and 
tests of motor insulation Megger tests of motor insulation 
N312 Brine and SW circulating pumps N370 Access to fans N833/34/35 Examine pump and prime N828 As above 
N502 Air circulation tests mover in two year cycles 


Pipelines N405,413 Refrigerant pipe BHD pieces | N826 General examination with N844 Examination with removal of 
N337 Minimum design pressures N347 Pressure tests after erection removal of damp insulation insulation at selected points 
N344 Design requirements N364 Screwed joints(brine systems) 

N366 External galvanising N365 Welded joints 

N408 Bulkhead pieces N366 Position of joints 


Thermometers N501 Location as approved plan and N827 25% tested for accuracy per N827 Finalize accuracy tests 


N419/23/26 Approved numbers and type test for accuracy annum acceptable 
N425 Accuracy and scale deflection 


N601 N6é04 Spare gear N837 To be checked N837 To be checked 
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Simple Refrigeration Cycle with Corresponding Survey Requirements. 


loaded valve with a pressure compensating diaphragm, other- 
wise the operation of any one safety device renders all other 
safety devices inactive due to the back pressure produced. The 
condition of primary refrigerant safety valves should be deter- 
mined by visual examination only and no attempt should be 
made to test these valves on board ship. 

No provision is made or required for the internal examina- 
tion of the pressure vessels in the circuit and since a halo- 
carbon refrigerant system needs to be free of both water and 
oxygen for efficient operation corrosion is seldom found. Some 
corrosion may be found to have occurred externally under the 
insulation of vessels subjected to lower temperatures, especially 
if the vapour barrier of the insulation has been damaged. 
Should extensive wastage have occurred calibration of the 
remaining plate thickness is best carried out by ultra-sonic 
means. 

The condition of the pressure vessels in the system is ascer- 
tained by carrying out pressure tests on the gas spaces at the 
second and subsequent special surveys. The test pressure for 
conventional shell and tube condensers and evaporators being 
applied by introducing an inert gas (do not use CO. with 
ammonia systems) into the space so as to raise the pressure 
to 100 Ib./in.* for R12 and 200 lb./in.2 for R22 and ammonia, 
all tests being carried out when a minimum of danger is 
presented to personnel should a failure occur. On completion 
of the test the refrigerant space is purged of the inert gas 
before being placed in service. 

With “inner fin” (brine in shell) evaporators, the end covers 
containing the primary refrigerant should be removed and 
the brine space hydraulically tested to 2 « working pressure 
or 3 kg./sq.cm. (40 p.s.i.) whichever is the greater, the end 
covers being pneumatically tested to the above pressures when 
subsequently refitted the condition of the end cover fastenings 
being ascertained prior to this test. 

With pressure components of the “coil in casing” or “tube 
in tube” types primarily found with CO, systems the test is 
carried out by hydraulic means using a suitable oil at a pres- 
sure of 2,000 p.s.i. for condensers and 1,500 p.s.i. for evapora- 
tors (comparable figures being 250 p.s.i. and 200 p.s.i. with 
R12 and 1,000 p.s.i. and 500 p.s.i. with R22 and NH, systems 
respectively). 

The various pressure components a Surveyor is likely to be 
concerned with in refrigerant systems are as follows: — 


(C3.1) Intercoolers 

This component is not generally found in classed installa- 
tions unless the plant operates in conjunction with fish or food 
processing equipment that requires two stage compressor 
Operation to obtain low temperatures. The purpose of the 
intercooler is to reduce the interstage temperature of the 
refrigerant gas and so increase plant efficiency, the cooling 
effect being usually produced by introducing a controlled 
amount of liquid refrigerant into the cooler or by circulating 
refrigerant through coils. Generally the compressors are 
arranged so that they can by-pass the intercooler and operate 
as single stage machines if required. 


(C3.2) Oil Separators 

Oil separators require to be provided in all systems usually 
at the compressor discharge, the oil being removed to prevent 
it fouling the internal surfaces of the various heat exchangers 
and also to ensure its return to the compressor lubricating oil 
system. Separation being carried out by passing the refrigerant 
gas through a series of baffles. 
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(C3.3) Glycol Heaters 


This component is only found in modern cold store practice 
and takes the form of a shell and tube heat exchanger (with 
by-pass) which may be introduced into the refrigerant circuit 
immediately after the compressor discharge. Its function is to 
heat glycol, which is then circulated by a suitable pump 
through coils situated under the cold store floor to prevent 
“frost heave” (see F1(e)(ii)). 


(C3.4) Condensers 


The purpose of the condenser is to extract the total heat 
flow of the installation which is comprised of the heat flow 
through the insulated surfaces together with the heat intro- 
duced by fans, pumps and compressors motors, etc., a process 
which with most refrigerants changes the high pressure refri- 
gerant gas into a liquid. 

There are four main types of condenser used in classed 
installations but irrespective of the type used the rules require 
a standby condenser (or condenser section) to be provided. 


(a) Shell and Tube Condensers 


This is the standard marine type of refrigeration condenser 
in which the refrigerant contained in a cylindrical shell is 
cooled by water circulated through tubes which are often 
provided with an extended surface on the gas side. In 
ammonia systems both tube and tube plates are normally of 
steel whereas with R12 and R22 systems aluminium bronze is 
often used, the tube plates being brazed to the shell. The 
water boxes and end covers are usually of cast iron or mild 
steel although recently the use of components clad in stainless 
steel has been noted. 

The water boxes are usually baffled to circulate the water 
through the tubes in a multi-pass arrangement and where a 
corrosion risk occurs corrosion plugs and plates are provided 
(one manufacturer requires that circulating lines should not 
be galvanised internally within 6 ft. of the condenser), and 
the efficiency of these arrangements should be considered at 
the current runn 4g surveys. 

In current practice the difference between the cooling water 
inlet temperature and the condensing temperature should not 
exceed 7°C (15°F) with a maximum difference between cool- 
ing water inlet and outlet of 3°C (S°F) when operating in 
maximum conditions, e.g. fruit cargoes. To achieve these 
conditions the cooling surface area provided is based on the 
heat transfer values given in Table. 3. 


(b) Air-cooled Condensers 


This type of cooler is primarily met with in cold store and 
container machinery applications and is characterised by 
numerous piping circuits each provided with close pitched 
fins forming the cooling surfaces. The condensers being pro- 
vided with power driven fans which increase the rate of heat 
transfer. 

In land applications the condenser is often constructed with 
aluminium fins on copper tubes suitably protected against 
galvanic action by a vinyl coating or similar arrangement. In 
marine applications, however, it is preferable that both tubes 
and fins are of copper or alternatively the tubes should be 
tinned prior to attaching the fins. 


(c) Evaporative Condensers 

Whereas the air-cooled condenser has dry surfaces the heat 
transfer coefficient of the evaporative condenser is increased 
by continually spraying the surfaces with recirculated water. 


Evaporative condensers are often used in cold storage applica- 
tions where access to unrestricted cooling water is not avail- 
able and are constructed of a number of separate piping 
circuits with an additional separate circuit provided (in the 
same casing) for standby requirements. 

Since the cooling is dependent on both the water spraying 
arrangements and cooler fans the installation should be 
capable of operation when using all the cooler surface (in- 
cluding standby circuit) when either the air circulating fan is 
shut off or the water circulating pump shut off. Alternatively, 
if the plant design does not permit such operation standby 
fans and pumps together with adequate feed make up arrange- 
ments should be provided. 


(d) Shell and Coil Condensers 

This type of condenser is generally used with CO, systems 
due to the high pressures encountered, the condenser being 
composed of up to 15 coils in the one shell. In practice, 
trouble is often experienced with fouling in the water spaces 
and this can be minimised by introducing chlorine (2-3 parts 
million) into the cooling water. 


(C3.5) Liquid Receiver 

The vessel has two purposes: initially, its volume is such 
as to be able to contain all the refrigerant in the system and 
so provide storage space should the system be evacuated 
during major repairs. Secondly, the receiver provides a balance 
tank to accommodate variations in the amount of refrigerant 
required in various operating conditions. The liquid receiver 
in modern installations is often combined with the condenser 


in the form of a sump. A level gauge is provided often in the 
form of a gauge glass which is preferably of the “Klinger” 
type. Where tubular gauge glasses are fitted self-closing stop 
valves should be used especially in ammonia systems. 


(C3.6) Drier/Filter 

The rules require a drier unit, with by-pass connection to be 
provided in all refrigerant systems with the exception of 
ammonia which has a high tolerance for moisture. Recharge- 
able cartridges of silica gel, calcium sulphate, and sodium or 
calcium aluminium silicate, usually provide the drying agent 
and cartridges which get damp in storage can be reactivated 
by heating at 230°C-260°C (450°F-500°F) for four hours, 
they cannot, however, be reactivated after use. Drier units 
should be arranged in the liquid line with the inlet at the 
bottom, the position in the circuit being such as to prevent 
moisture entering the thermostatic expansion valve. 

During routine survey of refrigeration installations the drier 
vessel should be examined internally when practical as it gives 
an indication of conditions throughout the system. 


(C3.7) Liquid Sub-cooling Heat Exchanger 
The introduction of a liquid sub-cooling heat exchanger 
into a refrigerant system may be: 


(a) To increase the refrigerating effect of the plant in which 
case the liquid sub-cooling heat exchanger is circulated 
by a separate and independent refrigerant system to cool 
the main refrigerant flow, which increases its refrigerating 
effect. 
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(b) To increase the thermal efficiency with RI2 and R22 
systems, the refrigerant liquid is cooled by the low tem- 
perature gas returning to the compressor suction, which 
apart from increasing the refrigerating effect provides a 
moderate degree of superheat to the suction gas also in- 
creases the compressor output with R12 systems while 
having a neglible effect with R22 systems. 


(C3.8) Thermostatic Expansion Valves (see Fig. 8) 


Although these valves are called expansion valves they 
actually meter the liquid refrigerant flow to the cooling circuit 
and any gas formed passing the valve is due to the reduction 
in temperature of the liquid refrigerant as it passes from the 
high pressure to the low pressure condition and this flash-off 
can be reduced by sub-cooling the liquid as above. 

The control of the valve is provided by a temperature sensor 
located at the outlet from the cooling circuit. This sensor, 
called a “temperature phial’, is usually charged with the same 
refrigerant as the system. Since the sensor is subjected to 
higher temperature conditions than the valve itself the pres- 
sure of its refrigerant charge is raised above that existing at 
the valve and hence the refrigerant flow can be controlled by 
introducing a bellows piece above the valve using the control 
sensor pressure on one side and the cooler saturated pressure 
on the other. 

In practice the temperature phial is usually subjected to a 
temperature some 4°C—6°C (6°F-10°F) above that existing at 
the valve by ensuring that the gas leaves the cooler in a super- 
heated condition and to achieve these conditions the coolers 
associated with this type of valve require to have some 20 per 
cent of their cooling surfaces available to superheat the gas, 
the precise area varying with demand. 

Where expansion valves require to operate with coolers that 
are subjected to large pressure drops an additional control is 
introduced by incorporating a pressure compensating connec- 
tion. This connection eliminates further increase in the super- 
heat temperature to compensate for the reduction in pressure 
and so allows an increase in the effective area of the cooler. 
These expansion valves often being found where refrigerant 
supply to the cooling circuits is by means of a distributor 
nozzle. 

As will be appreciated the expansion valve requires to be 
suitable for the refrigerant used and valves are often stamped 
with both the refrigerant and ASRE superheat rating which 
is the temperature 4°C (7°F) above that at which the valve 
closes, further control of the superheat setting can be carried 
out by means of an adjusting screw to provide optimum 
conditions. 


(C3.9) Level Control Valves 


These valves are used in connection with flooded coolers or 
evaporators to ensure that the liquid level remains constant, 
the valve being controlled by a float arrangement. 


(C3.10) Surge Drum or Accumulators (see Fig. 9) 


In some modern installations the liquid refrigerant is circu- 
lated from a refrigerant reservoir called a surge drum to the 
various coolers by means of refrigerant pumps, each cooler 
being operated full of refrigerant liquid. The liquid in the 
cooler boils and the associated wet saturated refrigerant gas 
returns to the surge tank via a constant pressure valve where 
the refrigerant gas and liquid are separated, the refrigerant 


gas then passing to the compressor by a separate suction con- 
nection and the liquid being recirculated. 

A flooded refrigerant system allows a reduction in cooler 
surface area. However, the difficulty in eliminating oil from 
the cooling surfaces and its subsequent return to the com- 
pressor is a major problem which often requires oil rectifiers 
being introduced into the system, together with the provision 
of extended suction sumps for the refrigerant pump con- 
nection to the surge drum to provide separation. 


(C4) Air Cooler Batteries 

In most modern installations the refrigeration of the cham- 
bers is carried out by circulating air over a series of pipes 
forming the air cooler that contain the primary or secondary 
refrigerant liquids and may be operated in the flooded or 
partially filled condition. 

The cooler pipes are arranged to form a number of refri- 
gerant circuits in parallel and this arrangement not only 
provides an even temperature distribution over the cooler 
surfaces, but also enables the pressure drop over the cooler 
to be kept to an acceptable value. In addition the rules require 
that at least two separate cooling circuits must be provided 
in each chamber and therefore where single coolers are fitted 
in a chamber they should be capable of sub-division. 

In marine practice the cooler tubes where formed by steel 
tubes (and fins) must be hot dip galvanised externally, whereas 
with the small air coolers fitted to containers, etc., they are 
often of copper tubing when used with halogenated refri- 
gerant. In order to increase the cooling surface area it is 
usual in modern practice to provide fins on the external 
surfaces of the tubes and in general these fins should not be 
spaced less than 12 mm. (4 in.) apart when defrosting is 
manually controlled. 

The rate of heat transfer of the cooler surface varies with 
fin configuration, air speed and cooling media, and one manu- 
facturer’s method of determining this value is shown in 
Appendix III. The rules ensure a certain minimum cooler 
surface area by restricting the maximum cooler mean tem- 
perature difference since for a given rate of heat transfer the 
smaller the cooler surface the lower the cooler temperature 
required and this lowering of the cooler temperature creates a 
condition where more moisture is extracted from the air with 
a consequent dehydration and loss of weight in the produce 
carried. 


(C5) Defrosting 

The air-cooling coils (or grids) when in operation at low 
temperature below 0°C (32°F) dehumidify air by freezing any 
moisture present. The moisture building up on the surface of 
the coils in the form of frost and so reducing the rate of heat 
transfer, and increasing the cooler mean temperature differ- 
ence. In practice it is normal to defrost the coolers when 
the frost build-up exceeds 5 mm. (,% in.), although with 
automatic defrost systems control is initiated by monitoring 
the drop in air pressure over the cooler. 

The various methods used to defrost the air cooler surfaces 
are as follows: — 


(a) With brine systems, it is usual to circulate hot brine 
through the cooler coils, the brine being heated in a 
separate brine heater (steam or electrically heated) and 
then circulated through the coils by means of separate 
brine pumps and brine mains. 
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Diagrammatic Pumped Refrigerant Circuit. 


(b) A similar arrangement is used with direct expansion 
systems but, in these cases, the defrosting is carried out 
by passing hot gas from the compressor discharge through 
the cooler. Dependent on the size of the installation some 
variation in the method used is found. 

(i) With small installations normal practice is to intro- 
duce the hot gas at the inlet end of the cooler after the 
expansion valve, the gas then passing through the cooler 
and giving up its heat to melt the frost on the coils. This 
method of defrosting is not desirable unless a suction line 
heat exchanger or separating vessel is used, as it is pos- 
sible with prolonged defrosting for liquid slugs to be 
formed and carried back to the compressor with resultant 
damage. 

(ii) A more usual method with multiple coolers is to 
introduce the hot gas from the compressor into the 
discharge side of cooler, the connection from the cooler 
to the compressor suction being closed by a solenoid 
valve. The hot gas in the cooler is now condensed by the 
defrosting process and the liquid refrigerant so formed 
is forced by the compressor discharge pressure back into 
the liquid line via a solenoid valve by-passing the expan- 
sion valve, where it provides the refrigerating effect in the 
other coolers. 


Further methods of defrosting with the plant stopped 

being to: — 

(1) Pass an electric current through heat rods or tapes 

adjacent to the coils, or 

(ii) spray the pipes with salt water (or brine). With this 

latter arrangement, the water supply is provided by port- 

able hoses so as to eliminate any chance of flooding the 

chambers and a notice should be displayed stating this 

danger. 
To prevent water formed by the melting ice contaminating 
the cargo the rules require a drip tray or similar arrangement 
with adequate drainage to be provided below the air cooler. 
It is general practice for the defrosting arrangements to be 
extended to include this drip tray so as to eliminate the possi- 
bility of the ice choking the drainage system. 

With some modern cold stores provision is made to auto- 
matically close screens which isolate the coolers from the 
chambers during defrosting operations. This arrangement 
reducing variations in chamber conditions and allowing a 
faster defrost cycle. 


(c) 


(C6) Air Cooler Fans 


In modern large installations it is standard practice to 
arrange for the air circulation over the coolers (and through 
the chambers) to be provided by a number of electric fans 
Operating on each cooler battery. The rate of air circulation 
being controlled by varying the supply frequency or switching 
off individual fans. However, in smaller installations where 
only one fan is provided with each cooler the fan is usually 
driven by a two-speed motor. 

Access to permit routine maintenance is required with all 
fan arrangements. For single fan installations and multiple fan 
installations which require all units to function the access 
arrangements must be large enough to permit renewal of both 
fan and motor. 

All electric fan motors in marine installations require to be 
built under survey regardless of size and the condition of the 
electrical insulation of motors and switchgear should be 
carefully noted at all routine surveys. 


Suction to 
compressor 


from condenser 
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The power input to air circulation fans varies in proportion 
to the fan speed® and represents an additional heat load on 
the refrigeration machinery. Further, since the power absorbed 
by the fans is normally only some 80 per cent of the installed 
motor power and with the added complication of fan speed 
control the power input with A.C. systems can only be 
realistically determined by watt meter readings due to the 
varying power factor. 


(C7) Brine or Secondary Refrigerant Coolers 

This component of a refrigeration system is commonly 
called the evaporator and is only required where the cooling 
of the chambers is performed by a secondary refrigerant. As 
with other main components, a standby is required, this 
being complied with by the usual practice of providing a 
number of different temperature brine circuits which neces- 
sitates a multiple evaporator system. 

In classed installations two main types of evaporators are 
used, either of which may be operated with a flooded or dry 
expansion refrigerant flow, as follows : — 

(a) Shell and tube evaporators. With this arrangement two 
alternatives are possible. 


(i) The conventional form in which the brine is circulated 
through the tubes and the refrigerant is contained in the 
shell 

(ii) an alternative form generally termed “inner fin” in 
which the refrigerant is arranged to circulate through the 
tubes in a multi-pass arrangement, the introduction of 
this form of evaporator being primarily due to the 
reduction in the size of pressure parts and volume of 
refrigerant required. 
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Sectional View of Innerfin Type Brine Cooler. 


Fic. 10(b) 


Sectional View of Shell and Tube Type Brine Cooler with 
Liquid Sub-cooling Heat Exchanger. 


The construction of both evaporator types is similar, usually 
being of welded mild steel construction throughout with either 
plain or extended surface tubes expanded into tube plates, and 
it should be noted that any fins provided on the tube surfaces 
are usually in contact with the refrigerant. 

(b) Coil in casing evaporators. This type of evaporator is 
primarily used with CO, installations and is formed by a 
number of mild steel coils fitted inside a mild steel shell 
through which the brine is circulated and which in older 
installations was often open to the atmosphere. The coil 
ends are particularly susceptible to corrosion and should 
receive detailed examination at all surveys. 

It is usual for evaporators to be operated so as to provide 
a reduction in the brine temperature of some 3°C (5°F) 
maximum. 

The rate of heat transfer across the tube surfaces can be 
determined from Table 3. 


(C8) Brine or Secondary Refrigerant Grids 


In other installations the chambers are often cooled by a 
series of grids situate on the overhead and vertical surfaces. 
The grids which should be installed so as to provide at least 
two separate cooling circuits are normally manufactured from 
14 in. diameter externally galvanised steel pipe. The various 
sections of the grids are joined by butt welds or screwed 
sockets although this latter method is a constant source of 
leakage. In order to prevent corrosion both welded and 
screwed joints should be provided with a suitable protective 
coating such as gold size and varnish or G.R.P. 

During routine surveys the grids should be examined under 
a minimum hydraulic pressure of 14 x working pressure or 
40 p.s.i. whichever is the greater—slight leakage occurring at 
joints, etc., having the effect of turning any frost present 
yellow and so providing a ready indication. 

Overhead brine grids are preferably attached directly to the 
beams via suitable insulating blocks and should not be allowed 
to serve as meat rails. Side grids are usually fastened to the 
insulation grounds and require to be fitted with battens to 
prevent direct contact with the cargo. 


(C9) Brine Circulation 


In modern practice this is usually provided by a centrifugal 
pump and normally the design pressure of the various com- 
ponents in the system is above the terminal pressure of such 


pumps and relief valves are not necessary—installations 
normally have a working pressure of 3—5S kg./cm.* (40-70 
p.s.i.). In older installations where the circulation is provided 
by duplex steam pumps the provision and inspection of relief 
valves should not be overlooked. All installations require to 
be provided with a stand-by pump which is often used for 
defrosting and brine mixing duties. The brine pump power 
requirements are an additional load on the plant which are 
determined by the difference between the brine inlet and outlet 
temperatures and heat load. 


(C10) Refrigerant Pumps 


These pumps provide a similar function to brine pumps and 
are subject to the same requirements regarding stand-by 
arrangements. The pumps are invariably of the centrifugal 
type often driven by a hermetic electric motor. Relief valves 
returning to the surge drum are normally provided at each 
pump discharge and should be examined at routine surveys. 


(C11) Condenser Circulating Water Pumps 


In all installations alternative sources of condenser circu- 
lating water supply require to be provided. With marine 
installations the primary source of supply is provided by an 
independent circulating pump that should be arranged to draw 
from two separate sea suctions, preferably situated on opposite 
sides of the ship. The stand-by supply is provided by a further 
independent pump or taken from the main salt water circu- 
lating system (main engine, ballast pumps, etc.) if sufficient 
additional capacity is available. In cold stores it is normal for 
both working and stand-by pumps to be of the centrifugal 
type with shell and tube condensers, the considerations regard- 
ing relief devices being as given for brine pumps. 


(C12) Pipework 


All pipework used in refrigerated installations requires to 
comply with paragraph N344 and can be divided by tempera- 
ture considerations into warm and cold ranges. 

(a) Warm pipework which is comprised of :— 
(i) The high pressure refrigerant pipework from the com- 
pressor discharge up to the thermostatic expansion valve 
or liquid sub-cooling heat exchanger if fitted, are normally 
left bare or provided with a minimum of insulation, and 
since the lines are warm no precautions such as galvan- 
ising are required. The pipework is normally manufac- 


TABLE 3 
OVERALL HEAT TRANSFER COEFFICIENTS FOR LIQUID COOLERS 


Type of Evaporator 


Flooded shell-and-plain-tube (water to Refrigerants 12, 22 and 717) 
Flooded shell-and-finned-tube (water to Refrigerant 12 or 2 


Flooded shell-and-plain-tube (brine to Refrigerant 717) 


Flooded shell-and-plain-tube (brine to Refrigerant 12 or 22 


Dry expansion, shell-and-plain-tube (water to Refrigerant 12, 22 or 717) (Refrigerant in tubes) 
shell-and-internal-finned tubes (water to Refrigerant 12 or 22) (Refrigerant in tubes) 
shell-and-plain-tube (brine to Refrigerant 12, 22 or 717) (Refrigerant in tubes) 
shell-and-internal-finned-tubes (non-salt brines to Refrigerant 12 or 22) 


Dry expansion, 
Dry expansion, 
Dry expansion, 


Shell-and-plain-tube coil (water in shell) (Refrigerant 1 


2) 


) 


2, 22 or 717 in coil) 


Minimum |Maximum 


630 930 
440 680 
220 490 
145 440 
370 780 
780 1,200 
290 680 
490 830 

50 120 


Minimum values with cooler MTD 4°C. Maximum valves with cooler MTD 7°C. Units in Keal./Hr/M?/°C 
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tured from seamless steel pipe or solid drawn copper pipe 
depending on the diameter. 

(ii) Any pipework required with steam driven plant is 
dealt with in accordance with machinery rules. 


(b) Cold pipework is generally insulated (outside of brine 
rooms) and is comprised of :— 
(i) The high pressure refrigerant liquid line between the 
liquid sub-cooling heat exchanger (if fitted) and the 
thermostatic expansion valve or float control valve. 


(ii) The low pressure gas lines from the evaporators or air 
cooler to the compressor suction manifold. 


(iii) The low temperature brine main system in its entirety. 


(C13) Pipe Support Expansion and Penetration of Watertight 
Boundaries 

Further details requiring consideration with refrigerant pipe- 
work concern provision for adequate support and expansion 
arrangements especially where long pipe runs are used. This 
is further complicated where low temperature pipework pene- 
trates steel boundaries as in order to eliminate any possible 
“notch effect” the cooling pipes must not be in contact with 
the steelwork and the access holes provided should preferably 
have a smooth (trepanned) bore. Should the steelwork contain 
an insulated chamber an airtight gland is required at the 
penetration point and where watertight boundaries are pene- 
trated the gland fittings used require to be provided with a 
packing that is both fire and water resistant such as graphited- 
asbestos. 


(C14) Pipework Coatings 

All insulated pipework subjected to intermittent low tem- 
perature service requires to be protected against corrosion by 
galvanising the external surfaces using the hot dip process, 
although with brine lines some relaxation is permissible and 
the protection may be provided by an approved combination 
of sprayed zinc coating plus painting. 

These protective means are required as it is impossible with 
conventional insulating methods to provide a 100 per cent 
efficient vapour seal, which, due to the reduction in tempera- 
ture allows moisture to penetrate the insulation and generally 
forms ice on the pipe surface which melts when the plant is 
shut down and produces corrosive conditions at the pipe 
surface. 

With cold stores that are in constant operation the require- 
ments for protective coatings can be relaxed as experience has 
shown that the ice formed inhibits corrosion. 


(C15) Pipework Fabrication and Installation 

The installation of refrigerant pipework requires careful 
attention in order to prevent the introduction of moisture and 
dirt into the system. In general the components forming the 
refrigerant system are constructed and tested to the require- 
ments of N346 in the fabrication shop. Following this the 
internal surfaces are cleaned, usually by external hammering, 
pickling or internal wire brushes as halo-carbon refrigerants 
have a scouring effect which tends to dislodge mill scale. On 
completion of cleaning all openings should be provided with 
non-porous plugs to prevent contamination by either dirt or 
moisture. 

Further to protect reciprocating machinery on initial com- 
missioning most manufacturers introduce an additional felt 
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filter at the compressor suction for the initial 12 hours opera- 
tion, and recommend frequent cleaning of the standard filter 
over the next 100 hours. With screw compressors this period is 
further extended the extra filter being fitted for approximately 
100 hours. 

The various components are assembled to form the refri- 
gerant circuit by using flange joints or welded connections and 
the Surveyors should ensure that competent welders are used 
for this work: British Standards BS 1861 or 2633 provide 
useful guidance for oxy-acetylene and metal arc welding in 
this respect. In order to ensure sound welds any protective 
coating provided should be removed from the pipe ends prior 
to welding. On completion these exposed areas require to be 
protected with a gold size and varnish or GRP coating, the 
location of the joint being marked on the external surface of 
the insulation to facilitate joint location at subsequent surveys. 

With copper lines the use of lead or lead tin alloys for 
making joints subject to temperatures below —10°C with 
halogenated refrigerants is not recommended due to chemical 
action and for similar reasons brazed connections should not 
be used in ammonia systems. 


(C16) Testing of Refrigerant Lines 

The testing of the refrigerant system and its closing welds 
on completion causes difficulties as it is not possible to provide 
a hydraulic test (water or oil) without introducing major 
difficulties in the initial phase of plant operation. Standard 
practice is therefore to carry out a pneumatic pressure test at 
the maximum design pressure preferably using an inert gas 
(under no circumstances should oxygen be used and the use 
of CO, with ammonia systems is not recommended). 

The system is then examined for leaks using the soap bubble 
method or preferably the tracer gas method—where the system 
is initially charged with refrigerant R12 or R22 to a pressure 
of 1 kg./cm.* (15 p.s.i.) before introducing the inert gas, the 
subsequent leak test being carried out using a halide lamp. 

In brine systems the lines are subjected to a hydraulic test 
of twice working pressure or 3,5 kg./cm.® (50 p.s.i.) and on 
completion care must be taken to remove any water used so 
as to prevent ice being formed during initial commissioning. 
With difficult sections of pipework a pneumatic leak test at 
6 kg./cm.* (90 p.s.i.) may be accepted in lieu of the hydraulic 
test. 


(C17) Pipe Diameter and Pressure Drop 

Refrigerant suction lines must be suitably sized and installed 
so as to prevent large pressure losses, which have an adverse 
effect on compressor performance, and standard practice is to 
size lines so that the total pressure drop does not exceed 2°F 
for Ri2 and R22 and 1°F for ammonia/100 ft. of piping. 

This requirement is made more difficult when the system 
requires vertical risers as the gas velocity must be locally 
increased so as to ensure that any oil in the system is returned. 
In systems where the capacity is not reduced below 25 per 
cent and the vertical rise does not exceed some 4 ft., return 
is ensured by locally reducing the pipe diameter so as to 
produce a refrigerant velocity of some 800 m./min. (2,750 
ft./min.). However, when the system capacity can be reduced 
below 25 per cent or where large vertical risers are required, 
it is normal to provide a two-pipe riser. 

With the two-pipe riser the total area is such as to provide 
an adequate refrigerant velocity at maximum conditions. At 
low output the lower end of the larger pipe has a U-bend 


which collects oil that seals the pipe and requires all the refri- 
gerant gas to pass through the smaller pipe at high velocity. 
The U-bend should be of small capacity in order to prevent 
damage to the compressor, when the oil is eventually carried 
over at higher load conditions. 


(C18) Thermometers 


Rule N419 requires each chamber to be provided with an 
approved number and type of thermometer and in general 
this number should not be less than 


2 thermometers up to 300 cu.m. 
3 thermometers 300-800 cu.m. 
4 thermometers above 800 cu.m. 


(10,500 cu.ft.) 
(10,500—28,000 cu.ft.) 
(28,000 cu.ft.) 


The thermometers should be situated so as to give a true 
record of the chamber temperature, and, of these thermo- 
meters, a proportion may be situated in the air cooler inlet 
and outlet ducting as shown by the approved plan. 

Approved thermometers may be of an alcohol or mercury- 
in-glass type passing into the chamber through suitable dip- 
tubes situated in the insulated boundaries or an approved 
distance reading thermometer or data logger systems. It should 
be noted, however, that where only multiple point instruments 
are installed, the temperature readings in each chamber must 
be shown on at least two separate instruments. 

All thermometers used in refrigerated chambers require to 
have an accuracy of -+-0°15°C (--0°25°F) at 0°C (32°F) and 
this accuracy should be verified at installation and all subse- 
quent special surveys. The test being carried out by ship’s staff 
or makers who should compare the thermometer or sensor 
reading to that shown by a thermometer (as verified by the 
standard thermometer) immersed in melting ice. Any variation 
in the temperature recorded being corrected to comply with 
the rules. The results being submitted to the Surveyor for 
consideration. 


(C19) Log Books and Plant Performance 


While Surveyors are required to examine refrigeration logs 
during current surveys considerable experience is required to 
accurately assess the logs and even then the interpretation of 
the results may vary with different installations. Perhaps the 
best way to locate defects in refrigeration plant operation is 
the use the trouble shooting chart given in Appendix IV. 

Other indications to plant deterioration can be deduced by 
comparing the logs with previous performance and also 
noting : — 

(i) Details of any recent plant failures. 


(ii) Compressor running times required during a recent 
period of high sea temperature with a fully loaded cargo 
at or approaching minimum temperature. 


(ili) Increased or excessive additional charges of refri- 
gerant. 


Section D 


INSULATION ARRANGEMENTS 


(D1) Insulating Materials 


All materials provide resistance to heat transfer and it is 
materials which exhibit high resistances that are used as 
insulating materials. The insulating materials used in marine 


insulation arrangements are formed by substances comprised 
of numerous small gas cells or passages held in close associa- 
tion with one another by the minimum amount of separating 
material. This material being of animal, vegetable, mineral (or 
chemical) matter. 

The insulating material used requires to be of a type 
approved by the Society and should be dry, free from odours 
liable to produce taint, have fire resisting properties, neither 
readily absorb smells or moisture or be liable to deterioration 
in service. 

Where the insulating materials to be used have not been 
approved by the Society, the Surveyors should arrange to 
forward a small sample to Head Office together with any 
available test data for consideration. 

Further, where plastic foam insulation is being fitted the 
Surveyors should verify the self extinguishing properties by a 
check test on site. The test limitations being given by ASTM 
D1692-S9T: “Tentative Test Method for the Flammability 
of Plastic Foams and Sheets” a summary of which is given in 
Appendix V. 

The characteristics of insulation materials can be further 
sub-divided into 


(D1.1) Loose fill granulated materials such as granulated cork, 
vermiculite, etc., this type of insulating material is not used in 
modern installations due to its tendency to settle down in 
service and it is due to this settlement that the insulation of 
chambers using these materials require to be tested for full- 
ness at all special surveys by drilling test holes. 


(D1.2) Loose fill fibrous materials which comprise kapok and, 
in modern installations, both glass and mineral wools. The 
quality of these materials is determined by the diameter and 
length of the fibres (fine long fibres being best) and the absence 
of “shot” (globules of glass or mineral). The packing of these 
materials in the loose form requires considerable care if a 
uniform density and elimination of void spaces is to be main- 
tained. To overcome this difficulty the materials are usually 
supplied (with glass wool) in preformed mats to the required 
density. The mats being bonded with a fire retardant resin to 
form semi-rigid slabs. 


(D1.3) Slab or block material 


This method is the most common in current practice, being 
used with slab cork (both high density and cork board), Balsa 
wood and the expanded plastic foams such as polystyrene or 
polyurethane. Block insulation is normally installed in two or 
more separate layers, the method of construction for each 
layer being to bond the edges of the slabs to one another 
using bitumastic with cork insulation or proprietary adhesives 
in the case of expanded plastics. The layers being secured to 
one another by wooden skewers so that the slab joints are 
staggered. With this form of construction it is inevitable that 
spaces will be left in way of the various beams, frames and 
other instrusions into the insulations and these spaces should 
be filled with a fibrous insulating material such as mineral 
wool. 

In modern cold store practice the insulation thickness is 
provided by single slabs of preformed plastic foam varying 
in size from 1 m. squares to some 20 m. x1 m. the larger 
panels are often provided with fibre or metal facings which 
also provide the chamber lining and cargo battens. The slabs 
being joined to one another by a tongue and groove or lap 
joint arrangement. 


TABLE 4 


AVERAGE PROPERTIES OF INSULATING MATERIALS 


Heat Leakage Maximum 


Normal a5 fe Compressive 
Density | Sen in ein | Steneth | Temperature 
- 4 y 2 
Material kg./m. BTU /hr./ft2/in./°F kg./m. °C 
or or me 
i Laboratory Practical Ib. /ft.? °F 
Cork | | 
(1) Granulated 96-0 37:2 43-4 
6-0 0:30 0:35 — 
(2) Corkboard 128-0 34-0 43-4 100°C 
8-0 0-27 0:35 212°F 
(3) High Density 192-0 | 42-0 50:0 342-0 | 
12-0 0:34 0-40 70-0 
Balsa 96:0 41-0 | 43-4 | | 
6-0 0:33 =| 0:35 — 23 
Whitewood 420-0 90-0 100-0 2440-0 
(Mean) 26-0 0-73 0:80 500-0 _ 
Hardwood 705-0 124-0 124-0 4880-0 
(Mean) 44-0 1:0 1-0 1000-0 — 
Plywood 530-0 120-0 | 124-0 3420-0 
33-0 0-96 1-0 700-0 —_— 
| 
| | 
Mineral Wool 64:0 30-0 43-4 350°C 
4-0 0-24 0:35 = 650°F 
Glass Fibre | 32-0 30-0 43-4 650°F 
2:0 0-34 0:35 — 1200°F 
Aluminium Foil 4-0 27-0 | 50-0 | 
0:25 0:22 0-40 = | tek 
Expanded 224-0 42:0 50-0 — 400°C 
Rubber 14-0 0:34 0-40 200°F 
| | | | 
Expanded 64-0 27:0 43-4 195-0 DULG 
Ebonite 40 0-22 0:35 40-0 1222F 
Polystyrene 24-0 25-0 37:0 88-0 TONLE: 
1:5 0-20 0-30 18:0 160°F 
Polyurethane 32-0 22:0 31-0 147-0 80°C 
| 2:0 0-18 | 0-25 30-0 180°F 
64-0 26:0 37:0 390-0 80°C 
4-0 0-21 0-30 80-0 180°F 
Gree 169-0 169-0 1S0°G 
13-6 13-6 — 300°F 


Slab cork is seldom used to provide insulation for vertical 
and overhead surfaces in modern practice. It is, however, 
commonly used for deck insulation because of its high load 
bearing properties. 


(D1.4) Foamed in-place insulants 

This development is used with polyurethane and some 
phenolic resins (not in general use at present). The production 
of polyurethane foam is carried out by mixing two liquids (a 
polyester or polyether with polyisocyanate) in a mixing head. 
The mixture is then introduced into the space to be insulated 
in separate “lifts” (layers) which rise to a maximum height 
in the order of 1 m. (39 in.). The first layer being allowed to 
harden before applying the next layer. A refinement of the 
process which produces foam with a reduced heat factor, while 
at the same time reducing the pressure on insulation linings 
during the foaming reaction is by introducing refrigerants into 
the mixture. Where this foamed insulation is used, close 
control should be maintained over the production arrange- 
ments and test specimens should be taken and examined to 
ascertain that the foam produced is at the required density, 
free from voids, and possesses fire resistant properties. 


(D1.5) Sprayed Insulations 

A further development with polyurethane insulating material 
is the process of spraying it on the surface to be insulated. 
This process requires to be carried out under controlled 
conditions regarding mixtures and subsequent properties as 
detailed in the notes for foam in-place insulation. A further 
most important consideration with this material and other 
plastic foams is the fire hazard which remains present even 
after being treated with fire retardants. These materials burn 
to produce very high temperatures: 1,000°C, coupled with 
rapid flame spread (in the order of 30 m. (100 ft.) per minute) 
while at the same time producing toxic gases and dense fumes. 
To obviate these dangers any foamed plastic insulation is to 
be provided with a suitable non-combustible protective coat- 
ing and the areas left uncovered during application should be 
restricted. British Merchant Shipping Notice M592 recom- 
mends that these materials should only be used in limited 
amounts in machinery spaces when steel sheathed. Further, 
when applying these materials a fireman, complete with equip- 
ment, should be in attendance and satisfactory arrangements 
are to be made to remove waste foam material and also to 
provide escape exits. 


(D1.6) Miscellaneous Insulating Materials 

This section comprises such material as aluminium foil 
(Alfol), treated honeycombed paper (Dufaylite) and cellulose 
acetate sheets (Isoflex), these materials provide good insulating 
media, but the care required, when installing, to prevent the 
sheets being crushed or distorted has reduced their use for 
modern installations. 


(D2) Insulation Attachment 

With block insulants it is normal practice to attach the 
insulation to the boundary surfaces by setting the blocks in 
bitumastic in the case of slab cork or using proprietary 
adhesives with polyurethane or polystyrene. 

The Surveyors should ensure that the compound used is 
satisfactory, free from odours likely to cause taint and applied 
in accordance with the maker’s instructions. 

Further, when insulating vertical and overhead surfaces 
mechanical fastenings should be used in addition to the 
adhesive. 
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(D3) Insulation Arrangements (see Appendix V1) 


The efficiency of any insulated envelope is dependent on the 
insulation being free from:— 


(D3.1) Air which may occur as either: — 


(a) Voids in the insulation which set up convection currents 
and so increases the rate of heat transfer or 


Air leakage which may be directly from the surrounding 
atmosphere through the various hatches, doors, air 
refreshing vents and any ducting led through the chamber 
which apart from the additional load on the plant also 
causes frost formation on the air cooler surfaces. To 
minimise this leakage the fit of various seals should be 
verified by a “chalk marking test” during construction. 


(c) Alternatively, leakage may occur through surrounding 
structure or linings into the insulation, which is particu- 
larly severe because of the introduction of moisture. 
Major leakage through the insulation linings can occur 
where the linings form part of the air circulation system, 
other potential sources of leakage being in way of pipe- 
work, electric wiring, securing bolts and ship’s steel work. 
The heat load produced by air leakage has been calcu- 
lated in the order of 100 Keal./hr/cm.? (S60 BTU /hr/in.*) 
cross-section area of the leakage hole with an air pressure 
of 25 mm. (1 in.) water gauge and a temperature differ- 
ence between the chamber and ambient of 55°C (100°F). 
One current test to verify the air tightness of the linings 
is to measure the pressure difference between the atmos- 
phere and that existing behind the insulation which should 
not exceed 0:5 mm. (0:02 in.) water gauge, with the fans 
running. 


(b) 


(D3.2) Metallic intrusions within the insulation increase heat 
leakage due to their higher conductivity. Therefore, the 
number and diameter of lugs and fastenings provided for 
grounds should not be excessive and wherever possible 
should be arranged so as to provide the minimum “heat 
bridge” through the insulation. Similarly, any pipework 
buried in the insulation which is common with external 
conditions should be arranged close to the warm (ex- 
ternal) surface of the insulation. Further sources of heat 
leakage being the securing bolts for such items as meat 
rails, brine grids, ladders, coolers, fans, drip trays, etc., 
where plastic or hardwood spacing pieces should be used. 


(D3.3) Water and ice also possess a high rate of conductivity 
which perhaps produces the worst effect as not only has the 
moisture or water permeating the insulation a cumulative 
effect, it also migrates through the insulation to affect a larger 
area. Moisture can be introduced into dry insulation by: — 


(a) On external surfaces by any moisture present in the air 
condensing on or within the insulation (due to its tem 
perature being below the dew point), this being prevented 
in practice by fitting an airtight vapour barrier. 

(b) Free water infiltrating the linings during cleaning, etc. To 
prevent this occurring all lining joints should be well 
sealed especially with deck insulation arrangements in way 
of vertical surfaces or bilge and manhole plugs as damp 
insulation promotes rot in the insulation grounds and 
wooden linings. 


(D4) Heat Leakage Calculations (see Fig. 11) 


The amount of insulation provided on the insulated surfaces 
is dependent on a number of factors such as compressor 


Insulating materials :— Shipside Deckover Deck 


Chamber Approximate heat leakage values 


Insulated surface 


Insulation thickness z 
Frame height y 
Frame pitch Pp 
Frame face Ww *See formulae below 
Insulation factor kK, See table of normal insulating materials 
T 
Ground factor K2 Varies between 0,75 and 0,95 see para D-6,2 
pele "U" AO *Heat leakage = , 
actor 
| _KixMxN (EY, W , 2/2—s"(Z=x)) | 
Surface length M K, xP fa x Z 3x 
| Surface height or (When 0,5(P-W) is greater than /Z’- x?) | 
width N K, x Mx N ety | 
| ——— 2x + \? { 
K, x P 2 ~ \p _w a 
Surface area AQ p-w\? a? x 
3x > tx | 
Total surface area : (When 0,5(P-W) is less than [Zz 2) 
| Additions a — 7 
AxBxK3 Average values of K; Pos! 
Macgregor hatches : 0,80 - 1,2 Keal/hr/m2/C 
Hatches 


Multiple plug hatches : 1,00 - 1,5Kcal/hrM Keal/hr/m?/°C 


Plugs or doors 1,00 Keal/hr/m2/°C 


Pillars (Based on periphery) 0,30 Kceal/hr/m2/°C 


Deep girders or frames 


0,20 - 0,30 Keal/hr /m2/°C 


Meat rails (Based on superficial area)0, 10 Kcal/hr/m2/°C 


~~ Heat leakage upper surface — 

\ y 1,05(L + 300) , Ax Kyribband 
—A 2000 Sc 

Heat leakage lower surface 


A x Kideck ~ 
L = length of ship 2 000xy- Keal/hr/m2/°C 


Deck periphery 


Bulkhead periphery 


Press Z for total BO 
Surface heat leakage 


Total chamber heat leakage ‘hr/° = 
Chamber Internal temp = External temp = Temp diff = 


Chamber heat leakage under max. ambient conditions = 


2 Min rev/min ¥ 2 642 or 2545 : a 
Beth tote the (fies Tart ( ) Efficiency * 2 
Total cooler load ‘br = 
Total cooler area : 
Cooler MTD = =. > = 
Cooler surface area x cooler K 
Fic. 11 


Heat Leakage Calculation Sheet with Associated Constants. 
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capacity, carrying temperature, insulating material, etc., and 
is primarily determined by economic considerations. 

However, present practice with modern insulating materials 
is to provide a minimum insulation thickness of some 50 mm. 
over the face of beams, etc., to give 0°44 to 0°49 Keal./hr/ 
m.2/°C (0:09 to 0:10 BTU/hr/ft.2/°F) when based on the 
Society’s ““K” values used for the different insulating materials, 
installed in accordance with normal practice. 

When determining the heat leakage through the various sur- 
faces consideration must be given to steel work buried in the 
insulation which includes both framing and items used for 
ground attachment. To this value various allowances must be 
made for such items as hatches and other apertures, bulkhead 
and deck periphery’s, meat rail and brine grid fastenings, etc. 

The usual form of heat leakage calculations for one cham- 
ber is given by Fig. 11 together with the associated data and 
heat leakage constants used. 


(D5) Prior to insulating the chamber it is important to 
ensure: 


(D5.1) That the containing steelwork (or building structure) 
is completely airtight and this matter has been dealt with 
under Section A2. 


(D5.2) That the various air pipes, sounding pipes and drains 
required to be led through the insulation are installed as close 
to warm steelwork as practicable (paragraph E418 refers). 
Attention to this detail not only prevents blockage of the line 
by ice formation, but also reduces heat leakage into the cham- 
ber by ensuring that an adequate insulation thickness can be 
maintained. 


(D5.3) That all steelwork has been suitably coated and where 
the surfaces are adjacent to oil tanks the special requirements 
given by paragraph E345 and 346 have been fulfilled as fol- 
lows : — 

(a) With riveted oil storage tanks an air space of 50 mm. 
(2 in.), is provided between the insulation and the asso- 
ciated oil tank bulkhead. Provision being made both to 
drain and ventilate the space formed, the vents being 
provided with a wire gauge diaphragm. Insulation in way 
oil storage tank tops should be treated or coated as for 
welded surfaces. 

(b) With welded construction (including boundary connec- 
tions) the air space may be omitted provided the surface 
is coated with successive coatings of an approved oil- 
impervious composition, details of which should be shown 
on the insulation plans. 


(D6) The arrangement of insulation on insulated surfaces 
generally takes the form of : — 


(D6.1) A Vapour Barrier on the warm surface which normally 
takes the form of a film impervious to water vapour such as 
tarred paper or a plastic membrane which prevent the insula- 
tion coming into contact with the external environment. 

In installations classed with the Society the primary vapour 
barrier is provided by the airtight metallic boundary. How- 
ever, where the insulation is installed outside the metallic 
boundary or otherwise in contact with atmospheric conditions, 
e.g. in way of oil tanks a separate vapour barrier should be 
provided on the warm surface. 


(D6.2) Grounds 


From the metallic boundary a load bearing structure is 
constructed to support the inner lining of the insulation. This 
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structure is usually composed of wooden members called 
grounds. These members being preferably of hard wood or 
alternatively of a soft wood impregnated against dry rot and 
insect attack, the grounds are usually some 100 mm. (4 in.) x 
50 mm. (2 in.) section spaced at 750 mm. (30 in.) centres on 
vertical and overhead surfaces. The grounds being attached 
to the associated ship’s structures by a system of clips and 
bolts which materially affect the heat leakage through the 
insulation as follows :— 

In older ships the grounds were attached by bolts to either 
the web (side grounds) or flange (face grounds) of the frame 
or beam throughout their length. These arrangements, how- 
ever, reduce the insulating effect in way of the beam and 
cause an increase in heat leakage of some 14 per cent. 

With modern installations the grounds are run either 
diagonally or at 90° to the frames, being attached by a system 
of bolted blocks and welded lugs to the frame face, causing 
an increase in heat leakage of some 12 per cent. 

In addition various patented arrangements are used which 
take the form of wooden or plastic blocks attached by shaped 
metal clips to the bulb or flange with the insulation linings 
then being secured to the blocks by profiled sealing strips 
which secure the edges of each panel. The use of the various 
clip and block system simplifies the fitting of the insulation 
and give a smaller increase in heat leakage of some 10 per 
cent for the various Miller, Mersey Gregson and other rail 
systems. 

Where wooden grounds are fastened to surfaces subjected 
to excessive heat, asbestos strips should be provided between 
the grounds and the surface. 


(D6.3) Linings are generally constructed from :— 

(a) Galvanised steel or aluminium sheet 2 mm. (12-14 SWG) 

thick when adjacent to cargo and 1:5 mm. (16 SWG) 

behind air screens. When the linings are formed by 

aluminium sheets suitable precautions such as insulating 

joints (Denso tape) and galvanising fastenings need to be 

taken in order to prevent galvanic action where contact 

between aluminium and steel may occur. 

Resin bonded plywood 20 mm. (} in.) thick when adjacent 

to cargo and 8 mm. (3 in.) thick behind air screens. 

(c) Oil tempered hardboard is also used primarily behind air 
screens and for deckheads. 

Of the above forms of lining steel gives the strongest pro- 
tection but is costly due to difficulty in installation. Plywood 
is often preferred both on a basis of cost and ease of installa- 
tion, although care should be taken to make all panel joints 
in way of ground members. 

When erecting linings it is imperative that the various panel 
joints, especially when they form part of the air ducting, are 
air tight. This seal is provided by various proprietary non- 
setting sealants and mastics in either paste or strip form, which 
do not age and retain their plasticity. It is for this latter reason 
that white lead putty should not be used as it hardens with 
age and joints so produced develop leakage. The Surveyors 
should, however, ensure that any sealant used is free from 
odours liable to produce taint (see Appendix II). 

Present practice with metal linings is to use pop rivets for 
the various fastenings and these should always be of the blind 
or sealed type. 

Linings fitted over air pipes, drains, sounding pipes, etc., 
should be marked and made portable so as to enable easy 
access for repair if necessary. 


(b) 


(D6.4) The linings of deck and tank top insulation require to be 
more robust than those for other surfaces as they are required 
to support the cargo and are generally provided by either two 
layers of tongue and groove timber the lower layer being 25 
mm. (1 in.) thick softwood and the upper layer being 40 mm. 
(14 in.) thick hardwood or 25 mm. (1 in.) of resin bonded 
plywood which may be increased to a 50 mm. (2 in.) hard- 
wood sheath in way of the hatch square when heavy general 
cargoes are anticipated. In view of these increased loads the 
linings are supported by 75 mm. (3 in.) square grounds space 
at 450 mm. (18 in.) centres or equivalent arrangements. 

Alternatively the upper layer of lining may be provided by 
a 38 mm. (14 in.) layer of steel reinforced asphalt the steel 
reinforcing section being 25 mm. x 2:0 mm. (I in. x 14 SWG) 
section with a 75 mm. (3 in.) square (or triangulated form) in 
way of hatch. Asphalt provides a watertight seal for the deck 
and is preferable as it permits frequent washing of the cham- 
ber surfaces. It is, however, important that a suitable grade 
of bitumastic is used, that has a satisfactory hardness at high 
temperatures to prevent deformation. The provision of 
the inspection plugs required by the rules in this type of insula- 
tion is important to enable subsequent inspection for damp- 
ness. 

Deck and tank top insulation may also be required to sup- 
port fork lift trucks and while the above arrangements should 
be suitable for fork lift trucks with a maximum wheel load of 
3 tonnes (3 tons) the design of load bearing linings for both 
decks and shipsides is the concern of the owner, and where no 
previous experience exists the Surveyors should recommend 
that load tests be carried out on a mock structure. 


(D6.5) G.R.P. Linings 


Glass reinforced plastics are extensively used for the lining 
materials of doors, plugs hatches and insulated container inner 
surfaces. The reinforcement usually being layers of glass mat 
made of chopped strand and/or woven rovings with a weight 
of 1-14 oz./ft.*, the thickness of the finished laminate being 
approximately | mm./14 oz. of glass reinforcement. 

To produce a good G.R.P. laminate it is necessary to ensure 
that the moulding conditions are: — 


(1) 
(2) 


Clean, dry and completely free from draughts. 
Maintained at temperature (approximately 
15°C (60°F)). 

The resin is mixed in the correct proportions, and 


a suitable 


(3) 

(4) The glass reinforcement is dry, clean and correctly laid 
up. 

If the above requirements are not observed the curing of 

the laminate will be delayed and this undercure can cause 

conditions where odours liable to produce taint are given off 

over an extended period. 


(D6.6) Ribbands 


When insulating intermediate decks in a refrigerated cham- 
ber an insulation boundary some 600-750 mm. (24 in.—30 in.) 
called a ribband is fitted at the periphery on both upper and 
lower surfaces. 

Similarly, decks which separate refrigerated chambers are 
normally only insulated on the underside with a ribband, 
being provided on the upper face, similar practices are some- 
times used with divisional bulkheads but there is liability of 
sweating damaging adjacent cargo. Apart from the reduction 
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in cost, the use of ribband insulation permits the use of plain 
steel decks with fork lift truck operation. Its disadvantage is. 
however, an increased rate of heat leakage. 


(D7) Cargo Battens 


The rules require cargo battens to be provided on all 
vertical insulated surfaces, e.g. bulkheads, pillars, shipsides, 
etc., except air ducting, air screen bulkheads, etc., although 
their provision in way of air circulation openings is desirable. 
Any battens fitted are arranged to suit the direction of air flow 
(horizontal or vertical). 

The battens should be of wood, or aluminium top hat 
section some 50 mm. (2 in.) x 50 mm. (2 in.) section (with 
chamfers being provided at outer corners) spaced at approxi- 
mately 400 mm. (16 in.) centres, although consideration can 
be given to alternate batten forms depending on cargo and air 
circulation arrangements, i.e. Warkhaus profiled plywood. 
(D8) Gratings 

Gratings, whether of metal or wood, must be sufficiently 
rigid and robust to support the weight of the cargo, including 
the weight of a fork lift truck if this is to be used, and yet be 
portable so that they may be easily removed and stacked if 
and when general cargo is to be carried. In this connection 
since the size of the air holes through the grating top are 
sometimes of varying sizes, in order to provide an even distri- 
bution of air throughout the chamber, it is important that 
each grating is clearly identified. In addition, the clearances 
between adjacent gratings should be sufficient to provide for 
swelling when damp. 


(D9) Fixtures in Insulated Chambers 


The rules require that ferrous materials used for hangers, 
brackets and fixtures to support cooling coils and grids, insula- 
tion linings, meat rails, etc., together with their fastenings are 
to be hot dipped galvanised (or cadmium plated with small 
items). This requirement being necessary to eliminate corro- 
sion and the possibility of water containing rust contaminating 
the cargo. Where it is necessary to cut bolts after galvanising 
the exposed end should be covered by galvanised cap nuts. 


(D10) Meat Rails 

Where meat rails are installed the fastenings should be 
made by bolts direct to the beams with fibre washers and 
ferrules to reduce heat leakage or, alternatively, attachment 
to hardwood side grounds can be accepted. In addition con- 
sideration must be given to the strength of the overhead 
structure for the loads imposed. 


(D11) Brine Grids 

As with meat rails the attachment for overhead brine grids 
must be made directly to the beams or associated hardwood 
grounds. However, brine grids on vertical surfaces may be 
attached directly to the grounds by means of lag or coach 
bolts. Battens require to be provided to prevent any cargoes 
carried coming into contact with the grid. 


(D12) Plugs, Plug Hatches and Doors 

Insulated plugs, plug hatches and doors fitted for chamber 
access, over hold bilges, and in way of double bottom tank 
manholes are normally constructed in a tapered form with 
foam rubber or neoprene joints on the mating faces. It is 
important that both plugs and doors are covered with an 
efficient vapour sealing material so as to prevent water vapour 
or odours liable to cause taint entering the chamber or door 


insulation. Further, if the vapour seal is not efficient, wooden 
plugs and doors swell and so destroy the initial close fit 
required. Where doors are in exposed positions as on weather 
decks they should be provided with two seals, one seal being 
situated close to the outer edge of the mating face so as to 
prevent the entry of water, with subsequent jamming by 
freezing. 

Normally, access doors and plugs are designed so that they 
can be opened from both sides so as to prevent persons being 
trapped in the chambers. 


(D12.1) Insulated Pontoon Hatches 


The above type of hatch has to a large extent replaced the 
multiple plug type of hatchway as used on older tonnage. As 
with doors, hatches in exposed positions should be provided 
with two seals on the mating faces. Also in view of the weight 
of these hatches landing pads should be provided on mating 
faces to prevent excessive seal damage. 

During construction or renewal a “‘chalk” marking test 
should be carried out to verify the jointing efficiency. 

With hydraulically operated hatches care should be taken to 
ensure that leakage of the hydraulic fluid from the various 
joints and glands will not contaminate cargo and where 
hydraulic circuitry is exposed to low temperature conditions 
leakage through the various seals is more likely. Further, any 
hydraulic fluid used for hatch operation requires to have a 
freezing point below that experienced in operation. 


(D13) Drainage from Refrigerated Chambers 


(D13.1) All chamber drains must be accessible for priming and 
cleaning. In addition cooler tray drains should be accessible 
for priming when the chamber is loaded. 


(D13.2) All drain pipes from refrigerated chambers including 
air cooler trays should be arranged with a downward slope so 
as to be self draining and should be led by the shortest pos- 
sible route to steelwork which is subject to ambient tempera- 
ture conditions with metallic contact being provided when the 
pipes are adjacent to refrigerated spaces. If the exposed drain 
line in the chamber exceeds 3 m. then suitable heating coils or 
elements should be provided over the entire length exposed. 
(D13.3) Liquid sealed traps require to be situated in the drain 
lines from independent chambers to prevent contaminating 
odours entering the chamber from external sources which 
includes other independent refrigerated spaces and where 
chamber drains join a common main a trap should be pro- 
vided between the chamber and the main. Liquid sealed traps 
should be: — 


(1) Situated outside the insulated boundary so as to prevent 
freezing. 


(2) Designed to provide a minimum pressure head of 100 
mm. (4 in.) from air ducting and 50 mm. otherwise. 
(3) Capable of maintaining the liquid seal when inclined to 


an angle of 22°5°. (The axis of the trap should preferably 
be situated in the fore and aft direction.) 


(D13.4) Where the chambers are situated on tank tops adjacent 
to the bilges non-return valves should be provided in the drain 
lines in addition to the liquid sealed trap. 


(D14) Capacity of Cargo Chambers 


On completion of construction the capacity of the cargo 
chambers requires to be verified by the shipbuilder, and the 
Surveyors should ensure that the shipyard or contractors have 
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calculated the capacity of the chambers from actual measure- 
ments obtained aboard the ship, and not from those shown on 
plans unless these have been confirmed by actual measure- 
ments. 

The capacity being measured from the face of overhead 
*tween deck to the tank top insulation lining, or the surface of 
‘tween deck where uninsulated; or from the face of brine 
pipes or air ducts: from the face of permanent cargo battens 
or air screens or air coolers or casings. Deductions being made 
for floor gratings which are part of the air circulation system, 
for pillars stanchions and other fixtures which interfere with 
the cargo carrying capacity, but not for loose or portable floor 
dunnage, or for portable bins or trays and their supports. 

The volume bounded by hatch coamings is normally in- 
cluded in the total capacity of the refrigerated spaces only 
when positive refrigeration of the space is provided by means 
of air ducts or other approved means. Where air ducts are 
attached to insulated deck heads, the spaces between the air 
ducts should not be included in the refrigerated carrying 
capacity unless an approved means of refrigerating the space(s) 
is provided. The available volume or total carrying capacity 
(in cubic feet) of the refrigerated cargo holds, chambers or 
lockers, for classed installation, is shown in columns 7 and 8 
in the Register Book and Ship Owners and Charterers, etc., 
attach a great deal of importance to the information quoted 
being correct. 


Section E 
THERMAL TESTS 


The Society’s Rules require a refrigerating and thermal 
capacity test to be carried out on all classed refrigerated 
installations, this test being necessary to ensure that the 
installation is capable of maintaining the temperature notation 
required when subjected to maximum ambient conditions. 

The precise method of testing is determined by the type of 
installation under consideration. However, regardless of the 
method used, if accurate results are to be attained, it is 
imperative that : — 

(a) All residual heat is removed from the insulation and 
associated structure at the test temperature so that a 
constant temperature gradient exists over the insulation. 
This period is called a “Stabilization Period” and its 
duration is dependent on the initial cooling rate. 

The internal temperature of the chamber is the same at 
commencement and completion and maintained substan- 
tially constant through the test period. 

The variation in external temperature associated with the 
balance period is the minimum value obtainable. 

The operation of compressors (or heaters), fans, brine 
pumps and other items that extract heat from or intro- 
duce heat into the chamber are operated under controlled 
conditions so that the rate of heat flow can be accurately 
determined. 

Suggested procedures for carrying out thermal tests on the 
various types of installations are as follows: — 


(b) 


(c) 


(d) 


(El) Heat Balance Test 


This is the most general form of test and is used to ascertain 
the condition of both conventional installations and classed 
containers. The test is carried out in three phases consisting of 
a cooling down period, stabilization period and test (balance) 
period as shown in Fig. 12. 


The test procedure is such as to compare the theoretical 
heat leakage through the insulated envelope with the actual 
heat leakage as determined from the compressor output with 
deductions for the heat input of air circulating fans, refri- 
gerant pumps and heaters. The significance of the various test 
data recorded can be more easily appreciated if the test is 
considered in three separate phases : — 


(a) Theoretical heat leakage (see paragraph ES.1) as deter- 
mined by the difference between chamber temperature and 
the associated external ambient temperature (see Fig. 12). 


(b) Compressor refrigerating effect as determined by suction 
gauge temperature, condenser or discharge gauge tem- 


perature, compressor speed and running time. 


(c) Additional heat inputs such as air circulation fans, brine 
pumps, and heaters the power inputs of which should be 
determined by wattmeter with A.C. systems. 


Where an installation is comprised of a number of cham- 
bers each with its own machinery, completely independent 
balance tests must be carried out if any common surface exists 
between any of the chambers. 


(E2) Cooling Down Period 


The time taken to cool the installation to the test tempera- 
ture is not the direct concern of the Surveyor, it does, how- 
ever, provide an opportunity to ensure: — 


(E2.1) The refrigeration machinery is operating satisfactorily, 
i.e. suction gauge temperature 5°—7°C (8°—12°F) below cham- 
ber temperature and discharge gauge temperature 6°-8°C 
(10°-15°F) above cooling water inlet temperature. 


(E2.2) Check that power and circulating water services will be 
maintained. 


(E2.3) Ensure that an adequate temperature difference will be 
obtained between the chamber temperature and ambient con- 
ditions, i.e. 20°C (35°F) minimum. 


(E2.4) Ascertain that the following instruments have been 

calibrated. 

(a) Chamber thermometers. 

(b) External ambient temperature thermometers (preferably 
wood case type). 

(c) Compressor suction and discharge thermometers. 


RELATIONSHIP OF BALANCE PERIOD TEMPERATURE READINGS 


| T 
Mean ambient temperatures 


o°C 


Notation temperature 


20°C 


Cooling down period (25 hours) 


1200 0600 


Stabilization period = 11 hours 
(Minimum required ? hours) 
4 =e 


Associated period of 


ambient temperature 
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Heat conduction 
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(9 hours) 


Stop - start compressor operation 


(in use 2 hours, off 1 hour) | 


| 


For 3 complete cycles 


1200 1800 


_ Time 24/5/71____ : Alia 


Fic. 12 


Temperature/Time Relationship During Balance Test. 
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(d) Refrigerant liquid line thermometer (at the expansion 
valve). 


(e) Compressor suction gauge—this calibration is most critical 
and preferably a large scale gauge should be fitted after 
any temporary suction filter or cleaning sock—alterna- 
tively, the pressure (temperature) drop over the filter 
should be established and the necessary correction applied 
to compressor conditions. 


(E2.5) Carry out an inspection of all chambers and cooler 
spaces and ensure that: — 

(a) The insulating work is completed. 

(b) All hatches, manhole plugs, etc., are in place. 

(c) Air refreshing ducts are closed. 

(d) Chamber and air cooler drains are primed with brine. 
(e) The air coolers are not heavily frosted. 

(f) 
(g) All access doors are closed and preferably locked. 


All chambers and cooler space lights are extinguished. 


(E2.6) Carry out an inspection of the external surfaces and 
verify that: — 


(a) The external ambient temperature thermometers are in 
the selected positions and arranged so as to be shaded 
from the sun and situated in free air some 100 mm. (4 in.) 
from the surface concerned. 


(b). No variation in the temperature of tanks adjacent to the 
refrigerated spaces is liable to occur. 


(c) Record the vessel’s draught for’d and aft. 


During this period it is preferable that all compressors 
should be operated together for a limited period, the chamber 
temperature and suction gauge temperature being recorded so 
that the temperature drop at full load conditions can be 
verified. 


(E3) Stabilization Period 


The duration of this period is dependent on the initial cool- 
ing down rate, the minimum permissible time being given in 
the details forwarded from Head Office. As previously stated, 
the purpose of the stabilization period is to remove all residual 
heat from the insulation and associated structure and if this 
period is not observed, the test result will be inaccurate. 

During the stabilization the chamber temperature is held 
steady by successively reducing the compressor capacity or 
varying the heat load by a combination of the following 
methods : — 


(E3.1) Varying Compressor Capacity 

(a) Reducing the number of compressors in use. 

(b) Controlling compressor speed (not generally available 
with A.C. power). 

(c) Operating one or more compressors on a stop-start basis. 

(d) Varying the condensing temperature preferably by re- 


circulating the cooling water, if this connection is not 
available the cooling water flow through the condenser 
should never be excessively restricted. 

Under no circumstances should the compressor capacity be 
reduced by closing the compressor suction valve or by cutting 
out cylinders with the automatic or other arrangements during 
the balance period. 


th 


(E3.2) Varying Heat Load 

(a) Changing the number and operating speeds of the air 
circulating fans, which should preferably be operated at 
minimum speed during the test. 

Changing the number and operating speeds of refrigerant 
or brine pumps within design limitations. 

Introducing black or screened radiant type heats into the 
chambers—the heaters being introduced into the air- 
stream if not provided with their own fans. 

Reselecting the test temperature which need not be the 
same as the notation temperature although it should not 
be reduced more than 1°C below that value without 
agreement of both owners and builders; paragraph N503 
of the Rules refers). If appreciable changes in test tem- 
perature are required then the stabilization period should 
be extended. 

The successive adjustments to compressor performance and 
heat load during the stabilization period should produce a 
condition so that at the end of the period the heat load and 
compressor capacity are equal and require no further adjust- 
ments during the balance period. 


(b) 


(c) 


(d) 


(E3.3) During this period it is important that the power con- 
sumption of the air circulating fans, refrigerant pumps and 
heaters is established; subsequent control during the test being 
by monitoring the associated ammeters and voltmeters. With 
alternating current machinery it is imperative that the power 
consumption is obtained by wattmeter readings (see Appendix 
VII) since the power factor of A.C. motors varies with load, 
motor speed and type. 


(E3.4) The Surveyor should arrange for the external tempera- 
ture readings to be taken at hourly intervals commencing 
some hours in advance of the balance test period as given by 
the heat conduction period stated in Head Office instructions 
as shown in Fig. 12 and continuing until the balance period 
is completed. 

At the end of the stabilization period all the residual heat 
should have been extracted from the insulation and structure 
and this can be verified by observing the compressor opera- 
tion which should show no further variation having been 
required in compressor control. 


(E3.5) If, towards the end of the stabilization period, steady 
state conditions for compressor output and chamber tempera- 
tures have not been established then the stop/start method of 
test should be used. 


(E4) Balance Period 
The balance period is now commenced, provided that the 
logs of associated external ambient temperature show a 
period of reasonably steady temperature (this period usually 
occurs between 2200 and 0600 depending on the time of year). 
The balance period should last for at least six hours. With 
stop/start compressor operation this period may require to 
be extended so that the test is composed of completed com- 
pressor cycles. Throughout the test all compressors should run 
in manuai control, with any capacity control device isolated. 
During the balance period the following readings should be 
taken at hourly intervals: — 
(E4.1 Chamber internal temperature. 
(E4.2) The electrical readings, i.e. volts, and amps of air 
circulating fans refrigerant pumps and heaters. 
(E4.3) Brine inlet and outlet temperatures. 


(E4.4) 

(a) Compressor saturated suction temperature (from suction 
gauge). 

Compressor suction superheat temperature (from suction 
thermometer). 


(b) 
(c) Compressor saturated discharge temperature (from dis- 
charge gauge or condenser gauge). 

(d) Compressor r.p.m. (at compressor crankshaft with belt 
drive). 


(e) Refrigerant liquid temperature from immediately before 
the expansion valve if possible. 

(f) Compressor running times with stop/start operation. 

If the test is being carried out with stop/start compressor 
Operation then the machinery should be operated so that the 
temperature variation in the chambers (or the brine system) 
does not vary by more than +1:0°F and the readings 
required for compressor operation are recorded at the mid 
point of the cycle. The operation of both air circulating fans 
and refrigerant pumps should be maintained with the com- 
pressors stopped due to the difficulty of accurately recording 
their running times. 

The temperature of each chamber on completion of the 
test should be significantly the same as that which existed on 
commencement of the test, and to achieve these conditions 
the balance period may be required to be extended well above 
the six hour minimum period and a 24 hour balance period 
may be required when large variations in ambient tempera- 
ture are present. 

Persistent variation in chamber temperature of 0° 1°F/hr 
can cause an error of some 10 per cent in the test result. 
Should specific (rogue) chambers show a variation in tem- 
perature contrary to the general pattern this can be controlled 
to some degree by varying the fan speeds (increasing fan 
speed increases heat input and therefore, increases chamber 
temperature), or with brine installations the brine flow to the 
particular chambers can be adjusted. 


(E5) Results 


On completion of the balance test the data recorded is 
placed in two separate categories : — 


(E5.1) Theoretical heat leakage which is comprised of cham- 
ber internal and external temperatures. 

The heat leakage for each surface of the insulated envelope 
is obtained by multiplying the values given in the Theoretical 
Heat Leakage Assessment Sheet (as forwarded from Head 
Office) by the appropriate mean temperature differential for 
that surface over the associated balance test period. 


(E5.2) Data concerning the actual heat leakage as deduced 

from the compressor output, this being obtained as follows : — 

(a) Compressor output as determined from the compressor 
output curve forwarded from Head Office by plotting the 
mean values of compressor saturated suction temperature 
and saturated discharge (condensing) temperature re- 
corded over the balance period. The values obtained from 
this curve should not be corrected by the Surveyors for 
suction superheat and liquid sub-cooling conditions, since 
in order to provide an accurate comparison with the 
maximum ratio the assumed compressor conditions would 
need to be similarly corrected and this can only be done 
in Head Office. 


(b) The value so obtained is corrected to give the Nett Com- 


pressor Output/hr which in the case of reciprocating 


: Compressor r.p.m. 
compressors = Curve Output/hr x - 


x 
Curve r.p.m. 


No. of Cylinders on Compr. Running Time hrs. 


No. of Cylinders on Curve = Balance Periods hrs. 
With screw compressors output is not proportional to 
speed and no correction should be made. 

(c) The measured heat leakage can now be determined by 
subtracting the heat input of fans, pumps and heater from 
the Nett Compressor Output/hr. 

Therefore, measured heat leakage=Nett Compressor 
Output —(Fan+Pump~+ Heater Watts) x 3°41 BTU/hr or 
0-86 Keal./hr. 

(ES5.3) The test ratio is now obtained by dividing the measured 

heat leakage by the theoretical heat leakage. 


; Measured heat leakage 
Test ratio= 


- the ratio obtained 
Theoretical heat leakage 

should be less than the maximum permissible ratio given by 

Head Office and tends towards 1:0 if the theoretical heat 

leakage calculated in Head Office accurately represents the 

true heat leakage. 


(E6) Heater Tests 


Sometimes due to low ambient temperature conditions, or 
other causes, it may be necessary to carry out a heater test on 
the installation and in such cases, the procedures and limits as 
given for the balance test are repeated for the warming up, 
stabilization and test periods. 

With modern installations, the fan heat input is often suffi- 
cient to provide an adequate temperature differential, although 
this can be supplemented with screened or black heat electric 
heaters. As with the balance test the power inputs must be 
determined by wattmeter readings. 

The test result is then expressed as a heat leakage rate per 
degree temperature variation : — 


Heat leakage rate= 


Fan and heater power input watts. 3-4] BTU/hr or 


x 
Mean ext. temp.— Mean int. temp. 0°86 Keal./hr 


Mean external temperature difference= 
Total theoretical heat leakage 


Total theoretical heat leakage / degree, 


i.e. Column 5 divided by Column 1 on Society’s theoretical 
heat leakage sheet. 


(E7) Container Thermal Tests 

As with conventional installations containers require to be 
subjected to the cooling down and _ stabilization periods 
although due to the size of the container and reduced insula- 
tion thicknesses these periods can be reduced to some 12 
hours duration. Also if the container can be placed under 
cover so that it is not subject to variations in external tem- 
perature the balance test can be carried out at any time. 

The thermometers are situated internally and externally so 
as to record the temperature differential and ideally this 
should consist of 12 distant-reading thermometers (situated at 
each corner and the centre of each long surface) being pro- 
vided for both inside and outside surfaces. 


aaa ina a rn a ae are ec 


The balance test can be carried out by either: — 


(i) A simple method in which the compressor is operated 
to maintain the required chamber temperature under 
automatic control with the air flow over the condenser 
re-circulated until its temperature reaches and can be 
maintained at that required by the temperature notation. 
The running time of the refrigerating machinery is now 
recorded over a six hour period, from which the running 
time in maximum conditions can be deduced as it is 
directly proportional to the mean temperature difference 
existing over the surfaces, viz.: — 


Running time at notational temperature= 
Notational temperature difference 


Running time recorded x : 

Recorded temperature difference 

(ii) The alternative and more usual form of test is a modified 

form of balance test in which, with the chamber at nota- 
tional temperature : — 


(a) The compressor output during the test is determined 
from the maker’s curve. 


(b) The compressor output during maximum conditions 
being determined as above using a suction gauge tem- 
perature some 1°C (2°F) above the test suction gauge 
and a discharge gauge temperature some 8°C (15°F) 
above maximum ambient. 
(c) The heat input of the evaporator fan is determined, 
which equals watts x 0°86 Keal./hr or x 3-41 BTU/hr 
which should be multiplied by 0°85 if the fan motor is 
outside the insulated envelope. 
(d) The ratio of 

Compressor running time during test (hrs) 


Balance test period (hrs) 
(e) The ratio of 
Design internal/external temperature difference 


Test internal/external temperature difference 


from which the machinery operating time/day at maxi- 
mum conditions can be deduced as follows: — 


(1) Where evaporator fan stops and starts with the com- 
pressor 


24 x (€) x (¢) xO) 


hours/day. 
(b)-(c) 


(2) Where the evaporator fans run continuously 


24 : 
ib) x [© [(a) x (d)—()]+(c)] hours/day. 


Section F 
MISCELLANEOUS 


(F1) Cold Stores 


The principles governing marine installations and cold 
stores are identical. However, the requirements for cold stores 
are in general noi so stringent as with marine practice due to 
less severe environmental and operating conditions. 

In general the main differences between marine and cold 
store practice are: — 


(a) The design pressures for the refrigerant circuit are based 
on anticipated maximum ambient temperature. 


(b) Since the plant runs continuously and is not subjected to 
a marine atmosphere, the requirements for protection 
against corrosion can be reduced and in general galvani- 
sing of air coolers and refrigerant pipework is not 
required. 


(c) On completion the plant is not subjected to a balance test, 
but copies of log sheets giving internal and external tem- 
peratures and compressor operating conditions should be 
forwarded. 


(d) Where machinery operates under remote control it should 
not be left unattended for more than 18 hours. 


(ec) With regard to the fitting of insulation in general this is 
much easier than in marine practice since most boun- 
daries are formed by plain surfaces, however, 

(i) The provision of mechanical fastenings for the insula- 
tion on vertical and overhead surfaces is important due 
to the large areas involved. 

(ii) In order to prevent “frost heave’ (a phenomena 
caused by water contained in the soil beneath the floor 
being frozen) the floors of cold stores should be raised 
to provide an insulating air space or alternatively electri- 
cal or liquid heating circuits in two parts should be pro- 
vided below the floor insulation, and these heating circuits 
should be tested before insulation work commences. 


(f) Cold stores unlike ships are seldom able to present the 
chambers for routine survey in the empty condition and 
standard practice is to examine the rooms as far as prac- 
ticable with re-examination of doubtful areas being car- 
ried out in conjunction with operational requirements. 


(g) The various different pressure vessels to be found in the 
refrigerant circuits of cold stores have been detailed under 
paragraph C.3. 


(F2) Classed Containers 


Quite distinct from, and in addition to, the current boom in 
certified containers, the Society class refrigerated containers 
that have been constructed and tested under survey and are 
subjected to both running and special survey requirements and 
Loading Port Surveys. 

These containers are normally individually built in various 
sizes that do not necessarily conform with ISO requirements 
and are always provided with integral refrigerating machinery. 
The insulation arrangements of these containers do not differ 
significantly from standard practice, although the structural 
arrangements require careful attention especially where the 
container requires to be lifted in the loaded condition and 
should be such that the maximum deflection of the longi- 
tudinal members when subjected to a series of three progres- 
sive load tests up to 1} xmaximum cargo load does not 
exceed | in 1,200. The roof structure should be similarly tested 
if required to support hanging cargo. For containers that are 
required to form part of a vertical stack, the tests should also 
include a superimposed load test equally distributed over the 
support points to 1°8 times the intended loading. Similarly, 
tests should be carried out on the floors of containers required 
to operate with fork lift trucks. One group of the above tests 
should be carried out for each set of five identical containers. 

On completion of the above tests the container should be 
marked with the owner’s name and identification number 
(surprisingly the Society’s motif is only used on certified 
containers) and the relevant safe loading conditions as deter- 
mined above. 


Container machinery also follows standard practice although 
where air cooled the design pressure may be increased as 
stated in Section B2. The machinery capacity of all containers 
must be verified by a balance test (see Section E7) and this 
capacity should be capable of maintaining the tempera- 
ture notation with not more than 18 hours operation/day 
with single unit installations, and continuous operation with 


multiple unit installations where one unit provides stand-by 
capacity. 

For each group of identical containers, up to and including 
ten, a complete set of spare gear must be carried (on each ship) 
which additionally requires to be supplemented by a spare 
compressor where the refrigeration is provided by single unit 
installations. 


USEFUL CONVERSION FACTORS 


One kilowatt—hr 
One metric horsepower 
One horsepower 


=3,412 BTU/hr=860 Keal./hr 
=2,510 BTU/hr=632 Keal./hr 
=2,545 BTU/hr=641 Keal./hr 


Total heat transfer (Q) 

Rate of heat transfer/hr (q) 

(Compressor output, etc.) 

Heat transfer coefficient (C) 
(Deck edges, etc.) 

Heat transfer coefficient (U) 

(Overall coefficient for surfaces) 

Thermal Conductivity (K) 

(Unsulation heat leakage values) 


=1:0 BTU=0:252 Keal. 
=1:0 BTU/hr=3:°97 Keal./hr 


=1:0 BTU/hr/ft./°F=0-675 Keal./hr/m./°C 
=1:0 BTU/hr/ft.2/°F=0-204 Keal./hr/m.2/°C 


=1:O BTU/hr/ft. or in./ft.2/°C 


=8:°06 Keal./hr/m. (or mm.)/m.2/°C 


Thermal resistance (R) =1/K 


Cooler or surface MTD 


Heat transfer/hr (q) 


(Mean temperature difference) 


Surface area x heat transfer coefficient (U) 


Electrical power (Watts) =Volts x amp. x 3 x COS @ 
(3-phase A.C.) (Where COS 4= Power Factor) 
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APPENDIX I 


COMPATIBILITY OF VARIOUS REFRIGERATED CARGOES 
PERISHABLES WHICH MAY, OR MAY NOT, BE STOWED UNDER CHILLED CONDITIONS IN THE SAME SPACE 
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Green peppers 
Vegetables (root) 
Vegetables (leaf) 


Green Beans 
Lemons 


Lichis 
Flowes (bulb) 


Apples 
Avocado pears 
Egg fruit 
Grapes 
Grapefruit 
Nectarines 
Oranges 
Peaches 

Pears 
Pineapples 
Plums 
Trangerines 
Flowers (cut) 
Tomatoes (G) 
Tomatoes (R) 


Y—CAN Be STOWED IN SAME SPACE 


N— CANNOT BE STOWED IN SAME SPACE 


COMMODITIES WHICH MAY, OR MAY NOT, BE STOWED IN THE SAME HATCH OR ADJOINING SPACES 
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Fish (frozen) 
Rock Lobster 


Beef (frozen) 
Grapes 


Apples 
Bacon 
Beef (chilled) 
Butter 
Cheese 
Eggs 
Mutton 
Oranges 
Pork 
Peaches 
Plums 
Potatoes 
Vegetables 


SLIGHT DANGER OF Cross TAINT 
BR = DANGER OF Cross TAINT PRESENT 


SR= 


Y =No DANGER OF Cross TAINT 


N 


Cross TAINT WILL PROBABLY TAKE PLACE 


FROZEN COMMODITIES WHICH MAY, OR MAY NOT, BE STOWED IN THE SAME SPACES 
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5° F. or 
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5° F. or 
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No DANGeR OF Cross TAINT 


10° F or lower 
10° F or lower 
10° F. or 


Pineapple chips 
Fruits & Juices 


Fish (smoked) 
Horsemeat 
Pork 


Mutton 
Rock Lobster 


Beef 

Butter 

Fish (white) 
Vegetables 


N=Decipep DANGER OF Cross TAINT 


SLIGHT DANGER OF Cross TAINT 


Sr= 


Y= 
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APPENDIX IL 


SUGGESTED TAINT TEST BY TASTE METHOD 


Two domestic refrigerators of not less than 0°06 m.* (2 ft.*) 
capacity and a temperature range 0°-10°C (32°-50°F) should 
be washed out with odourless detergent, rinsed and dried. 
Following which 0°25 kg. (4 Ib.) of fresh unsalted butter 
should be unwrapped and divided into four equal slices using 
suitable tongs for handling. Two of the butter slices should 
be separately stood on edge on aluminium foil and placed on 
the floor of the test refrigerator in opposite corners. The 
remaining two butter slices are to be wrapped in two thick- 
nesses of aluminium foil, identified and retained as control 
samples being placed in the other refrigerator at a tempera- 
ture of 0°C (32°F). 

Two suitably sized sample specimens of the material to be 
tested should be prepared, i.e. for insulating material two 
pieces 200 mm. x 200 mm. x 50 mm. (8 in. x 8 in. x 2 in.) or 
similarly for paints or mastics should be coated on two metal 
plates 200 x 200 mm. (8 in. x 8 in.) surface area care, how- 
ever, being taken to provide appropriate curing period related 
to the constructional time for the chamber or container. 

These test samples should then be placed on the floor of the 
test refrigerator in the two remaining corners and the doors 
closed for 24 hours while maintaining a temperature of O°C. 

On removal from the refrigerator the butter samples are 
wrapped in aluminium foil and taken together with the con- 
trol samples to a clean odourless room where both butter 
test samples are mixed together to provide taste specimen “A”. 
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The control samples are mixed together to provide taste 
specimen “B”. If these taste specimens do not indicate obvi- 
ous taint they should be submitted to a tasting panel of at 
least six people in a triple series comprised in a AAB or BBA 
or similar two to one ratio until 12 taste tests have been 
conducted with no persons having more than two tests. 

If the number of correct identifications plus one-third the 
number of tests where no identification was noted exceeds 
eight out of twelve then taint is present, if the identification 
score recorded is between six and eight then the specimen 
should be retested and if the identification score is below six 
the specimen is considered free from taint. 

All prototype insulated and refrigerated containers require 
to be free from taint and in these circumstances the test is 
modified as follows :— 


1. The container is to be ventilated for 48 hours before the 


test. 

2. The two test samples are placed on the centre line at 1,200 
mm. (48 in.) from each end. 

3. The control samples are placed in a domestic refrigerator 
as above. 

4. The test may be conducted at any temperature between 


0°C (32°F) and ambient. 
5. The duration of test is to be 72 hours. 
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* Only valid when wet vapour leaving the cooler,i,e if the phial of the 
thermostatic expansion valve is fitted to the heat exchanger 


Nonogram to Determine Air Cooler “K” Values. 
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APPENDIX IV 


High suction pressure 
Low suction pressure 


Low head pressure 


[x High head pressure 
No head pressure 


] 


No suction pressure 
Bubbles in a sight glass 


TROUBLE 


T 


Suction line frosting back ¥ 
Unable to pump down system 
Unable to pull vacuum in compressor 


Unable to hold vacuum in compressor 


Unit not refrigerating 
Unit not defrosting 


| Noisy compressor 


Overcharge of retrigerant 


| [x] x Shortage of refrigerant 


|x| No refrigerant 


High temperature water or airflow through condenser 


Restricted water or airflow through condenser 


Low temperature water or airflow through condenser _ 


x |x Air in system 


Condenser fan blades bent or broken 


Air through evaporator restricted 


Evaporator needs defrosting 


Compressor discharge valves leaking 


Compressor suction valves leaking 


Too much compressor oil in system 


Faulty oil pump in compressor 


Loose compressor pulley 


Compressor bearing loose or burned out 


Broken valve plate in compressor 


Expansion valve power element lost its charge 


Expansion valve feeler bulb improperly mounted 


X Expansion valve feeler bulb making poor contact 


Expansion valve open to much 


x Expansion valve closed too much 


Expansion valve needle eroded or leaking 


Xx Expansion valve partially closed by ice, dirt or wax: 


x Liquid refrigerant entering compressor 


Restricted line on the low side 


Restricted line on the high side 


x Restricted dehydrator 


eles 


X| Evaporator shutter open 


x Evaporator shutter stuck closed 


| 


Discharge service valve back-seated 


Suction service valve back-seated 


x Defrosted solenoid stuck open 


|X| Defrosted solenoid stuck closed 


yx | Loose or broken electrical connections 


x Thermostat, thermometer , or gauge out of calibration 


X|xX Leaky receiver tank outlet valve 


Refrigerant Circuit Fault Location Chart. 
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APPENDIX V 


SUMMARY OF ASTM D1692 
TESTING FLAMMABILITY OF FOAMED 
INSULATION MATERIAL 


The test is carried out in draught-free conditions with the 
insulating material to be tested being presented in ten speci- 
mens 6 in. long x 2 in. wide x 4 in. thick (or at the material 
thickness if below 4 in.) marked with lines across its width 
1 in. and 5 in. from one end. The specimen is then placed on 
a + in. wire mesh frame (wire diameter 1/32 in.) 3 in. wide 
and 8} in. long the last } in. being bent at 90° one end of the 
specimen touching the bent-up end. A 1% in. wide wing top 
bunsen burner producing a visible blue flame 14 in. high is 
now placed with the flame under and in line with the bent-up 
(wire mesh) end. The bunsen burner being allowed to remain 
in this position for one minute or until the flame front reaches 
the first reference mark, at which time the bunsen burner 
should be removed. 

If there is no evidence of flame or progressive glow after 
removal of the bunsen burner the specimen is considered to 
be non-burning. 

If the specimen continues to burn but extinguishes itself 
before reaching the 5 in. reference mark it is considered to be 
self extinguishing. 

If the specimen continues burning past the 5 in. reference 
mark the specimen is considered to be subject to “burning by 
this test” the rate of burning equal to 240/t inches per min. 
where “t” is the time taken in seconds for the flame to spread 
from the 1 in. to the 5 in. reference mark. 

The material is considered non-burning if all specimens 
comply with the test requirements a complete retest being 
allowed if only one test specimen fails. Similarly, with “self 
extinguishing” materials all specimens in the initial or retest 
series must comply. 
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| Welded studs 


Joint arrangement similar to figure 5 


| 


1' Deck 
: ee — see ae 25 
Air circulation 7 Side grounds ill 
provided in Diagonal wood ground of 
hatch trunk = 70 x 50 every 1000mm 
pt 
Modern ribband 
arrangement | 
2' Deck (Intermediate) eliminates step gaa 


See figure4 


Cargobattens 2'x2' spaced 400 —+4a_,, Wood block 


24mm Plywood ry 
\ 
3' Deck (Divisional) sep atk \ ba 
: | ~ 
plete ——— 
See figure] 
ss 
Divisional steelwork 
to be airtight & 
watertight at ships side 
(See N 401) ae UN 
4' Deck (Intermediate) } 
gl = ae 
fat } Fibreglass insulation 40kg/m? 
2} 
} fixed by means of welded hooks 


NOTE Modern arrangement ] f Bulkhead 


of shipside to provide a vertical—_ 
surface 


Tanktop 
See figure 2 


Similar to figure 3 


Typical Cross-Section of Insulation Arrangements. 


Galvanised bolts 
Fic. 1 


Attachment of Grounds to Associated Steelwork. 
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Hard asphalt slab 
reinforced with Deckstal 


Asphalt lining 
in way of 
Asphalt fillet bulkheads | Transverse wood grounds 
at corner | Plywood lining of 200 x 105 fitted every 450mm Layer of plastic 
24mm thickness paper to form 


vapour borrier 


Main deck 


Fibreglass in way of insulation 500 


Lugs welded 
every 500mm 


Fic. 2 


Deck or Tank Top Insulation Arrangement. 


Plywood lining with joints 
Diagonal wood ground sealed by polyester and 


2 70 x 50 every 1 000mm fib lied ‘in situ’ 
Fibreglass insulation (and between grounds) " rere wae 


Air space 
Oil tank 
: ; bulkhead Plywood lining 
Air space may be Vertical wood grounds Steel lugs welded 
dispensed with, see coincide with stiffener every 1 000mm 


para E346(1971) 


Fic. 3 


Insulation Arrangement in way of Vertical Air Spaces. 
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Insulating material 


Steel lugs 
Deck over 2mm sheet Wood door welded 
aluminium sUrround every 500mm 
/ 


Exterior with | 


y polyester | 
Su: | 


Exterior with polyester Two rubber seals Steel bulkhead 
required for doors 
in exposed positions 


Fic. 5 


Insulation and Seal Arrangement for Doors (Hatches Similar). 


Fic. 4 
Arrangement at Junction of Deckhead and Ship Side. 


Galvanised bolt 
4 


Grounds 


Galvanised bolts Aluminium lining 


Fic. 6 


Insulation Arrangement in way of Deep Frames or Girders. 
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APPENDIX VII 


TWO WATTMETER METHOD OF POWER 
MEASUREMENT 3-PHASE SYSTEMS 


This method provides accurate power measurement even 
when the power in the different phases is unbalanced and for 
the power of systems operating with a power factor cos @ 
above 0:5 the total power=W,+W.,. As the power factor 
approaches 0:5 (at light load) the reading of one wattmeter 
diminishes until an off the scale minus reading is obtained, 
and when this occurs the connections of the voltage winding 
should be reversed (B to D and C to E) to provide a scale 
reading which is then subtracted to determine total power 
recorded. 

It is important to ensure that the wattmeters used are suit- 
able for the voltage, current and frequency ranges to be 
measured. To increase the voltage range a line resistance is 
sometimes used and the power measurement should be multi- 
plied by the ratio. 

New voltage range (instrument + resistance) 
Instrument voltage range 

Similarly. if the current in the circuit is beyond the capacity 
of the wattmeter a shunt is fitted and the power measurement 
is multiplied by the appropriate factor. With systems that 
control fan speed by varying frequency the power measure- 
ment should be taken from the supply mains at the inlet to 
the frequency converter the power readings obtained being 
corrected by the converter power conversion factor as given 
on the nameplate or test certificate. 

The power readings can be taken at any time either before 
or after the balance period and will be correct provided the 
voltage and frequency of the system is maintained constant 
(these values should be monitored during the test). Further, 
since the power measurements represent a total input with 
refrigerated installations there is no objection to fan or brine 
pump power inputs being recorded collectively from the vari- 
Ous section boards. 
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| Phase 2 


| Supply 


Phase] 


_—Current shunt fitted here 


Wattmeter] 
see 

Voltage line 

resistance fitted here 


Voltage winding 


Wattmeter 2 
Phase 3 


Current winding 


Note : Wattmeter may be provided with a protective shorting or 


isolating switch at tapping points 
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Discussion on Mr. P. K. Coles’ Paper 


CLASSED REFRIGERATED INSTALLATIONS 


Mr. N. CHAMBERS 


I congratulate Mr. Coles on his paper “Classed Refrigerated 
Installations”. It gives me pleasure to open the discussion on 
what I am sure will prove a very useful reference paper for 
many years to come. 

In the past I have complained that the Refrigeration 
Department did not give Surveyors in the field sufficient 
printed instructions and guidance. This paper together with 
the Training Centre Course Notes should remedy the situa- 
tion. 

The time gap of over 34 years between Mr. Gemmell’s 
paper and Mr. Coles’ is sufficient evidence that this paper is 
long overdue, particularly in view of the considerable develop- 
ments in the refrigeration field, i.e. lower temperatures, refri- 
gerated containers and the transport of liquid gas. 

I must be one of the few who can even remember Mr. 
Gemmell. In his day he was in effect a one man band dealing 
with refrigeration plans, rule amendments, carrying out sur- 
veys on cold stores, and even occasionally, on board ships. In 
those days RMC surveys were held every six months. 

Continuing to reminisce, when I read that ammonia is still 
used as a refrigerant. I recalled one ship I sailed on that had 
an ammonia compressor in the engine room. The state of the 
piston rod gland could be judged by the smell when entering 
the engine room. 

Mr. Coles in his reference to classed refrigerating installa- 
tions on ships classed by other Societies, states that the design 
approval and routine survey of the generating plant is the 
responsibility of the authority classing the ship. While in 
general this is true, it should be pointed out that we should 
satisfy ourselves that the generating plant adequately provides 
essential electrical sea-load including the cargo refrigerating 
standby machinery as required by our Rules. 

Referring to C6 where installations require a circulating 
fan to be replaceable I would strongly advocate a trial fitting 
of the spare unit particularly if there is any doubt regarding 
access arrangements (and there often is). 

DS5.2 mentions air and sounding pipes and this reminds me 
that such pipes when connected to tanks in which water may 
be carried should never be led in insulation between two 
refrigerated spaces. ““No matter how well the pipes are insu- 
lated they will assume a temperature approximate to that in 
the adjacent spaces”. 

Referring to Section E it is my experience that it is most 
important that the Surveyor has a good understanding and 
agreement with the representatives of the shipyard, the owners 
and the makers of the refrigerating machinery, as to how the 
test is to be conducted. It should be especially clear that no 
changes or adjustments are to be made without the knowledge 
and agreement of all parties. 

Mr. Coles in (E2.6) says that in checking ambient tempera- 
tures, thermometers should be shaded from the sun, but where 
the deck and shell plating is not shaded from the sun I have 
some doubt on this point. Have any tests been carried out to 
prove the need to shade thermometers placed near steelwork 
exposed to the sun? 

As indicated in the paper the best time to carry out a 


balance test is “overnight” when there is little or no sun. Also 
there are fewer workmen on the ship and less chance of 
having thermometers stolen. 

Thank you Mr. Coles for the time and effort you have 
obviously put in producing this excellent paper. 


Mr. J. J. WILSON 


This paper contains a vast amount of information which 
will be most helpful to Surveyors required to carry out 
surveys on Refrigerated Installations. Having read this paper 
a Surveyor will also have a better understanding of the pro- 
blems associated with the successful carriage of refrigerated 
cargoes. 

So much information could not have been presented in such 
an interesting and concise manner without a great deal of 
time and thought being expended by the Author during its 
preparation and I would like to congratulate Mr. Coles for 
the excellent result of his efforts. 

The demand for frozen produce world-wide continues to 
grow. It increased by over 7 per cent in Europe between 1969 
and 1972. More countries are beginning to appreciate the 
advantages, in fact, the necessity, of refrigeration. The num- 
ber of domestic deep freezers sold last year in the United 
Kingdom was 60 per cent in excess of the number sold in 
1970. This trend is common to most western European coun- 
tries. 

The refrigeration of foodstuffs by various methods, trans- 
porting and storing, is certainly a growth industry and fortu- 
nately the Society has been increasingly involved with the 
classification of refrigerated installations both afloat and 
ashore, as illustrated so clearly in the first slide shown by 
Mr. Coles. 

The methods used for transporting refrigerated cargoes is 
also changing and this is particularly evident in the number 
of container ships equipped to carry refrigerated containers 
that have been classed to date. 

The Society have also certified about 14 000 insulated con- 
tainers, manufactured in several countries under the Freight 
Container Certification Scheme, and large numbers of “‘built- 
in” and “clip-on” refrigerating units for thermal containers 
have been constructed under similar arrangements. 

Refrigeration engineering is a specialized subject and refri- 
gerated cargo installations are becoming more complex. Sur- 
veyors with little or no experience with classed refrigerated 
installations may be appointed to ports where RMC surveys 
form a large part of the work load of the port. 

Further, the changing pattern of world trade and methods 
of transporting frozen and chilled foods, may have the effect 
of altering the pattern of surveying duties in the outports so 
that an increasing number of Surveyors will be required to 
carry out surveys on refrigerating plant in the future. 

In view of the above and the fact that the value of a refri- 
gerated cargo may exceed that of the ship, the presentation of 
this paper is most timely and I’m sure many Surveyors will be 
pleased to have so much valuable information available to 
them in one document. 


Mr. B. W. OXFORD 


I wish to thank Mr. Coles for this paper but my thanks at 
this time cannot compare with the thanks I would have given 
him several years ago when I was engaged in refrigerated 
installation work. They would then have been most grateful 
thanks for all the detailed information this paper contains 
and for the excellent way in which it has been written. 

In his introduction Mr. Coles indicates that it would be 
difficult to be an expert in all aspects of refrigeration and, as 
I do not presume to be one, it is not my intention tonight to 
comment directly on the paper but rather to tell you of some 
of the experiences I had when engaged on this kind of work. 

The trouble is that these experiences are all bad ones, but 
each has a moral so I quote them in the hope that other Sur- 
veyors may avoid similar pitfalls. 

By way of partial explanation of what follows I would like 
you to imagine that these experiences, on two ships, took 
place in a foreign outport where, at times, it seemed as though 
it rained 13 months in the year. This necessitated the erection, 
on many occasions, of tarpaulin covers over the hatchways, 
reducing the interior of the ship (especially two or three decks 
down), to a rather murky dungeon. This, together with piles 
of timber grounds, bales of glasswool mats and cork slabs, 
and especially of oil fired heating tubs for heating asphalt, 
must, I imagine, have resembled a scene from ‘‘Dante’s 
Inferno”. 

The first ship I would mention, one of a series of eight, 
was refrigerated in Nos. 4 and 5 holds only. It was unusual in 
that instead of the usual slab cork insulation and wood lining 
on the tank top, it had what might be called a “false tank 
top”. This arrangement was comprised of athwartship bulb 
plates 6 in. high welded to the tank top in line with the frames, 
in between which glasswool mats were packed and then the 
whole area covered with a steel deck + in. thick, slot welded 
to the bulb plates, with side closing plates. 

I expect everyone has heard of brittle fracture of steel 
under cold conditions, but possibly few have seen its effect. 
During the night, whilst cooling down, it was reported that a 
loud bang had been heard. On investigation the next morning 
it was found that the false tank top plate in No. 4 hold had 
split completely from the forward to the aft end, a distance 
of about 20 feet. 

During a second cooling down period, after repairs had 
been completed, the same thing happened, but to a lesser 
extent, in No. 5 hold. That, fortunately, was the last occur- 
rence of this rather alarming type of defect. 

Further to this however, this arrangement of tank top 
meant that in service one would have full bore heat bridges 
leading directly from the warmer double bottom tank straight 
into the cold cargo spaces, so it is perhaps not surprising that 
difficulties were experienced with balance tests on this type of 
ship. 

I would like to interpose a question here with regard to the 
operation of air circulating fans during balance tests. I have 
found that even though the Society recommends that the fans 
be operated at minimum speed during the balance test, owners 
seem to prefer the fans to be run at full speed no doubt 
thinking that this gives the worst condition, so my question is, 
if we have a satisfactory balance where the heat input is 
balanced by the compressor output does it matter if the fans 
are run at minimum speed or not? 

Moving on now to the second ship, which was fully refri- 
gerated having three holds forward and one aft, the trouble 
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here was flooding. This occurred in the week before the ship 
sailed on her maiden voyage after all refrigeration tests had 
been satisfactorily completed. 

The first report was that there was flooding on the tank 
top at the aft end of No. 2 hold. To cut a long story short 
it was eventually discovered that at some time during the 
installation of insulation one of the drain pipes leading into 
No. 1 hold starboard bilge well had been relocated and in 
welding the pipe through the tank top in its new position the 
weld had not been completed at a rather inaccessible point at 
the back. When the bilge well was filled for some unknown 
reason, at that time, the water came out and eventually ran 
back to the aft bulkhead of No. 1 hold. There, unbeknown to 
anyone, a small hole had been burned through the bulkhead, 
evidently to drain away an accumulation of rain water at an 
earlier date, and the bilge water eventually found its way 
back to No. 2 hold aft bulkhead where the flooding first 
became apparent. Fortunately, the damage was not too serious 
and the affected insulation was soon renewed or dried out. 

Then, a day before the ship was due to sail yet another 
report of flooding was received, this time on No. 3 hold tank 
top. This was rather more serious and after ascertaining that 
nothing similar had occurred as in Nos. | and 2 holds, it was 
obvious that, short of a hole in the bottom of the ship, the 
only source of entry on to the tank top had to be from any 
one of the four corner bilge wells via the tank top lining 
drains. 

To cut any even longer story shorter, what had happened 
was that in preparation for the voyage, shore men had been 
filling the double bottom tanks by means of a hose pipe via 
the sounding pipes from deck and in coming to No. 3 double 
bottom tank, one of them had mistakenly shoved the hose 
down the sounding pipe to the port forward bilge and, obvi- 
ously thinking that it would be several hours before the 
double bottom tank filled up, had walked off. 

If we accept the fact that as well as a liquid seal a non- 
return valve is also required in tank top drain pipes, this 
would mean that the well should soon have been pressed up 
and the water overflowing on deck. Since this wasn’t the case 
something was wrong with the non-return valve. However, on 
pumping out the bilge well and opening the non-return valve 
everything at first seemed alright and as this valve was situ- 
ated close under the tank top it wasn’t until we sighted down 
the “U” bend of the seal with reflected light from a mirror 
that we found the culprit—a single pop-rivet. This must have 
been jammed under the valve lid, holding it open, and then 
had been washed away. Naturally all the other drains on the 
ship were checked and found in order. 

The damage to the tank top, although bad enough, had 
been been somewhat arneliorated by the fact that the con- 
struction of tank top insulation is such that it is almost 
waterproof and after renewing the after sections, port to 
starboard, and blowing a lot of hot air around, the ship 
sailed with various still damp sections opened up and these 
were further dried out en route to its first port of call by 
cooling down the chamber to extract further moisture. A 
report was later received to say that all had been found satis- 
factory and the insulation closed up. 

Finally, for those Surveyors who wish to live to a ripe old 
age I would, as a warning, relate this story which occurred 
on this same ship. 

During the technical trial trip a few days before the flood- 
ing incidents occurred I thought I would have, as I then 


thought, a final look around the cargo spaces. For a start, I 
tried to enter the aft hold via the accommodation access into 
the uppermost battery space, but this door was locked. Not 
to be deterred, I then went out on to the after deck and 
clambered down through the aft access hatchway into the 
upper hold space and walked forward across the hold to gain 
access to the lower holds through the battery spaces. As I 
neared the aft access hatchway again I saw that the insulated 
plug was in space. Well, I leapt up that ladder like a scalded 
cat, thumped the light insulation plug with all my might; the 
plug shot up, I hurt my hand and the supplier’s refrigeration 
engineer nearly had a heart attack both from the shock of 
seeing the plug shoot up in his face and no doubt from the 
realisation of what could have happened to me since he was 
just about to lower the steel hatch cover and lock it before 
carrying out one of his own cooling down tests. He was a nice 
chap and I don’t think there was anything personal in it. 

In conclusion, I must admit that I was not too sad to see 
that particular ship sail on her maiden voyage. 


Mr. D. GRAY 


This is the type of paper which I have always advocated as 
being not only useful but necessary for the well-being of the 
Technical Association, viz. a paper written on a specialist 
subject but presented in clear and simple language so that it 
is readily understandable to the non-specialist. | know nothing 
of refrigeration technology nor of the operational problems, 
yet I could read this paper with ease and could even understand 
the specialist wording. This is a great compliment to the 
Author. 

Reference has been made to ammonia plants and to the 
practice of keeping the ammonia machinery out of the engine 
room. All this is eminently sensible. Ashore, where there are 
many ammonia plants the explosion hazard is recognized. I 
believe that about 15 per cent of ammonia must be present 
before an explosive mixture is formed and, of course, with a 
watchkeeper present any leakage is readily noticed long before 
a 15 per cent level is reached. Consequently, in such shore 
plants the following safety arrangements are fairly common: 


(a) If a watchkeeper is normally present the machinery is 
shut down when leakage is detected. 

(b) If no watchkeepers are normally present, either the 
electrical equipment is of flameproof construction or an 
ammonia detector is fitted to give warning of leaks and/ 
or shut the electrical power off. 

Could the Author state what precautions are taken in 
marine ammonia plants. As they are outside the engine room 
it would seem more than likely that the room housing the 
ammonia plant would be unattended. 

The reference to “taint” occurring after burn-out of a 
motor in a hermetic compressor is interesting but raises the 
query, “How often do such burn-outs occur”. The motor in a 
hermetic compressor is working in a very clean atmosphere 
and, as most motor failures can generally be attributed to 
dirty conditions (i.e. oil mist, moisture, etc.) in a ship’s engine 
room, it would seem to me that a motor burn-out in a her- 
metic compressor should be very rare. 

The Author has made a fleeting reference to thermometers 
in “dip tubes”. Are such devices really fitted and used in 
1972? Reference has been made to the accuracy of tempera- 
ture measurement for the preservation of the product, e.g. 
plus or minus 0°15°C. By the time a man has pulled the 
thermometer up the tube, donned his spectacles in order to 


take the reading, perhaps having to pause to clear them in the 
process, | am more than a little sceptical as to whether the 
accuracy figures previously mentioned, are obtained. Alterna- 
tively, if cargo can be carried successfully using thermometers 
of this type, is the very strictest accuracy of temperature 
measurement really necessary? 

It is well known that automatic control of refrigerating 
machinery is common. Additionally, Polar Ecuador and five 
other ships have their refrigerating machinery controlled by 
an on-line computer. The purpose of such control equipment 
is to produce closer control of temperature than is possible to 
obtain with, say, a human watchkeeper. The computer with 
its faster reaction time will give even closer control. Yet such 
equipment involves a high capital investment. Is such strict 
control essential for the carriage of the produce? With my 
lack of knowledge of the problem, I would perhaps have 
assumed that the temperature could drift either above or 
below the desired value for some hours before any ill-effects 
would occur on the produce. If this were so, then an alarm 
for an off-limit temperature followed by rectifying action by 
the duty engineer called out by the alarm would appear to 
be adequate. Such a protective installation could be produced 
at minimal cost. 


Mr. P. T. CHILMAN 


Mr. Coles is to be congratulated on the production of a 
paper which, because of its logical step-by-step approach, is 
easy to follow and, at the same time, abundanty informative. 
I feel sure that this paper (Fig. 7 and the Appendices in 
particular) will for many years be a standard text for the 
Surveyor who is called upon to survey either a refrigerated 
cargo installation or a cold store. 

Section AS states that fruit in storage continues to ripen 
since it is in fact alive. Carbon dioxide is evolved as the fruit 
breathes and a respiratory heat load is generated. Air changes 
are necessary to keep down the carbon dioxide content to 
prevent the fruit from rotting. I would ask, is it not possible 
that gases other than carbon dioxide are produced as certain 
fruits ripen. I had heard that as bananas ripen, ethylene is 
evolved. If appreciable quantities of such inflammable gases 
are produced then electrical equipment in the chamber would 
have to be chosen accordingly. 

Table I gives an exhaustive but concise list of the most 
usual primary refrigerants. It is pointed out, however, that 
the formula for R22 is incorrectly shown. It should, of 
course, be CHCL F,. 

With regard to leak detection in refrigerated installations, I 
would make the point that the halide leak detection lamp 
should be used with care. The principle of operation of such 
a lamp is that air being tested for refrigerant content is passed 
over a heated copper element. The presence of chlorine 
changes the colour of the flame from blue to green or blue- 
green. Since hydrocarbon refrigerants produce toxic products 
on combustion (one of them is the war gas phosgene) the 
lamp should only be lit for the minimum time practicable. 

I would now like to take the opportunity to say a few words 
on the electrical design aspects of refrigerated installations. 
A great problem in the electrical installation of a refrigerated 
space, is the choice of insulating material for cables. General 
purpose P.V.C., at one time a very common insulating 
material, becomes brittle and cracks at 0°C. Other materials 
likewise become brittle at lower temperatures. Ethylene propy- 
lene rubber (E.P.R.) would now appear to be the most com- 


monly used marine cable insulating material. It has excellent 
low temperature characteristics and is generally accepted to as 
low as —70°C. Butyl rubber is acceptable to minimum tem- 
peratures in the region of —40°C. and cross linked poly- 
ethylene (X.L.P.E.) to —30°C. 

I feel sure that Mr. Coles will have no objection to my 
replying to Mr. Gray’s question regarding the burning-out of 
hermetic motor compressor units, this being a subject familiar 
to me. The breakdown of the motor insulation in hermetic or 
semi-hermetic compressors, which operate with fluorinated 
hydrocarbon refrigerants is in fact a very common electrical 
fault in such units. 

The three main causes of this breakdown are: — 


(1) Increase in discharge temperature due to the presence 
of non-condensable gases, causing the refrigerant and 
miscible oils to break down in the presence of moisture to 
form acids which attack the insulation. 


(2) The insulation being attacked by liquid refrigerants (to 
which they have little resistance). This is especially severe 
with freon 22. 


(3) Overheating of the motor. 


The first two causes which can be guarded against do show 
that their operating environment is not an ideal one. The 
last, however, overheating of the motor, requires further 
study. 

The most frequently used method of cooling a hermetic/ 
semi-hermetic compressor motor is by the removal of heat 
from the stator by passing the suction gas from the evaporator 
through the stator windings. This type of compressor, the 
most common to be found, is termed suction cooled. 

Since the refrigerant removes heat from the stator, the 
cooling effect will be varied both by the conditions of the 
refrigerant entering the compressor and by the refrigerant 
mass flow. 

Care should be taken to see that the suction pressure can- 
not fall below the compressor manufacturer’s lowest limit at 
which point the plant capacity decreases at a greater rate than 
the power required to produce it. 


Since overheating of the compressor motor due to refri- 
gerant flow and low suction pressure cannot be detected by 
the overload relays in the compressor motor starters, the 
motor temperature must be measured directly. 

Unfortunately, the most common device for doing this, a 
bi-metal element mounted on the compressor casing, is the 
least effective for sensing overheating due to low suction pres- 
sure. Bi-metal protectors fitted directly into the motor wind- 
ings are also used, but due to their large mass they have a 
high thermal inertia and consequently a very low response 
characteristic. 

However, the day is saved by the thermistor, a device whose 
electrical resistance suddenly increases or decreases (depending 
on the type) at a certain fixed temperature. The thermistors 
are placed in the stator windings at the time of manufacture 
and are connected to a bridge circuit and amplifier in the 
motor starter. When the resistance of the thermistor changes, 
the bridge is unbalanced and the amplifier error signal so 
produced is used to de-energize the motor starter or sound an 
alarm. 

Thermal overload relays are still, nevertheless, required 
since they will protect the motor against heavy overloads such 
as stalling or starting with a locked rotor. 

Finally, I would draw attention to two important para- 
graphs in Chapter M of the Rules relating to electrical 
installations in refrigerated spaces. 

Further to Mr. Coles’ comments on insulation, M 842 
requires that where cables pass through chamber walls or 
insulation they should be run in conduit sealed at both ends. 
This is to prevent the spreading of fire between adjacent 
chambers. 

M 429, which is detailed on Fig. 7 of the paper requires 
that evaporator fan motors fitted in the air stream should be 
suitably enclosed to withstand the effects of excessive moisture. 
One method of reducing this effect of moisture, frequently 
used on land installations, is the fitting of heater tapes around 
the motor casing. These heater tapes are energized whenever 
the motor is de-energized and should, of course, be suitable 
for use in such an environment. 

Again, I thank Mr. Coles for such a fine paper. 


AUTHOR’S REPLY 


To Mr. CHAMBERS 


The need for guidance in the survey of refrigerated installa- 
tions had long been recognised by the Refrigeration Depart- 
ment and I can only acknowledge and thank my colleagues in 
that department for the contributions and assistance they gave 
in the preparation of this paper and trust it will provide the 
information required. 

As Mr. Chambers so rightly points out, where classed installa- 
tions are installed on ships which are themselves classed by 
other Societies, we should ensure that the power is sufficient 
for both the essential machinery and cargo refrigerating 
machinery, together with the associated standby units. Further, 
it is hoped that the paper does not give the impression that 
only a superficial examination of the power source is required. 

The trial fitting of circulation fans through the access 
arrangements provided is sound practice where doubt exists 
as full details are not always clearly shown on the shipbuilder’s 
plans. When carrying out such tests, it should be remembered 
that the space provided should be large enough to accom- 


modate the largest separate component which is often the fan 
impeller. 

The fitting of air and sounding pipes within the insulation 
could become a critical point, especially with the current trend 
towards lower carrying temperatures and, in this connection 
the need to make and provide easily removable linings in way 
of such lines, should not be neglected. 

Mr. Chambers’ doubts, on the effect of shading thermo- 
meters, are shared. This requirement had, however, been 
included in previous notes on balance tests, although, so far 
as is known, no tests were carried out to confirm this point. 
As suggested, it is better if the balance test period is arranged 
so that the ambient temperatures required are recorded during 
the hours of darkness, and further, since the ambient tempera- 
ture variation is normally at a minimum this improves the 
accuracy of the test. 


To Mr. WILSON 


The potential growth in the sale and consumption of refri 
gerated produce, as presented by Mr. Wilson, demonstrates 


the possible developments which could occur, not only in 
shipping, but also, cold stores. This tendency may well 
accelerate as frozen foods become more common in develop- 
ing countries. Further, the development in cargo handling 
methods, especially concerning refrigerated and_ insulated 
containers should be noted and Surveyors are referred to the 
paper “The sea transport of refrigerated cargoes in containers” 
(Institute of Marine Engineers—Transactions Jan. 1972 by 
Hales, Stott and Wilson) which is in many ways complemen- 
tary to this paper. 


To Mr. OxrorD 


Mr. Oxford’s comments are particularly welcome and high- 
light the conditions and difficulties under which our colleagues 
in the outports have to operate. The experiences with a false 
tank top construction illustrate the effect of introducing heat 
bridges only too well and is no longer used in modern designs. 
Similarly, with the inadvertent flooding of insulated spaces, it 
is imperative to ensure that the surrounding structure is tight 
and the incident related shows that apart from the steelwork, 
all air pipes, sounding pipes and similar services buried in the 
insulation should be tested before commencing the insulating 
works. 

It is true that, some years ago, refrigerated ships did suffer 
a spate of fractured decks when initial cooling tests were 
carried out. In recent years there have been no reports of 
similar failures and one can only assume that this is due to a 
combination of the temperature limitation given by paragraph 
N 502 and the material requirements for low temperature 
Operation in paragraphs D 427 and D 428. 

(Note: Table D 4.3 missing from 1973 Rules.) 

With regard to the effects of using different fan speeds, no 
significant difference should be made to the heat balance test 
result, although a secondary effect would be a minor reduction 
in the cooler heat transfer coefficient with consequent reduc- 
tion in the compressor suction conditions with slow speed 
fan operation. It is, however, imperative that the fan power 
consumption is accurately determined and this requires the 
use of a wattmeter with modern a.c. systems. 


To Mr. GRAY 


Mr. Gray’s comments regarding the explosion hazards 
associated with ammonia installations are well justified. At 
present, the Society’s Rules concerning ammonia installations 
are concerned with pressure vessel design and separation of 
the main and refrigerating machinery spaces. These Rules 
have been in existence for many years and no doubt assume 
manned machinery spaces. With the present advance in tech- 
nology and unmanned spaces, the use of ammonia sensors 
and/or flameproof electrical equipment, in unattended areas 
containing ammonia refrigerant systems, should be considered 
and is, in fact, recommended by BS 4434 for land installations. 

Fortunately, the use of ammonia systems on board large 
ships is no longer popular and in the last five years, the only 
systems classed have been on trawler installations with manned 
machinery spaces. 

With regard to carrying temperatures, it is first necessary to 
consider the class of produce carried. With frozen produce, as 
shown in Fig. 1, the lower the carrying temperature, the better 
and in addition, precise control of carrying temperature is not 


critical, so long as the equivalent steady temperature is com- 
parable with the desired carrying temperature. 

Similarly, chocolates and confectionery, which are carried 
as a chilled cargo, are not sensitive to reasonable temperature 
differences. 

However, with fruit and vegetable cargoes, the position is 
much more complex. As the refrigeration process is used to 
slow the metabolism of ripening, to achieve the longest pos- 
sible storage period, the produce is carried at or near the 
lower critical temperature and should this value not be main- 
tained the produce will be damaged. Obviously, some varia- 
tion in temperature must occur and in the early stages, low 
temperature damages usually occur adjacent to cooling air 
inlets, whereas high temperature damage is found in the centre 
of the cargo and other areas where air circulation is restricted. 

As will be appreciated, the use of dip thermometers with 
frozen cargoes is quite acceptable and they are, in fact, still 
used especially to provide the secondary independent tempera- 
ture recorder required by the Rules. However, with fruit 
cargoes, the margin allowed between the carrying temperature 
and the lower critical temperature must take account of the 
sensor variation if the cargo is not to suffer damage and this 
means that the carrying temperature must be increased with a 
consequent reduction in storage life and hence, the use of 
electrical distant reading thermometers with their rapid 
response time, is justified. 

Both Mr. Gray and Mr. Chilman have commented on the 
electrical defects associated with hermetic compressors and 
their contributions are largely complementary. Certainly, 
motor burn-outs did occur with the earlier design of this type 
of compressor and were attributed to various causes such as 
over-heating, moisture within the system, breakdown of lubri- 
cating oil, refrigerant incompatibility, all of which contributed 
to cause the breakdown of the electrical insulation. Subsequent 
development work has reduced this type of failure. The 
Society’s experience in such matters is limited, as hermetic 
compressors were well developed before being introduced to 
classed installations. 


To Mr. CHILMAN 


Mr. Chilman’s comments, with respect to the electrical 
aspects of refrigerating installations, are particularly useful 
and illustrate the purpose of the Technical Association in 
providing an exchange of information on various details. He 
is quite correct in stating that ethylene gas is evolved when 
bananas ripen, but, so far as is known, no explosions have 
occurred in fruit carrying ships which could be attributed to 
this source and it should be noted that the minor amounts of 
gas produced are further diluted by the air refreshing arrange- 
ments and hence, the possibility of the gas concentration pro- 
ducing an explosive mixture is further reduced. 

The danger of producing toxic gases when using halide 
leak detecting lamps in a refrigerant polluted atmosphere is 
important. Where such conditions exist, the soap ‘‘bubble” or 
other safe method should be used until safe conditions are 
established. 

Further, the details regarding the choice of insulation 
materials for electrical cables at low temperatures is particu- 
larly useful, together with its emphasis on the treatment of 
electric cables buried in the thermal insulation. 
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